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Energy Savings in Hydraulic Hybrid Transmissions through
Digital Hydraulics Technology

Israa Azzam, Keith Pate, Jose Garcia-Bravo and Farid Breidi *

School of Engineering Technology, Purdue University, West Lafayette, IN 47906, USA; iazzam@purdue.edu (I.A.);
pate5@purdue.edu (K.P.); jmgarcia@purdue.edu (J.G.-B.)
* Correspondence: breidi@purdue.edu; Tel.: +1-(765)-496-5140

Abstract: Hydraulic hybrid drivetrains, which are fluid power technologies implemented in automo-
biles, present a popular alternative to conventional drivetrain architectures due to their high energy
savings, flexibility in power transmission, and ease of operation. Hydraulic hybrid drivetrains offer
multiple environmental benefits compared to other power transmission technologies. They provide
heavy-duty vehicles, e.g., commercial transportation, construction equipment, wagon handling,
drilling machines, and military trucks, with the potential to achieve better fuel economy and lower
carbon emissions. Despite the preponderance of hydraulic hybrid transmissions, state-of-the-art
hydraulic hybrid drivetrains have relatively low efficiencies, around 64% to 81%. This low efficiency
is due to the utilization of conventional variable displacement pumps and motors that experience
high power losses throughout the drive cycle and thus fail to maintain high operating efficiency at
lower volumetric displacements. This work proposes and validates a new methodology to improve
the overall efficiency of hydraulic hybrid drivetrains by replacing conventional pump/motor units
with their digital counterparts. Compared to conventional pump/motors, the digital pump/motor
can achieve higher overall efficiencies at a wide range of operating conditions. A proof-of-concept
digital pump/motor prototype was built and tested. The experimental data were integrated into
a multi-domain physics-based simulation model of a series hydraulic hybrid transmission. The
proposed methodology permits enhancing the overall efficiency of a series hydraulic hybrid transmis-
sion and thus allows for energy savings. Simulating the system at moderate load-speed conditions
allowed achieving a total efficiency of around 89%. Compared to the average efficiency of the series
hydraulic hybrid drivetrains, our simulation results reveal that the utilization of the state-of-the-art
digital pump enables improving the total efficiency of the series hydraulic hybrid drivetrain by up
to 25%.

Keywords: fluid power; hydraulic hybrid drivetrains; digital hydraulics; energy savings; efficiency

1. Introduction

Fluid power has a vast area of engineering technology, where it uses pressurized fluids
to generate, monitor and control, and transmit power [1]. Hydraulic oil is typically used
due to its low freezing point, high boiling point, relatively large bulk modulus, and self-
lubrication characteristics [2]. Fluid power has a well-defined research area and scholarly
activities, which serves widespread industries like agriculture, construction, transportation,
aerospace, marine, manufacturing, and many other industries that require high power
to weight ratios [3]. In addition to its capability of achieving high power densities, fluid
power is characterized by its flexibility in transmission, ease of operation, relatively low
cost, controllability, and manageability [4]. These advantages make fluid power technology
convenient for performing crucial operations that require high power density and reliability,
like heavy-duty applications, e.g., construction vehicles, material handling equipment, and
military operations [5].

The fluid power sector is a Workhorse of the United States economy [6]. According
to the National Fluid Power Association (NFPA), thousands of companies in the United
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States utilize hydraulic power systems. Such companies are renowned as the top industrial
U.S. firms, involving more than 845,000 employees for an annual payroll of more than
$60 billion [7]. The fluid power sector has multiple application areas. Four main application
areas comprise mobile hydraulics, industrial hydraulics, pneumatics, and aerospace [8].

Hydraulic hybrid technology, a subset of mobile hydraulics, is considered one of the
pioneer frameworks in automobiles. It is a desirable research topic widely examined by
scholars to improve the overall efficiency of power transmission between a prime mover
and the wheels. This technology allows for high fuel efficiency and offers energy savings
and multiple environmental benefits, becoming a popular alternative to conventional
drivetrain configurations [9]. Hydraulic hybrid drivetrains offer multiple benefits over the
conventional manual/automatic transmissions and the continuously variable transmissions
(CVTs). Unlike conventional drivetrains and CVTs, hydraulic hybrid drivetrains comprise
two power sources: the prime mover (an internal combustion engine or electric motor) and
a positive variable displacement pump/motor installed with a high-pressure storage device
(accumulator) [10]. The variable displacement pump allows achieving variable speeds
by regulating the flow rate, which prevents the gearshift discontinuities in conventional
drivetrains (manual/automatic) during speed regulation. CVTs do not experience excessive
gearshift discontinuities during speed regulation. However, CVTs have limited belts,
also known as chain strengths, which cause torsional moments, generating excessive
frictional forces and torsional moments [11]. Besides this advantage, utilizing a hydraulic
accumulator in hydraulic hybrid drivetrains allows for better power management [12]. The
accumulator enables storing and discharging energy and thus achieving higher overall
efficiencies and energy savings while attaining lower carbon emissions and better fuel
economy [13].

In addition to its preponderance over manual/automatic drivetrains and CVTs, the hy-
draulic hybrid drivetrains have many advantages over electric hybrid transmission [14,15].
Although electric hybrid systems also utilize a transmission source and an energy stor-
age source (batteries), the batteries in electric systems can only charge and discharge
around 20% of energy available during braking [16]. However, the accumulators employed
in the hydraulic hybrid transmissions can store and deliver up to 80% of the braking
energy [17], depending on the duty cycle. This operation is desirable during vehicle accel-
eration/deceleration to improve fuel economy and reduce emissions [18,19]. It permits
transmitting a large amount of energy rapidly, thus attaining higher power densities and
power to weight ratios [20].

These advantages make the hydraulic hybrid technology more convenient for heavy-
duty operations [21], like heavy equipment manufacturing, road appliances, heavy load
material handling equipment, and many other types of equipment that require high power
densities and energy capture. For instance, commercial vehicles, such as heavy load vehicles
undergoing high dynamic-drive-cycle operations, have started to rely on this transmission
technology. They carry bulky loads while experiencing continual stops, requiring more
braking and high energy capture [15]. Besides heavy-duty vehicles, some utility vehicles
designed to carry light weights also rely on hydraulic hybrid technology. For example, a
sport utility vehicle was developed in a research laboratory to demonstrate the concept of a
hydraulic hybrid transmission in a passenger vehicle. The vehicle was designed to operate
the system in four different modes: hydrostatic driving mode, hybrid driving mode, a
combination of hydrostatic and hybrid driving modes, and braking mode [22].

This paper is organized as follows: Section 2 exhibits a review of the currently existing
hydraulic hybrid transmissions. It introduces the different available hydraulic hybrid
drivetrain configurations: series, parallel, and series-parallel, and it discusses the overall
operation of each. Section 3 presents a series of notable applications on hydraulic hybrid
drivetrains. Section 4 formulates the problem statement of this work, elucidating the
inadequacies of the currently existing hydraulic hybrid drivetrains. Moreover, it highlights
and introduces the adopted methodology to overcome such inadequacies. Section 5 gives
an overview of digital hydraulics technology in fluid power and presents the design of
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the state-of-the-art digital pump, its basic operation, digital motoring/pumping data, and
the capability to achieve high efficiencies at different pump displacements. Section 6
demonstrates the hydraulic hybrid transmission efficiency improvement after integrating
digital hydraulics by simulating a physical series hydraulic hybrid architecture using the
intended digital motoring/pumping data. It presents the adopted circuit schematic, the
comprehensive simulation model, and the resulting outcomes. Section 7 concludes with a
brief discussion of the main ideas learned from the work.

2. Existing Hydraulic Hybrid Transmission Configurations

Three main architectures of hydraulic hybrid transmission drivetrains are currently
available: the parallel configuration, series configuration, and the series-parallel configura-
tion. These hydraulic hybrid transmission configurations employ a variable displacement
pump/motor, a high-pressure reservoir for energy storage (typically a nitrogen accumula-
tor), and a low-pressure reservoir (fluid tank) [23]. The variable displacement pump/motor
acts as a motor when converting the hydraulic energy into mechanical energy to drive the
vehicle. It acts as a pump when converting the mechanical energy into hydraulic energy
stored in the accumulator to be delivered when needed.

The following sections exhibit a brief review of existing relevant hydraulic hybrid
drivetrains (parallel, series, and series-parallel) and discuss their overall operation.

2.1. Parallel Hydraulic Hybrid Configuration

A parallel hydraulic hybrid has a simple architecture, design, and implementation
compared to other configurations [24]. It involves two sub-systems: a conventional me-
chanical transmission directly connected to the output shaft via a differential gearbox and
a hydraulic transmission [25]. The sub-systems are coupled in parallel using a mechanical
power transmitter like a gearbox, a chain, or a belt. Figure 1 shows a parallel hydraulic
hybrid configuration utilizing a belt mechanical power transmitter. As shown in Figure 1,
the drivetrain consists of mechanical transmission (7), a clutch (2), and the prime mover
(1), typically an internal combustion engine. The mechanical transmission (7) is directly
connected to the engine (1) via the clutch component (2) and to the differential gearbox (8)
on the drive shaft (9) to provide the needed power to each wheel. The hydraulic drivetrain
comprises a variable displacement pump/motor (4), an accumulator (5), a fluid tank (6),
and other hydraulic components, e.g., valves and fittings. The hydraulic pump/motor
(4) is connected in parallel to the mechanical transmission (7) via the belt linkage (3). The
clutch (2) allows engaging and disengaging the engine shaft from the rest of the system
based on the accumulator’s stored energy, thus controlling the engine on/off signal [26].
For instance, decoupling the engine from the system occurs when enough energy is in the
accumulator to boost the wheels during acceleration. However, engaging the engine shaft
to the transmission shaft is required to drive the wheels at low accumulator storage levels.

After introducing the basic concept beyond the parallel hybrid configuration, now,
we briefly discuss its overall operation. The transmission duty cycle constitutes three
main stages: acceleration, cruising, and braking. During acceleration, the accumulator
acts as a hydraulic launch assist. It discharges its pressurized fluid to drive the hydraulic
pump/motor (4) (operating as an energy source) and thus transforms the high-pressure
energy into mechanical energy at the motor’s shaft. The mechanical belt (3) transmits
the generated mechanical power to the drive shaft (9), thus boosting the motion at the
wheels. At the start of the cruising phase, the accumulator’s pressure decreases below
its pre-charged pressure, forcing the clutch to engage the engine shaft with the rest of
the system to power the drive shaft (9) and drive the wheels. During the last stage,
i.e., braking, the clutch (2) disengages the engine shaft from the drive shaft (9), the vehicle
slows down. The rotary motion at the wheels is transmitted via the belt (3) to drive the
hydraulic pump/motor (4) that will start acting as a pump to charge the accumulator. This
cycle repeats every braking operation.

3
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Figure 1. Schematic for the parallel hydraulic hybrid configuration.

2.2. Series Hydraulic Hybrid Configuration

Unlike the parallel hydraulic hybrid configuration, the series hydraulic hybrid con-
figuration does not utilize a mechanical transmission. Instead, it employs a variable
displacement pump directly connected to the prime mover via a clutch [27]. As shown
in Figure 2, in the series configuration, the mechanical transmission is replaced with a
hydraulic variable displacement pump (3) connected in series to the hydraulic drivetrain
consisting of a variable displacement pump/motor (6), accumulator (5), fluid tank (4), and
other hydraulic components.

Figure 2. Schematic for the series hydraulic hybrid configuration.

Similar to the parallel architecture, the operation comprises three main phases: accel-
eration, cruising, and braking. During the acceleration phase, the clutch (2) disengages
the engine shaft from the pump shaft, and the pressurized hydraulic fluid stored in the
accumulator (5) is delivered into the hydraulic pump/motor (6), allowing it to act as a
motor. This operation converts the hydraulic energy in the accumulator into mechanical
energy at the output shaft (8). After acceleration, cruising starts, and the fluid inside the
accumulator drops to its minimum level. Its pressure decreases below the nitrogen’s pre-
charge pressure, forcing the engine (1) to operate and the clutch (2) to engage. Accordingly,
the engine’s energy is transmitted to the hydraulic pump (3), allowing the pump to deliver
the fluid from the low-pressure reservoir (4) to the hydraulic pump/motor (6) to drive the
wheels. The excess high-pressure fluid produced by the hydraulic pump is stored in the
accumulator to be delivered when needed. During braking, the engine shuts down, the
clutch disengages, and the hydraulic pump/motor (6) starts acting as a pump to push the
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fluid from the low-pressure reservoir into the accumulator. Thus, the kinetic energy from
the wheels is converted into hydraulic energy stored in the accumulator. This stored energy
will be used to accelerate the vehicle when needed.

2.3. Series-Parallel Hydraulic Hybrid Configuration

The series-parallel hydraulic hybrid system, also known as power-split, comprises
the series and the parallel hydraulic hybrid layouts [28]. It integrates the two hydraulic
hybrid configurations in one design [29]. Like the parallel configuration, the power-split
architecture, presented in Figure 3, utilizes two sub-systems coupled via a mechanical
transmitter, for example, a belt (3): a conventional mechanical drivetrain and a hydraulic
drivetrain. The mechanical drivetrain employs a mechanical transmission (8) directly
connected to the output shaft (10) via a differential gearbox (9) and the engine (1) via
a mechanical clutch (2). The hydraulic drivetrain comprises two variable displacement
pump/motors (4 & 5), accumulator (6), low-pressure reservoir (7), and other hydraulic
components. Similar to the series architecture, the hydraulic transmission is directly
connected to the output shaft (10).

Figure 3. Schematic for the series-parallel hydraulic hybrid configuration.

This configuration enables operating the system in two different modes: pure hy-
draulic mode and hybrid mode. The pure hydraulic mode offers a simultaneous operation
of the variable displacement pump/motors (4 & 5). However, the hybrid mode allows a
seamless operation of the mechanical transmission (8) and the hydraulic drivetrain [30]. The
seamless integration between the mechanical drivetrain and the hydraulic system allows
transmitting the power from the engine to the wheels while maintaining optimal engine
operation. This mechanism permits achieving high mechanical transmission performance
in addition to the high-efficiency energy storage and regeneration, and thus operating
the system at higher overall efficiency and lower fuel consumption. However, the design
comes at the expense of increased system complexity, weight, and cost.

3. Summary of Notable Mobile Applications Using Hydraulic Hybrid Drivetrains

This section briefly reviews notable applications and proposed models for hydraulic
hybrid drivetrains.

A comprehensive work presented by Stecki et al. [31] presented a review of the most
notable computer simulation models of hydraulic hybrids available in the literature before
2005 and summarized the resulting simulation outcomes. The comprehensive report ad-
dresses the design, implementation, and simulation of more than eight prototype vehicles
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using CVT transmissions combined with hydrostatic regeneration. Most of the vehicles
studied were on-road vehicles. The authors mentioned ADVISOR (National Renewable
Energy Laboratory, Golden, CO, USA), the Advanced Vehicle Simulator developed by the
National Renewable Energy Laboratory based in the US Department of Energy’s (DOE’s),
as a simulation tool for developing hybrid drivetrain models. One of the vehicles discussed
focused on a tactical vehicle, developed in MATLAB/Simulink which is created by Math-
Works (an American privately held corporation based in California) and implemented
in ADVISOR [32]. In this work, a Permo-Drive regenerative energy management system
for an army tactical vehicle was modeled and simulated on MATLAB/Simulink. The
model was then incorporated into the vehicle simulator (ADVISOR), a simulation tool
for developing hybrid drivetrain models. The authors concluded their review by stating
that extra fuel trails are required for examining the accuracy of the adopted fuel map and
thus providing further validation of the model. Thy concluded that the accumulators
might present a safety issue and recommended that their implementation require further
accumulator technologies.

Besides the work of Stecki et al., the work of Stelson et al. [10] presents a simula-
tion study of various hydraulic hybrid drivetrains comparing the three hydraulic hybrid
configurations (series, parallel, and power-split). The prime mover is emulated as a com-
bustion engine throughout their simulation studies. A dynamic programming approach
is adopted, in which the fuel consumption was used as the optimization variable. The
developed models reveal that the three configurations of the presented on-road vehicles
(series, parallel, and power-split) improve fuel consumption for the two cycles: urban
drive cycle and highway drive cycle. For the urban drive cycle, the three hydraulic hybrid
configurations (series, parallel, and power-split) show an improvement of 14.7%, 53.2%,
and 10.0%, respectively.

Regarding the highway drive cycle, the series, parallel, and power-split architectures
were enhanced by 8.9%, 11.9%, and 8.5%, respectively. Furthermore, throughout the
simulation, the employed pump/motors were oversized. This forced the units to operate
at partial displacements and thus led to a low overall hydraulic efficiency.

In 2004, Wu et al. [33] utilized the dynamic programming optimization methodology
to optimize the accumulator’s charging/discharging process for a Class VI parallel hy-
draulic hybrid delivery truck. The researchers used a 99.9 L accumulator operating at a
maximum pressure of 36 MPa throughout this work. The proposed control algorithm in-
volves two optimization parameters: the fuel consumption variable as the primary control
parameter and the state of charge of the accumulator (SOC) as the secondary optimization
parameter. The researchers estimated the fuel economy between 28% and 47%, depend-
ing on the efficiency of the hydraulic components. In 2009, Van Batavia [34] proposed a
new control approach to monitor and regulate the hydraulic launch assist operation. The
adopted strategy relies on operating the engine at its peak Torque-RPM performance. An
approximate range of operation comprised between 1000 RPM to 5500 RPM and 125 N.m to
200 N.m for a Diesel engine rated for 110 kW capacity. The work claims that the proposed
control strategy improved the fuel economy by 50% and reduced emissions by 40%. The
proposed configuration used a variable displacement bent axis pump and a separate vari-
able displacement bent axis motor. The bent axis units are known to have high efficiencies
at 100% displacements of up to 98% [35], yet this efficiency is only achievable at high
displacements and is substantially lower at low displacements.

Buchwald et al. [36] introduced a Hydraulic—Internal combustion hybrid concept
and four topologies for a passenger bus in Denmark. Besides the latter work, in 2008,
Eaton Hydraulics [37] presented its hydraulic launch assist system for parallel drivetrain
configurations. The objective was to improve power savings by supplementing engine
power while launching the vehicle from a stopped position. The system was conceived
for vehicles operating with heavy stop-and-go cycles, like refuse trucks, delivery vehicles,
and buses. This system, developed in collaboration with the U.S. Environmental Protection
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Agency, depended on using a state-of-the-art pump/motor unit specifically designed for a
parallel drivetrain configuration using an axial piston design.

Tollefson et al. [38] examined a new configuration of internal combustion engine/hydro-
pneumatic accumulator energy storage for automobiles. The proposed architecture requires
one single hydrostatic pump-motor (P/M) unit. Computer-based simulations were con-
ducted over a wide range of parameter variations using a suitable control strategy. The
simulation results revealed that the novel concept allowed significant fuel savings. The
proposed hydraulic accumulator passenger car could achieve up to 65 mpg during city
driving conditions, unlike the present automobiles that can attain only 25–30 mpg under
similar conditions.

Similarly, Kepner [39] presents a Hydraulic Power Assist (HPA) demonstration on
a full-size sport utility vehicle. It exhibits a description of the vehicle, the resulting fuel
economy data, and performance and noise outcomes. The vehicle is constructed as a collab-
oration between Ford Motor Company, United States Environmental Protection Agency
(EPA), and Advanced Technology Division, in the context of a Cooperative Research and
Development Agreement (CRAD). It utilizes a valve block provided by Ifield Technologies,
a pump/motor connected in parallel to the driveshaft with the conventional powertrain,
and carbon fiber accumulators acting as HPA. Results show that the utilization of the
HPA improved the Environmental Protection Agency (EPA) and the Heavier Acceleration
city cycles by 23.6% and 35.5%, respectively. Bozic [40] presented a hybrid configuration
comprising a combustion engine as the prime mover, hydrostatic transmission, and a
coexisting vehicle electric generation. According to the literature consulted, it is evident
that the implementation of hybrid powertrains significantly contributes to energy savings,
in some cases, as high as 50% [33,34]. Yet, the system’s efficiency may be compromised by
the efficiency of the heart of the hybrid transmission; that is, the pump, the motor, or the
pump/motor units. These units can operate at an efficiency as high as 98%, provided the
units are operating at 100% displacement, but this may be the case of only a fixed segment
of a duty cycle and may not be true at all operating conditions.

4. Inadequacies of the Existing Hydraulic Hybrid Drivetrains

Despite the prominence of fluid power transmission, the existing state-of-the-art fluid
power drivetrains are ineffective [3]. A study published by the United States Department of
Energy shows that, among all industries, fluid power drives have low efficiencies between
9% and 60%, depending on the application, with an average efficiency not exceeding 22% [8].
The insufficiency in the fluid power transmissions’ efficiencies is notably associated with
the performance of the employed hydraulic units. The variable displacement pump/motor
is an essential hydraulic unit employed in all hydraulic applications; it is the heart of fluid
power systems [41]. Its efficiency significantly affects the performance and overall efficiency
of fluid power transmission [42,43].

The conventional variable displacement pump/motors, i.e., existing state-of-the-art
hydraulic pumps, are efficient only when operating at full displacements, whereas at partial
displacements, their performance decreases until operating at low efficiencies down to
30% [42,44,45]. The insufficiency of the conventional pumps at partial or low displacements
affects the system’s overall efficiency due to the high pressure that may remain in the
displacement chamber, in addition to leakage and other mechanical losses [46]. Given the
limited efficiency of the conventional variable displacement pump/motors, the overall
efficiency of the hydraulic hybrid drivetrains is relatively low, around 64–81% [47]. This
critical problem has motivated many researchers in multiple fluid power applications
to propose, design, and implement new techniques and methodologies to improve the
performance of hydraulic hybrid transmissions by enhancing the maximum efficiency
of variable displacement vane and piston pumps [48–55]. For instance, the work in [49]
addresses the pre-defined problem by proposing a dynamic seven-stage model that predicts
the thickness of the fluid film between the valve plate and cylinder block in axial piston
pumps to get accurate information on lubrication. In [51], relying on a coating methodology,
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the authors improved the overall efficiency map of axial piston pumps by minimizing
the friction losses by applying nanocoatings to the pump’s slippers. Besides these works,
the work in [54] provides research results for a previously executed research study. The
resulting outcomes can be used to enhance the efficiency of many technological systems
in power engineering and transport involving hydraulic pumps and motors. Similarly,
the work in [55] focuses on improving the numerical algorithm used for solving the
optimal control problem for the three-dimensional heat equation, which can improve many
technological systems like hydraulic units.

All the proposed techniques in the pre-listed works still result in low overall efficiencies
when operating at partial volumetric displacements. There is no noticeable improvement
in the pumps’ lowest efficiency at low volumetric displacements [56]. Accordingly, the
work presented in [42] proposed integrating digital technologies into fluid power systems
through designing digital variable displacement pump/motors that allow maintaining
high efficiencies over a wide range of displacements.

Building on the results from [41,42,57,58], this work aims at enhancing the performance
and efficiency of a hydraulic hybrid transmission by simulating the implementation of
an experimentally-validated digital pump/motor into a hydraulic hybrid transmission.
As will be proved through a physical-based simulation, unlike the ordinary variable
displacement pump/motors, the adopted digital pump/motors pursue to overcome the
efficiency limitation in hydraulic hybrid drivetrains by increasing the maximum overall
efficiency of the transmission.

5. Digital Hydraulics

Digital Hydraulics is a pioneering sub-field of fluid power, which relies on advanced
on/off control technologies to enhance hydraulic systems’ performance, reinforce advance-
ments in fluid power applications, and minimize energy consumption [59]. This technology
can replace conventional fluid power components, such as directional control valves, with
multiple switching on/off valves in a parallel configuration to improve efficiency [41].
Such valves’ configurations promote a superior design in this application because they
use a poppet-style actuation that does not allow leakage across the valve, commonly seen
in spool valves. In turn, this configuration reduces the system’s losses, enables more
control, increases the performance and efficiency, and reduces the cost of maintaining
components [60–62]. This technology has also been utilized in various other configurations
to improve the efficiency of conventional systems, including replacing traditional check
valves on fixed displacement pumps. It also enables the opportunity to limit and divert
flow in conventional fixed displacement pumps allowing variable displacements [44].

Some conventional piston pump/motors, e.g., reciprocating piston pumps, utilize
mechanical check valves on the inlet and outlet ports of the pump to separate the system's
high- and low-pressure sides. During pumping, this configuration allows fluid to enter
through the low-pressure check valve when the pump is on its intake stroke. When the
pump exhausts its cylinder, pressure closes the intake check valve and opens the exhaust
check valve, displacing fluid to the high-pressure side of the system. This configuration
limits the pump to fixed displacements since the pressure differential in the chamber is the
only method of controlling the actuation of the intake and exhaust valves. Thus, the work
in [42] proposes an electrically actuated digital inline 3-piston pump that replaces the con-
ventional valves with digital switching on/off valves. The proposed digital pump/motor
is a 28cc/rev unit comprising three displacement chambers, each with two high-speed
switching on/off valves. Figure 4 shows the pump/motor’s configuration for a single
displacement chamber. The figure shows that Valve 1 controls the flow at the low-pressure
side, and Valve 2 controls the flow at the high-pressure side. The proposed configuration
allows opening or closing the valves at any time throughout the pumping/motoring cycle.
This configuration adds a degree of controllability and flexibility to the system, enabling
various digital pumping/motoring techniques, referred to as flow diverting and limiting
operating strategies [44,63].
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Figure 4. Single-piston digital pump/motor configuration [64].

Besides the electrically actuated digital pump, our team designed and imple-mented a
mechanically actuated digital pump, which can also achieve high efficiencies over a wide
range of displacements. The following sub-sections exhibit an overview of the internal
mechanical structure of the mechanically actuated digital pump, intro-duce the electrically
actuated pump’s most efficient operating strategy, and present the experimental testing
and validation on the electrically actuated pump.

5.1. Internal Mechanical Structure of the Mechanically Actuated Digital Pump

This subsection gives a brief introduction to the mechanical structure of the me-
chanically actuated digital pump, which can achieve efficiencies higher than the ones
reported in this paper. The internal mechanical structure of the intended digital pump,
shown in Figure 5, comprises three main sub-systems: (1) gear-cam unit, (2) cam-follower
unit, and the (3) valve manifold. The gear-cam unit utilizes three main half-masking cams,
where each cam consists of two sub-cams that are phased relative to one another to allow
achieving different cam profiles. This unit is responsible for the phasing mechanism of
the camshafts, where it allows varying the cams' orientation relative to the shaft during
rotation. The cam-follower unit consists of the three followers, their mount bracket, and the
three valves to be actuated via the cam-follower mechanism. This unit allows converting
the rotational motion at the cam to a linear motion at the follower and thus controlling the
valves’ opening and closing. Therefore, varying the cam profile using the phasing mecha-
nism permits varying the opening and closing of the valves and thus enables achieving
variable pump displacement. A detailed description of the mechanical structure and the
pumping mechanisms is presented in [65].

Figure 5. CAD drawing showing the basic units of the mechanically actuated digital pump.

5.2. Operating Strategies of the State-of-the-Art Electrically Actuated Digital Pump

The electrically actuated digital variable displacement pump/motor [42] relies on
the control flow entering and leaving the displacement chambers. The pump/motor
displacement variation can be achieved by controlling the actuation of two on/off valves
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on the intake and exhaust ports of the pump. The control and timing of the valves’
actuation enable various pumping/motoring operating strategies. Four different operating
strategies have been explored and tested [42] utilizing the state-of-the-art digital pump.
The four different operating modes are Partial Flow-Diverting (PFD), Partial Flow-Limiting,
Sequential Flow-Diverting (SFD), and Sequential Flow-Limiting (SFL). The most efficient
operating strategy discovered is the SFL [63]. SFL is a technique that permits the states of
each cylinder to be enabled or disabled, sending either 100% or 0% displacement to the
output valve, respectively. This method can be used for both pumping and motoring cycles.

An example of a 100% displacement pumping cycle is shown in Figure 6. This cycle
achieves similar functionality as the mechanical check valve. During pumping, the intake
valve is opened for the entire stroke (A) and closed when the exhaust stroke begins (B).
The exhaust valve is then opened and held until the exhaust stroke is completed (C). This
transfers 100% of the fluid entering the piston chamber on the intake stroke, disregarding
the dead volume in the cylinder.

Figure 6. Enabled chamber operating at 100% displacement during SFL mode.

An example of 0% displacement for pumping is shown in Figure 7. During this cycle,
all intake and exhaust valves remain closed for the entire process, allowing the fluid to
be compressed and decompressed. As the cylinder begins its intake stroke, the piston
starts to decompress the fluid in the dead volume of the cylinder (A) until the cylinder
reaches the Bottom Dead Center (B), which allows depressurizing the fluid and creating a
partial vacuum in the chamber. Once the piston begins the exhaust stroke (C), the fluid is
compressed back to its original state. Since the intake and exhaust valves remained closed
during this cycle, 0% displacement is delivered by the cylinder. Thus, this cycle allows the
chamber's dead volume fluid to be depressurized and pressurized, and no fluid is delivered
to the system.

Figure 7. Disabled chamber operating at 0% displacement during SFL mode.

The partial vacuum created during the intake stroke is called chamber voiding. The
chamber voiding phenomenon was experimentally inspected by [66]. It was experimentally
proved that the gas created during the chamber voiding phase, i.e., (B), would dissolve
entirely as the fluid is re-compressed.

The central concept of this strategy relies on varying the state of the chambers se-
quentially to change the ’ump's displacement. To illustrate, a three-piston pump configura-
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tion is shown below in Figure 8. To achieve 66% pumping displacement, two chambers
(1 & 2) would operate at 100% displacement, while the third chamber (3) would run at 0%
displacement.

ȱ
Figure 8. Three-piston digital inline piston pump configuration.

Sequencing is averaged over various pump revolutions to achieve a wide range of dis-
placements between 0, 33%, 66%, and 100% [42]. As a case in point, to achieve 11.11% displace-
ment, the first cycle of the pump would turn on one cylinder (1) and turn off two cylinders
(2 & 3). The following two pump revolutions would sequence all cylinders (1, 2 & 3) off. This
operation achieves 1/9th, or 11%, displacement over the three cycles. A ~1% displacement
resolution can be achieved by averaging the sequences over 32 shaft revolutions.

5.3. Experimental Validation of the Electrically Actuated Digital Pump/Motor

The experimental test stand used for testing the SFL operating strategy is shown in
Figure 9. The test stand involves the intended 28 cc/rev digital pump, two accumulators
(one at the suction side and one at the discharge side), manifold housing with six on/off
valves (two for each piston chamber), and other hardware used to complete the hydraulic
circuit, data acquisition, and control. The two accumulators were added to the system
to reduce pressure and flow ripples and avoid cavitation problems during the suction
phase. For instance, if the hydraulic system experienced sudden stops during suction,
rapid changes in the system pressure will generate pressure ripples causing shock waves.
In this case, the system’s pressure will go above the accumulator’s pre-charged pressure.
The accumulator at the discharge port will act as a shock cushioning. It will allow the
excessive flow to enter, compressing the gas cushion (nitrogen bladder) and thus cushion
and minimize the shock. The second accumulator (one located at the suction port) is
required because the pump is bi-directional, i.e., the pump can discharge fluid from either
port. A detailed description of the hardware used is presented in [66].

The experimental testing of the SFL pumping/motoring strategy was conducted under
steady-state conditions at a temperature T = 50 ◦C and different pump displacements, 25%,
50%, 75%, and 100% displacement. Moreover, the SFL pumping and motoring cycles were
examined at different system pressures ranging from 4 MPa to 18 MPa and shaft speeds
up to 700 RPM. Operating the digital pump at shaft speeds beyond 700 RPM requires
high-speed switching valves, affecting the valves’ variability and causing non-linearity and
errors in the valves’ timing (opening and closing time). A timing valve correction algorithm
was developed in [67] and utilized throughout the experimental testing to overcome this
problem and account for the valve timing error. The developed algorithm obtains the delay
in the valve timing using the pressure readings at the low- and high-pressure ports, thus
regulating the valves’ opening and closing time. Although the adopted algorithm enabled
high-speed switching, the valves’ opening and closing speeds are not high enough. Thus,
the maximum operating shaft speed was limited to 700 RPM throughout the research study.
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Figure 9. The experimental test stand for testing different operating strategies of the electrically
actuated digital 3-piston pump [42].

After executing the experimental testing, the required data (torque, pressure, flow, etc.)
were acquired at various pump displacements (25%, 50%, 75%, and 100% displacement),
system pressures (4 MPa, 10 MPa, and 18 MPa), and shaft speeds (300 RPM, 500 RPM, and
700 RPM). Then, the efficiencies were calculated according to the obtained data.

The experimental outcomes resulting from operating the SFL strategy at 100% dis-
placement during the pumping and motoring cycles are shown in Figures 10 and 11.
Figure 10 illustrates the calculated efficiency curves across various system pressures and
shaft speeds at 100% displacement. As shown, at high shaft speeds and low pressures, the
pump can achieve efficiencies of at least 78%, while at low shaft speeds and high pressures
above 16 MPa, the pump can achieve high efficiencies up to 92%. Furthermore, the system
pressure significantly impacts the overall pump's efficiency, where the pump's efficiency
significantly increases as pressure increases.

ȱ

Figure 10. Efficiency map of the electrically actuated digital pump/motor operated in the SFL
pumping strategy at 100% displacement.
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Figure 11. Efficiency map of the electrically actuated digital pump/motor operated in the SFL
motoring strategy at 100% displacement.

Similarly, the efficiency map corresponding to operating the pump with the SFL
strategy at 100% displacement during the motoring mode is shown in Figure 11. As shown
in the figure, the motoring mode enables efficiencies of at least 72% and up to 92%. Unlike
the results of the pumping mode, in motoring mode, the efficiency curves are almost
parallel to the x-axis, which means that the shaft's speed has a negligible impact on the
pump's efficiency. For instance, we can still achieve efficiencies from 72% to 92% at any
RPM, depending on the system's pressure.

6. Simulation Model: Hydraulic Hybrid Drivetrains Utilizing Digital Pump/Motors

This section presents a physics-based series hydraulic hybrid drivetrain simulation
conducted on MATLAB Simscape, a graphical programming software created by Math-
Works [68]. The simulated MATLAB Simscape model mimics regular terrain hydraulic
vehicles’ series hydraulic hybrid transmission. The goal of the model is to investigate
the improvement of the hydraulic hybrid transmission performance after replacing the
conventional pump/motors with the digital pump/motor units. The intended state-of-the-
art digital units are emulated by applying the digital motoring/pumping data acquired
at the tested displacements (25%, 50%, 75%, and 100% displacement), pressures (4 Mpa,
10 MPa, and 18 MPa), and shaft speeds (300 RPM, 500 RPM, and 700 RPM) to the physical
simulation components (pump and motor). The digital data are applied to the physical
components of the simulation model by converting it into lookup tables imported to the
physical pump and motor, employed throughout the simulation.

The following sub-sections present the designed circuit schematic, display the simula-
tion model, design, and functionality during the three transmission stages (acceleration,
cruising, and braking), and discuss the resulting outcomes.

6.1. Circuit Schematics

The adopted series hydraulic transmission, illustrated in Figure 12, comprises a vari-
able displacement pressure compensated pump (5) driven by an electric motor (2), a
mechanical clutch (3) to engage and disengage the motor’s shaft from the rest of the sys-
tem, a pressurized gas accumulator (1) for energy storage-boost purposes, a low-pressure
reservoir (8), and a variable displacement pump/motor (11) for power transmission. The
pump/motor (11) operates as a motor during acceleration and cruising, i.e., motoring mode,
and works as a pump during braking, i.e., pumping mode. A check valve (6) is added
to block the backflow (flow from and into the accumulator) from entering the pump’s
discharge port. Two 4/3 way (9 & 10) and one 3/2 way (7) directional flow control valves
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allow a seamless operation during the motoring and pumping modes. The 4/3 way valves
(9 & 10) are closed-center valves with spring return having two directly actuated solenoid
coils, while the 3/2 way valve (7) is a spring return valve with one actuated solenoid
coil. As demonstrated through the simulation model, valve (9) is employed during the
motoring mode, i.e., acceleration and cruising, where the user controls the valve based on
the direction of motion, i.e., forward or backward drive. However, valve (10) is used during
the pumping mode, i.e., regenerative braking, and it is controlled based on the direction of
rotation received by the unit’s shaft (11). Valve (7) allows switching between valves (9) and
(10) based on the system’s operation mode. During the motoring mode, i.e., acceleration
and cruising, valve (7) is set at its un-actuated position, allowing pumping the fluid into
the motor (11) through valve (9). However, during the pumping mode, i.e., at braking, the
mechanical braking signal will be converted into an electrical signal at valve (7), forcing it
to switch to the other position and thus allowing the motor (11) to pump the flow from the
tank into the accumulator through the valve (10).

Figure 12. A circuit illustrating the simulated series hydraulic hybrid transmission.

6.2. Simulation Model, Design, and Operation

Figure 13 exhibits the physical model for the series hydraulic hybrid transmission
illustrated in Figure 12. The adopted system is modeled and simulated using Simscape Flu-
ids and Drivetrains libraries on MATLAB-Simulink. The simulation model is constructed
by integrating the required numerical block diagrams with the physical paradigms. All
the hydraulic physical components, i.e., pump, motor, valves, and other hydraulic units,
are compiled using interfaceable physical connections. The figure shows that the model
involves a pressure compensated pump and a variable displacement motor that operates
as a motor when pumping high-pressure fluid into one of its ports and as a pump when
receiving a mechanical signal at its output shaft. Furthermore, the model involves physical
hydraulic sensors to sense the flow and the pressure at specific points in the system. For
instance, pressure-flow sensors are installed at the pump’s discharge port, accumulator’s
port, and motor’s inlet and outlet ports. The accumulator’s flow sensor is installed into
the accumulator. Then, a positive flow rate at the accumulator’s port designates flow
into the accumulator; during charging. However, a negative flow denotes flow out of the
accumulator; during discharging. Besides the pressure-flow sensors, mechanical sensors,
e.g., rotational motion and torque sensors, are added at the pump’s and motor’s shaft to
measure the resulting shaft’s speed and torque. Acquiring this data (torque and speed)
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allowed us to compute the input and output mechanical powers. The power data was
then exported into the MATLAB workspace for calculating the average input and output
powers. The average input and output powers were individually calculated over the entire
cycle using the mean function in MATLAB.

ȱ

Figure 13. A MATLAB Simscape simulation model for the series hydraulic hybrid transmission.

The digital pumping/motoring data presented in Section 5.2 are converted into lookup
tables and then imported to the physical pumping/motoring units (the utilized pressure-
compensated pump and the variable displacement motor) to incorporate the pre-introduced
digital pump/motor. The pumping data is imported into the physical motor (11) during
braking as a lookup table. Also, it is imported into the physical pump (5) during cruising,
knowing that the pump will be off during acceleration. Similarly, the motoring data is
applied to the physical motor as a lookup table during acceleration and cruising. Thus, the
physical pump and motor (pressure-compensated pump and the variable displacement
motor) are sized based on the imported lookup tables, which allows setting the maximum
and minimum pressures in the system in addition to the required flow rate. Then, the
accumulator and other hydraulic components, e.g., valves, fittings, hoses, etc., are sized
and selected based on the acquired system’s pressure and flow rate. Based on the digital
pumping/motoring data, the hydraulic units (5) and (11) will operate between 300 RPM
and 700 RPM with a maximum displacement of 28 cc/rev. Furthermore, the hydraulic
units will work under a volumetric efficiency up to 94% and overall efficiency of at least
78% and up to 90% during pumping. However, unit (11) will operate during motoring
under volumetric and total efficiencies up to 99% and 92%, respectively. Furthermore,
the simulation model accounts for the system’s internal losses, e.g., losses in hydraulic
pipelines, fittings, and valves. These internal losses are simulated by adding hydraulic
resistance, capacitance, and inductance to the distributed parameter model using the
simscape block models for hydraulic pipelines, fittings, and hoses.

During the series hydraulic hybrid transmission, the gas accumulator serves as a
hydraulic lunch assist device to provide auxiliary flow during high demand requirements
(within the acceleration stage), forcing the gas inside the accumulator to expand and
compress under adiabatic conditions. Based on the intended application, the accumulator
is sized using the following equations [69]:

P1Vk
1 = P2Vk

2 (1)
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V1 =
Vx(P3/P1)

1/k

1 − (P3/P2)
1/k (2)

where P1, P2, and P3 in Pa denote the accumulator’s pre-charged pressure, system maximum
operating pressure, and system minimum operating pressure, respectively, set based on the
experimentally validated data of the digital pump. V1 and V2 in L designate the nitrogen’s
volume at P1 and P2, respectively, Vx in L denotes the required fluid volume, and k = 1.4
is the nitrogen constant during adiabatic operation. To prevent the accumulator’s poppet
(poppet that opens and closes, allowing fluid to enter and leave) from fully closing during
the expansion of the nitrogen bladder, the accumulator’s pre-charged pressure P1 has to be
set between 60% to 80% of the minimum system pressure [70,71]. Thus, for P2 = 1.9e + 7 Pa,
P3 = 5.3e + 6 Pa and P1 = 0.75P3, we get V1 = 36.3 L and Vx = 18 L.

The adopted physical model comprises two emulation options, options one and two
shown in Figure 14, for simulating the intended system. Option one allows for a user
interface simulation. The user can interact with the transmission model by switching
between the motoring and the pumping modes, thus mimicking the driving and braking
situations. Given this option, the user generates the duty cycle by choosing when to drive
and brake. On the other hand, option two enables a complete auto-simulation over the
three transmission stages (acceleration, cruising, and braking). The simulation will be done
automatically based on the provided duty cycle for this option.

Figure 14. User interface illustrating the functionality of the simulation model.

Relying on option two, several drive cycles were adopted to test the simulation model’s
capability over the three transmission stages. The total time frame of the tested drive cycles
ranged from 200 s/cycle to 300 s/cycle, where the acceleration and braking phases required
long times up to 60 s and 40 s, respectively. The acceleration and braking timing is due
to the accumulator’s charging and discharging time, which was selected based on the
experimentally acquired pump data that was limited with a maximum and minimum
pressure around 19.1 MPa and 5.3 MPa, respectively.

One of the tested duty cycles is shown in Figure 15. The figure shows that the physical
system is simulated for 400 s for two consecutive cycles. Each cycle comprises the three
stages of the series hydraulic hybrid transmission (acceleration, cruising, and braking).
During the first cycle, the acceleration phase occurs between 0 and 60 s, the cruising starts
at time = 60 s and continues until time = 140 s, and the re-regenerative braking takes place
within 140 and 180 s. The second cycle starts 20 s after the first cycle, which accounts for
the complete stopping of the vehicle. Similarly, the three transmission stages (acceleration,
cruising, and braking) occur for 60, 80, and 40 s, respectively, during the second cycle.
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Figure 15. The desired duty cycle.

To fully simulate the hydraulic hybrid series transmission system for achieving the
desired duty cycle in Figure 15, it is required to apply the desired operating angular velocity
at the system’s input port and specify its load. The system’s operating RPM is simulated
by applying an input signal builder using a physical velocity source. The transmission’s
total mass was included within the physical paradigms of the utilized hydraulic units and
all components in the Simscape environment. The transmission’s load is simulated using
four Simscape Tire blocks, which simulate the tires by their radius and ideal inertia. In [72],
Valeski approximates the average tire’s weight and diameter to be around 10 kg and 40 cm,
respectively. Thus, the calculated moment of inertia on each tire was around 0.37 kg·m2.
Given the calculated moment of inertia on each tire, a moderate physical torque source
with an ideal moment of inertia of 1.5 kg·m2 was applied at the motor’s shaft. Now, we
explain the operation of the simulation model during each stage.

6.2.1. Acceleration

During acceleration, the accumulator is fully-charged with pressurized fluid, and its
pre-charged pressure is greater than the system’s operating pressure. At this phase, the
pump is off, and thus the accumulator acts as an auxiliary power supply. The accumu-
lator discharges its stored energy into the motor (11), operating in its motoring mode, to
accelerate the vehicle. The valves’ opening/closing operation is controlled based on the ac-
cumulator’s pre-charged pressure. For instance, during this phase, because the pre-charged
pressure of the nitrogen inside the accumulator is greater than the system’s pressure, no
signal is generated at the valve (7). Then, valve (7) is kept at its un-actuated position to
pass the flow through the valve (9) and block it at valve (10).

6.2.2. Cruising

At the end of the acceleration phase, the fluid inside the accumulator starts decreasing,
and the pre-charged pressure becomes below the system’s pressure. Namely, the accumu-
lator discharged almost all its stored energy, and thus the system requires an additional
hydraulic power supply to drive the wheels. At this stage (cruising), the drop in the pre-
charged pressure triggers an electric signal at the engine and forces the clutch to engage the
engine to the rest of the system. The pump starts pumping the fluid from the low-pressure
reservoir (hydraulic tank) into the hydraulic motor (11) that is still operating as a motor to
execute the motion at the wheels. Like the acceleration phase, the fluid is delivered to the
motor through the valve (9), where valve (10) is still closed.
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6.2.3. Braking

During braking, the motor (11) switches to the pumping mode, and the clutch de-
couples the engine from the rest of the system, forcing the pump (5) to shut down. The
pre-charged pressure of the nitrogen gas inside the accumulator drops below the system’s
pressure. At this stage, an electric signal is triggered at valve (7), forcing it to switch to the
second position and thus pumping the fluid through valve 10 and blocking it at valve 9.
The motor utilizes the braking kinetic energy at its output shaft to pump fluid from the
tank into the accumulator converting the mechanical energy into hydraulic energy stored
in the accumulator to be delivered during acceleration.

7. Resulting Outcomes

After introducing the simulation model and discussing its fundamental operation,
throughout the following sections: Sections 7.1 and 7.2, we present the simulation outcomes
resulting from applying the digital motoring/pumping data into units (5) and (11) at
moderate load-speed conditions (1.5 kg·m2 and 700 RPM).

7.1. Pressure-Flow Outcomes

Figures 16 and 17 illustrate the variations in the system’s pressure and flow throughout
the proposed duty cycle. They show the pressure-flow outcomes at different ports in the
system during the three transmission stages (acceleration, cruising, and braking). As shown
in the figures, during the acceleration phase (0 to 60 s in cycle one and 200 to 260 s in cycle
two), the pump’s shaft angular velocity is kept at zero, then triggered after 40 s. The pump
started operating after 40 s because the accumulator had enough stored energy at the start
of the acceleration phase (from 0 to 40 s). Thus, the clutch disengages the engine’s shaft
from the pump’s shaft, causing a zero RPM at the pump’s input shaft. The accumulator acts
as a hydraulic launch assist and discharges its stored energy into the motor. Thus, the flow
rate at the accumulator’s port flows in the negative direction, i.e., from the accumulator into
the system, as shown in Figure 16. A pressure drop of about 10 MPa is created between the
motor’s inlet and outlet ports, as shown in Figure 17, allowing it to convert the hydraulic
energy into mechanical energy enabling the wheels to accelerate until the output shaft speed
reaches 600 RPM. As the accumulator delivers the auxiliary power, the fluid’s pressure at
the accumulator’s port, shown in Figure 16, decreases because the accumulator’s poppet
is still open to deliver fluid to the system. After the accumulator discharges about 80% to
85% of its stored energy, i.e., at time = 40 s, the pump starts operating via the clutch-engine
mechanism maintaining the system’s output angular velocity at about 600 RPM, where
its discharge pressure, captured in Figure 16, increases up to 6–7.5 MPa. After 20 s, at
time = 60 s, the vehicle undergoes the cruising stage. The pump operates at its maximum
speed (700 RPM) with an operating pressure of around 7.5 to 8 MPa. The motor’s output
shaft operates at almost moderate speed (500 RPM). During this stage, the pressure at the
accumulator’s port, shown in Figure 16, is the same as the system’s pressure because the
accumulator’s poppet is closed. Thus, the accumulator is neither charging nor discharging.
After 80 s, the vehicle undergoes the braking phase, in which the clutch starts disengaging
the engine shaft from the pump shaft resulting in a decrease in its RPM. The motor (11)
switches to its pumping mode during this phase, pumping the fluid from the tank into
the accumulator. The pressure at the motor’s outlet port, shown in Figure 17, increases up
to 17.5 MPa causing a high pressure at the accumulator’s port and the pump’s discharge
port, shown in Figure 16. The accumulator starts charging, where its flow rate, shown in
Figure 16, flows in the positive direction, i.e., from the system into the accumulator.
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Figure 16. The resulting pressure and flow simulation outcomes at the pump’s discharge and
accumulator’s ports throughout the desired duty cycle.

Figure 17. The resulting pressure and flow simulation outcomes at the Motor’s inlet and outlet ports
throughout the desired duty cycle.

Figures 18 and 19 show the variations in the accumulator’s fluid volume and the
motor’s pressure drop, respectively, throughout the desired duty cycle for the three trans-
mission stages (acceleration, cruising, and braking). As discussed previously, during the
acceleration phase, the accumulator discharges its stored energy into the motor’s inlet port
to accelerate the motion at the wheels. Thus, the motor operates in its motoring mode. The
accumulator’s discharging process causes a decrease in fluid volume, shown in Figure 18,
and a positive pressure drop of about 10 MPa at the motor, shown in Figure 19. As shown
in Figure 19, the 10 MPa pressure drop across the motor slightly decreases until 5–6.5 MPa.
Then, because the accumulator is neither charging nor discharging during the cruising
phase, its fluid volume, shown in Figure 18, is kept almost constant. During this phase,
the pressure drop across the motor, shown in Figure 19, is maintained at around 7.5 MPa.
During braking, the accumulator’s fluid volume, shown in Figure 18, increases because the
accumulator is charging. A negative pressure drop is created across the motor, as shown in
Figure 19, where the motor is operating in its pumping mode.
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Figure 18. Simulation outcomes for the fluid volume inside the accumulator.

Figure 19. Simulation results for the pressure drop across the motor, i.e., the pressure difference
between the inlet and outlet motor’s pressure.

7.2. Power-Efficiency Outcomes

Figure 20 shows the load-speed outcomes and the resulting mechanical power at the
pump and motor shafts, i.e., the system’s input and output shafts, respectively, throughout
the three transmission stages (acceleration, cruising, and braking). During acceleration,
the pump is not operating, and thus the accumulator is the only power supply in the
system. The accumulator discharges its stored energy into the motor. The motor converts
the hydraulic energy into mechanical energy resulting in an output mechanical power of
around 1300 W in cycle one and about 2000 W in cycle two. The difference in the mechanical
powers in cycles one and two is due to the accumulator’s initial stored energy. During
cruising, the pump starts operating at around 700 RPM, producing an input mechanical
power of about 2100 W. This results in an output mechanical power of around 1000 W at
the motor’s shaft due to the 1.5 kg·m2 inertia added at the wheels. During braking, the
motor switches to its pumping mode. It utilizes the braking energy and converts it into
hydraulic energy stored in the accumulator.

Simulating the system to achieve the desired duty cycle at moderate load-speed
conditions (1.5 kg·m2 and 700 RPM) results in average input power of 876 W at the system’s
input shaft. This results in an average output power of 780 W at the system’s output
shaft, which outputs an overall efficiency of around 89%. This result reveals a significant
improvement in the efficiency of the series hydraulic hybrid drivetrains. Due to the rated
efficiency of the conventional hydraulic pump/motors, the total average efficiency of the
series hydraulic hybrid transmission is around 64% to 81%, which is relatively low [47].
Therefore, the utilization of the state-of-the-art multi-piston digital pump reinforced the
system’s performance by increasing the overall efficiency at least 8% and up to 25%.
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Figure 20. Load-Speed and mechanical power simulation results.

8. Conclusions

The overall average efficiency of series hydraulic hybrid drivetrains is comparatively
low, between 64% and 81%, due to the utilization of conventional variable displacement
pumps that become inefficient when operating at partial displacements. This work esti-
mates and addresses the efficiency improvement of a series hydraulic hybrid transmission
by integrating hydraulic hybrid technology with digital hydraulics. It proposes replacing
the conventional piston pump/motor employed in series hydraulic hybrid drivetrains
with the multi-piston digital pump designed and implemented in preceding works. The
proposed methodology is tested by conducting a physical-based simulation of a series
hydraulic hybrid drivetrain on MATLAB Simscape. The state-of-the-art multi-piston digital
pump is simulated by applying its digital motoring/pumping data into the power supply
units, i.e., pump and motor utilized throughout the simulation model. The adopted simula-
tion model permitted evaluating the performance of the series hydraulic hybrid drivetrain,
and it allowed examining the improvement of the system’s overall efficiency. The final
simulation outcomes resulted in 89% overall efficiency and thus exceeded the conventional
series hydraulic hybrid drivetrain (64% to 81%). This resulting efficiency reveals that the
utilization of the state-of-the-art digital pump enables enhancing the total efficiency of the
hydraulic hybrid drivetrains by at least 8% and up to 25%. The attained 89% efficiency
can also be better enhanced using a more refined digital unit. The digital pump utilized
throughout the simulation model was a proof of concept prototype limited to 700 RPM
shaft speed. Thus, a refined one would run at a broader range of inputs and achieve even
better results. As future work, we aim to transform the proof-of-concept digital pump into
a higher-speed refined unit to test the proposed transmission experimentally.

Author Contributions: Conceptualization, F.B. and I.A.; Investigation, J.G.-B. and F.B.; Methodology,
I.A. and F.B.; Supervision, J.G.-B. and F.B.; Validation, J.G.-B.; Visualization, I.A. and F.B.; Writing—
original draft, I.A., K.P. and J.G.-B.; Writing—review & editing, I.A. and F.B. All authors have read
and agreed to the published version of the manuscript.

Funding: This research received no external funding.

Data Availability Statement: The data that support the findings of this study are available on request
from the corresponding author, F.B.

Conflicts of Interest: The authors declare no conflict of interest.

21



Energies 2022, 15, 1348

References

1. McCloy, D.; Martin, H.R. Control of Fluid Power: Analysis and Design, 2nd ed.; Ehlh: Chichester, UK, 1980. Available online:
https://ui.adsabs.harvard.edu/abs/1980ehlh.book.....M/abstract (accessed on 10 October 2021).

2. Durfee, W.; Sun, Z. Fluid Power System; A National Science Foundation Engineering Research Center: Minneapolis, MN, USA,
2009; pp. 1–48.

3. Vacca, A. Energy Efficiency and Controllability of Fluid Power Systems. Energies 2018, 11, 1169. [CrossRef]
4. Konami, S.; Nishiumi, T. Hydraulic Control Systems; John Wiley & Sons: Singapore, 2016; pp. 187–299. [CrossRef]
5. Fabis-Domagala, J.; Domagala, M.; Momeni, H. A Concept of Risk Prioritization in FMEA Analysis for Fluid Power Systems.

Energies 2021, 14, 6482. [CrossRef]
6. What is Fluid Power? National Fluid Power Association. 2021. Available online: https://www.nfpa.com/home/AboutNFPA/

What-is-Fluid-Power.htm (accessed on 1 December 2021).
7. U.S. Fluid Power Industry Brief. 2021. Available online: https://www.nfpa.com/home/industry-stats/Industry-Brief.htm

(accessed on 1 December 2021).
8. Love, L.; Lanke, E.; Alles, P. Estimating the Impact (Energy, Emissions and Economics) of the US Fluid Power Industry. In Oak

Ridge National Laboratory (Issue December). 2012. Available online: http://www.osti.gov/servlets/purl/1061537/ (accessed on
1 December 2021).

9. Kwon, H.; Sprengel, M.; Ivantysynova, M. Thermal modeling of a hydraulic hybrid vehicle transmission based on thermodynamic
analysis. Energy 2016, 116, 650–660. [CrossRef]

10. Stelson, K.A.; Meyer, J.J.; Alleyne, A.G.; Hencey, B. Optimization of a passenger hydraulic hybrid vehicle to improve fuel economy.
Proc. JFPS Int. Symp. Fluid Power 2008, 2008, 143–148. [CrossRef]

11. Chen, J.-S. Energy Efficiency Comparison between Hydraulic Hybrid and Hybrid Electric Vehicles. Energies 2015, 8, 4697–4723.
[CrossRef]

12. Gary, J. Hydrid Transmission. Acad. Manag. Rev. 2006, 31, 386–408.
13. Zhang, Z.; Chen, J.; Wu, B. The control strategy of optimal brake energy recovery for a parallel hydraulic hybrid vehicle. Proc.

Inst. Mech. Eng. Part D J. Automob. Eng. 2012, 226, 1445–1453. [CrossRef]
14. Rydberg, K.-E. Energy Efficient Hydraulic Hybrid Drives. In Proceedings of the 11th Scandinavian International Conference on

Fluid Power, SICFP’09, Linköping, Sweden, 2–4 June 2009.
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Abstract: With the increasingly stringent regulations on air quality and the consequent emission
limits for internal combustion engines, researchers are concentrating on studying new solutions
for improving efficiency and energy saving even in off-road mobile machines. To achieve this task,
pump-controlled or displacement-controlled systems have inspired interest for applications in off-
road working machines. Generally, these systems are derived from the union of a hydraulic machine
coupled to an electric one to create compact components that could be installed near the actuator. The
object of study of this work is a 9-ton excavator, whose hydraulic circuit is grounded on load sensing
logic. The validated mathematical model, created previously in the Simcenter Amesim© environment,
represents the starting point for developing electro-hydraulic solutions. Electric components have
been inserted to create different architectures, both with open- and closed-circuit layouts, in order
to compare the energy efficiency of the different configurations with respect to the traditional load
sensing system. The simulations of a typical working cycle show the energy benefits of electro-
hydraulic solutions that allow for drastically reducing the mechanical energy required by the diesel
engine and, consequently, the fuel consumption. This is mainly possible because of the elimination
of directional valves and pressure compensators, which are necessary in a load sensing circuit, but
are also a source of great energy dissipations. The results show that closed-circuit solutions produce
the greatest benefits, with higher energy efficiencies than the open-circuit solution. Furthermore,
closed-circuit configurations require fewer components, allowing for more compact and lighter
solutions, as well as being cheaper.

Keywords: excavator; electro-hydrostatic actuator; load sensing; energy saving; pump-controlled systems

1. Introduction

The study of new solutions for improving energy efficiency and fuel saving applied
to mobile off-road work machines is also due to the increasingly stringent regulations
on emissions from internal combustion engines. Among the different proposals, some
researchers have studied hybrid architectures to improve the energy efficiency of the
transmission system. In the literature [1,2], solutions are presented to increase the energy
efficiency of hydraulic systems, introducing architectures for energy recovery. In the case
of an excavator, the most commonly used strategy is generally the recovery of kinetic
energy given by the rotation of the swing and the potential energy of the arms; a complete
discussion of these solutions can be found in [3–5].

Nowadays, in many engineering fields, the interest of researchers is aimed at the
introduction of electro-mechanical actuation systems, replacing the traditional hydraulic
architectures controlled by valves [6]. The distributed hydraulic solutions, replacing the
centralized one, are derive from the aeronautical sector, where the thought of “more electric
aircraft (MEA)” [7] is predominant, and is also spreading in various fields of application
such as aeronautics [7], submarine [8], and land vehicles [9].

Energies 2022, 15, 2583. https://doi.org/10.3390/en15072583 https://www.mdpi.com/journal/energies
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Electro-hydraulic systems could be achieved using electro-hydrostatic actuators (EHA)
that combine compact dimensions and high energy efficiencies, while also offering the
advantage of allowing plug-and-play installations. Many scientific papers compare EHA
systems to traditional valve-controlled hydraulic architectures. Schmidt et al. [10] pro-
pose various solutions that provide pump control also with load holding characteristics.
The distribution of energy and the possibility of energy recovery are described for all of
the studied solutions, comparing the results with those of a traditional hydraulic system
controlled by valves. Padovani et al. [11] suggest another electro-hydraulic drive system
applied to single-rod cylinders with a passive load holding capability. Applying this ar-
chitecture to a single-arm crane, the authors highlight how the error on the final position
of the arm remains within ±2 mm, while the overall energy efficiency reaches about 60%
during handling. Among the various applications in the aeronautical field, Takahashi
et al. [12] have proposed an electro-hydraulic system applied to a single-rod double-acting
actuator for the landing gear. Ketelsen et al. [13] carry out a detailed review of the scientific
literature, including electro-actuated systems with variable displacement hydraulic pumps
and solutions with variable speed electric motors, comparing the advantages and disad-
vantages of each architecture. The authors report the progressive trend towards solutions
based on electric motors, moving further and further away from diesel engines. The EHA
architecture also offers the possibility of recovering energy, with the further advantage of
sharing it subsequently on several actuators.

Abekawa et al. [14] state that excavators are responsible for about 60% of the CO2
emissions produced by construction machinery. It follows that the implementation of
new solutions in order to reduce the emission of greenhouse gases by excavators makes it
possible to significantly decrease the amount of global CO2 emissions. Niraula et al. and
Zhang et al. [15,16], focusing on 1-ton mini excavators, showed that an electro-hydraulic
actuation system could lead to a reduction in energy consumption of up to 50% compared
to the traditional system based on load sensing circuit architecture. Budden et al. [17]
modified a 20-ton excavator by equipping it with a digital displacement pump instead of
the swashplate machine. The results show a significant increase in productivity, associated
with fuel savings.

This article presents further results of a research activity applied to a 9-ton excavator,
on which various electro-hydraulic solutions have been analyzed. The results, in terms of
mechanical energy and fuel consumption, have been compared with those obtained by the
traditional load sensing architecture. The results have been obtained through simulations
carried out using a mathematical model of the excavator created in the Simcenter Amesim©
environment. The standard load sensing model of the machine, created with a lumped
parameter approach, consists of modeling the diesel engine, the variable displacement
main pump, the post compensated flow sharing distributors, and the kinematics of the
front equipment. The model has been validated through extensive experimental activity,
which made it possible to quantify fuel consumption during the work cycles [18–25].

The mathematical model of the excavator has been modified to study new EHA
circuit architectures. In particular, an open-circuit and two closed-circuit solutions have
been studied. The energy performance of all configurations has been compared with that
of the load sensing system: the results show how the electro-hydraulic circuit solutions
offer a significantly higher energy performance than a traditional valve-controlled system,
allowing for savings on fuel consumption.

In the previous paper [26], the authors have already investigated an EHA architecture
based only on an open-circuit solution; in that solution, the accumulator was connected to
one side of the actuators where the lower average pressure occurs, obviously that solution
has a drawback because the side at lower pressure can change with the duty cycle. In this
paper, to overcome this limit, a shuttle valve has been added to connect the accumulator to
the lower pressure side of the actuator [13,27–29]. Furthermore, in this paper, two closed-
circuit solutions have been investigated, not considered in [26]. The first closed-circuit
presented is similar to the open-circuit in order to make a reliable comparison. The second
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closed-circuit solution [13] presents a different architecture where a further control of a
solenoid valve is requested. The methodology followed is that all the solutions investigated
are always compared with the traditional load sensing circuit in terms of both mechanical
energy and fuel consumption saving. The contribute of this paper is not in creating new
circuit architectures, which are already known, as reported in the cited papers, but in the
potential of the mathematical modeling that permits giving reliable information about
the application of different solutions in a mobile machine like the excavator considered.
This document is structured as follows. Section 2 describes the mathematical model of
the standard load sensing hydraulic excavator. Section 3 describes the different circuit
solutions based on EHA. The results of the simulations of all architectures are reported
in Section 4. Section 5 presents the comparison between the standard model LS and EHA
solutions. Finally, Section 6 reports the conclusions and future developments.

2. Mathematical Model of the Standard Hydraulic Excavator

The machine under consideration is a 9-ton hydraulic excavator. The standard version
features a 46-kW diesel (ICE) engine that drives an axial piston pump to feed a hydraulic
circuit based on a load sensing logic (LS) with flow sharing distributors. The ISO diagram of
the circuit layout of the machine is shown in Figure 1, where the several sensors used for the
testing activity are also indicated. The mathematical model, based on a lumped parameter
approach, has been developed in the Simcenter Amesim® environment. The complete and
detailed description of the model can be found in previous publications [18,20,22,23].

As shown in the ISO diagram, the standard hydraulic circuit consists of two pumps.
One is a fixed displacement machine with external gears, which feeds the circuit dedicated
to pilots. The main pump that supplies the users is a variable displacement axial piston
pump, equipped with a pressure compensator, flow compensator, and torque limiter. The
pump has been modeled with a gray box approach, where the models of the regulators are
white box, while a black box solution has been adopted for the pump flow characteristic,
thanks to the use of hydromechanical and volumetric efficiency maps obtained from the
experimental activity [25].

The directional valves are post compensated LS flow sharing valves, which allow for
extracting the load sensing pressure to be sent to the pump regulators. The main feature of
this type of valve is to maintain the same pressure drop in each section, even if the main
pump reaches saturation conditions. The distributor model has been validated through the
experimental results provided by the tests carried out in the laboratory of the Department
of Engineering and Architecture of the University of Parma, Italy, as described in detail
in [19,24].

The hydraulic cylinders are single rod double acting actuators. The model of every
cylinder includes the effects of linear friction and leakage between the two chambers.
The Coulomb and the viscous friction coefficients have been characterized by means of
the experimental activity. The hydraulic cylinders have been simulated by applying the
continuity equation and the fluid state equation for two control volumes, on the piston
side and rod side. The model of the actuators has also remained unchanged in the further
circuit solutions proposed in this article.

The kinematic model of the front attachment and of the swing has been developed in
order to correctly calculate the forces and torques acting on the hydraulic actuators [21,24].
The front attachment consists of boom, arm, and bucket, which have been modeled as rigid
bodies linked together by rotary joints and linear actuators. Characteristic properties such as
mass, moment of inertia, and center of gravity have been defined using the CAD geometry
of the components. For the swing model, assumed at constant inertia, both the Coulomb
friction and viscous friction terms have been considered, defined through experimental tests
carried out with fast and slow rotation cycles. In the different circuit solutions presented
hereinafter in this article, the kinematic model has remained unchanged.
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Figure 1. ISO scheme of the standard excavator hydraulic circuit. The sensors used in the test phase
are also indicated [23].

The model of the internal combustion engine, developed including some data pro-
vided by the manufacturer and other obtained experimentally, allows for calculating the
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instantaneous fuel consumption, as a function of the torque and of the engine speed, as in
Figure 2 [20,22].

Figure 2. Diesel engine—Brake specific fuel consumption map.

3. Electro-Hydraulics Solutions

The validated model of the excavator represents the starting point from which to
develop EHA solutions for carrying out energy comparison. An open-circuit configu-
ration introduced in a previous article [26] is re-proposed in this paper with the name
“Open Circuit—Layout 1”, with a few changes regarding the position of the accumulator;
moreover, two new closed-circuit configurations, called “Layout 2” and “Layout 3”, have
been developed.

3.1. Open Circuit—Layout 1

The circuit layout is shown in the ISO diagram in Figure 3: for each user, there is a
pair of hydraulic machines with fixed displacement, connected to an electric unit, that can
work as a pump or as a motor depending on the applied pressure difference. It has been
supposed to move the swing by means of only an electric motor. The internal combustion
engine, which is the same as in the standard excavator, drives an electric generator that
supplies the energy necessary to power the electric motor of each user. The hydraulic
machines have been supposed to be external gear units, and the models include maps of
volumetric and hydromechanical efficiency as functions of speed and delivery pressure.

The sizing of each hydraulic machine has been set starting from the displacement of
the actuator: the ratio between the displacement of the hydraulic machine on the piston
side and on the rod side must be similar to the ratio between the active surfaces of the
actuator; in general, it is advisable to keep the difference between these ratios below
2% [30,31]. As the displacements of the hydraulic machines are not exactly the same as
those of the cylinder and that the internal losses of each component are also considered, a
hydraulic accumulator has been introduced to compensate for the differences in flow rate.
The accumulator is connected to the side with the lowest pressure by means of a shuttle
valve. In case of overrunning load, the hydraulic motor allows for recovering energy, as the
electric unit can work as a generator. For this reason, it is necessary to introduce a battery
to store the energy produced.

For each side of the actuator, there are electrically controlled on/off valves to block
the load, with the pressure drop included. They are powered only when it is necessary to
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move the cylinder. For safety reasons, the valves are provided with a spring that blocks the
load, even in the case of a fault in the electrical power supply system.

Figure 3. ISO scheme of Open Circuit—Layout 1.

3.2. Closed Circuits

Two different circuit solutions based on EHA architecture are proposed, and the results
have been compared with those of the standard LS circuit and of the open-circuit. The
proposed configurations are closed-circuit layouts. The feature common to all layouts is
the presence of a bidirectional fixed displacement hydraulic pump, driven by an electric
motor, and for every cylinder, the connection of the pump delivery port with the rod side
or the piston side of the actuator is managed by the direction of rotation of the electric
motor. Electric motors are powered by a generator driven by the internal combustion
engine, the model of which is the same as in the standard excavator. An electric motor has
been inserted in place of the hydraulic motor to move the swing and the tracks have not
been considered. All of the proposed solutions permit removing the variable displacement
main pump and the directional valves, typical of the standard LS system.

The hydraulic machines are bi-directional external gear pumps and have been modeled
considering volumetric and hydromechanical efficiency maps as a function of rotation
speed and delivery pressure. The pumps and their electric motors are the same for all
proposed configurations.

The presence of different areas between the rod side and the piston side in the actuators
makes it essential to balance the differential flow. The two solutions differ in the strategy in
order to obtain the flow compensation.

3.3. Closed Circuit—Layout 2

Figure 4 shows the ISO scheme of Layout 1. The solution uses a flushing valve that
connects the low-pressure chamber of the cylinder with the accumulator to compensate for
the uneven flow rate given by the differential actuator [13]. When the piston side is fed,
the higher flow rate required by the pump depressurizes the rod side chamber; the valve
switches in order to connect the accumulator with the rod side, which provides the missing
flow rate to the pump. Conversely, when the rod side is powered, the excess flow rate from
the piston side is introduced into the accumulator.

In the case of an overrunning load, the hydraulic machine works as a motor and drives
the electric machine, which, acting as a generator, allows energy to be recovered, storing it
in the battery.
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Two block valves have been inserted, similarly to the open-circuit layout, to ensure the
position of the actuator even in the event of power failure. These on/off valves are opened
only when it is necessary to move the cylinder.

Figure 4. ISO scheme of Closed Circuit—Layout 2.

3.4. Closed Circuit—Layout 3

Figure 5 shows the circuit diagram of Layout 3. This solution has been reported by
Padovani et al. [13]. Each user consists of an electric motor and a fixed displacement
hydraulic machine driving the double-acting single-rod cylinder, in a closed-circuit layout.

 

Figure 5. ISO scheme of Layout 3.

The differential flow managed by the low-pressure accumulator is controlled by two
piloted check valves (CV1 and CV2). There are also two pilot operated check valves (CV3
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and CV4) for load holding, which, unlike Layout 1, are fully hydraulic valves. The actuation
of the solenoid valve transmits the signal of the maximum pressure of the actuator to the
pilot line to allow for the opening of the two load holding valves to permit the movement of
the actuator. When the solenoid valve is not powered, the piloting line of the load holding
valves is connected to the low-pressure line and does not allow for their opening. In the
event of a power failure, the solenoid valve assumes this latter position by means of a
spring, preventing the movement of the load.

The next sections describe the features common to all of the proposed EHA configurations.

3.5. Model of the Operator

The digging duty cycle defined by the JCMAS standard is replicated by the operator
model. In the standard model of the excavator, the position of the actuator is compared
with the desired position and, consequently, the opening of the directional valve is defined.

In all of the proposed EHA solutions, the position of the actuator depends on the flow
rate delivered, given by the rotation speed of the hydraulic machine: the error between the
desired position and the actual one controls the speed of the electric motor by means of a
PI type controller, as indicated in Figure 6.

Figure 6. Actuator control scheme.

3.6. Electric Components

The electrical circuit is a feature common to all studied EHA configurations. It consists
of three electric machines, a battery, and a generator connected to the diesel engine.

To allow for energy recovery during the overrunning load phases, it is essential
to introduce a battery, which has been simulated as an ideal storage system without
considering its dynamic behavior or thermal effects. The data shown in the Table 1 refer to
a li-ion battery with characteristics that can be found in the scientific literature [32].

The electric machine model present in Amesim© allows for operating in all four
quadrants of the torque-speed map: the electric machine can act as a generator, producing
electricity that is then stored by the battery. In the operating range of the electric machines,
a constant average efficiency has been assumed.

The main characteristics of the electrical components, which are the same for all of the
analyzed configurations, are shown in Table 1.

Table 1. Main features of the electric components.

Component Parameter Value

Electric motor

Voltage (V] 400
Max speed (r/min] 4000

Moment of inertia (kg/m2] 0.049

Generator

Min speed (r/min] 1000
Rated speed (r/min] 2200

Voltage (V] 400

Battery

Specific Energy (Wh/kg] 130
Nominal voltage (V] 400

Specific power (W/kg] 2000
Power (kW] 50
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4. Results

This section presents the results obtained with the standard LS circuit and EHA models
to compare their performance. Figure 7 shows the position of the actuators of the front
attachment during the imposed digging cycle. As can be appreciated from the graphs, all of
the analyzed configurations are able to follow the duty cycle, without significant differences
compared to the reference one. This result will allow for a reliable comparison of the fuel
consumption between the various architectures. Figure 8, obtained from the Amesim©
environment, shows the sequence of the positions of the front implement cylinders during
the digging cycle, which consists of lowering the arms to dig an earth bucket and, in the
subsequent extension, to unload the bucket and return it to the initial position.

  
(a) (b) 

(c) 

Figure 7. Actuator response to reference position of the digging cycle: simulations results: (a) boom,
(b) arm, and (c) bucket.

Figure 8. Sequence of front implement movements during the digging cycle.
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The simulations have been used to compare the energy demands of the different studied
solutions. Table 2 shows the mechanical energy supplied by the diesel engine and required by
the pumps for each configuration: for the LS solution, the value represents the energy required
by the main pump, while for the EHA solutions, the values are the ones needed by the alternator.
The results obtained show that EHA solutions allow for greatly reducing the mechanical energy
required, with savings of over 60% for all of the configurations, mainly due to the absence of
pressure compensators and directional valves, typical of the load sensing systems. In particular,
the closed-circuit solutions allow for obtaining higher improvements than the open-circuit
solution. Furthermore, Layout 2 permits a mechanical energy saving of 2% higher than that
of Layout 3. These trends are also confirmed by analyzing the fuel savings. Table 3 shows the
fuel consumption of the diesel engine for each layout, and this involves considering the engine
efficiency map. The savings are also significant in terms of fuel, but with lower percentage
values than for the mechanical energy saving: this is because the efficiency of the thermal engine
strongly depends on the absorbed torque value. During the cycle, the power required by the
diesel engine for EHA solutions is lower than the traditional LS circuit, as shown in Figure 9: in
general, the internal combustion engine has lower efficiency if subjected to lower loads. The
lower power required by the solutions studied opens up the possibility of downsizing the diesel
engine: this solution would allow for even greater fuel saving to be obtained, because it would
permit the engine to work at average loads closer to the maximum, where the efficiency is
higher. The possibility of downsizing the diesel engine has not been investigated in this paper,
but interesting results are reported in [26], applied to an open-circuit EHA solution.

Table 2. Mechanical energy.

Solutions
Mechanical Energy
Supplied by Diesel
Engine (kJ/Cycle)

Mechanical
Energy Saving (%)

Mechanical Energy
Supplied to the

Pumps (kJ/cycle)

Mechanical Energy
Saving (%)

LS 393.6 / 393.6 /
Open Circuit—Layout 1 143.6 63.5% 91.6 76.7%

Closed Circuit—Layout 2 112.2 71.5% 84.7 78.5%
Closed Circuit—Layout 3 136.2 65.4% 109.2 72.3%

Table 3. Diesel engine fuel consumption.

Solutions Fuel Consumption (g/cycle) Fuel Saving (%)

LS 34.49 /
Open Circuit—Layout 1 23.92 30.6%

Closed Circuit—Layout 2 22.50 33.1%
Closed Circuit—Layout 3 23.60 31.6%

Figure 9. Profile of mechanical power during the digging cycle.
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The Figures 10–13 show the Sankey diagrams for all of the studied configurations,
which show the distribution of the mechanical input energy on the different components
that make up the circuit, allowing for quantifying the energy losses. In the LS standard
configuration, in Figure 10, the largest amount of energy loss is attributable to the valve
block, which dissipates more than 57% of the energy. The open-circuit EHA solution, in
Figure 11, has most of the energy losses concentrated in the group consisting of electric and
hydraulic machines. The closed-circuit variants, on the other hand, have similar energy
distributions, as seen in Figures 12 and 13, with lower losses than the open-circuit solution.
In particular, Layout 3 has less energy losses on hydraulic machines than Layout 2, but at
the same time, has much greater losses on the load holding valves, as the piloted check
valves generate higher pressure drops than the on/off valves used in Layout 2.

Figure 10. Energy distribution for the LS standard configuration during the digging cycle.

Figure 11. Energy distribution for configuration during the digging cycle for Open Circuit—Layout 2.
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Figure 12. Energy distribution configuration during the digging cycle for Closed Circuit—Layout 2.

 
Figure 13. Energy distribution configuration during the digging cycle for Closed Circuit—Layout 3.

5. Discussion

This research activity focused on the application of electro-hydraulic solutions to a
9-ton excavator to achieve energy improvements.

The results are obtained through simulations carried out in the Amesim© environment,
starting from a validated mathematical model of an excavator in LS logic, used as a reference.
Three EHA configurations have been considered, one in open-circuit configuration and
two in closed-circuit configuration.

The energy distributions obtained through the Sankey diagrams for the traditional LS
system and for the EHA configurations (open- and closed-circuit) have been determined
for a 9-ton excavator. It has been shown that all EHA solutions allow for reducing the
mechanical energy requirement by over 60%, mainly due to the elimination of the direction
valves required by the traditional load sensing circuit. Furthermore, closed-circuit solutions
show greater benefits than the open-circuit solution. The circuit layout therefore strongly
influences the efficiency and overall consumption of the system and must be carefully
designed. The closed-circuit solutions do not only bring advantages in energy terms. In
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fact, the open-circuit solution involves the use of two hydraulic machines for each actuator,
which involves a much greater cost, size, and weight than the closed-circuit solutions. From
these points of view, the Layout 2 solution allows for reducing the number of components,
also guaranteeing the best energy performance.

However, although closed-circuit solutions have fewer components, they still suffer
from the main drawback typical of all EHA solutions, which is the higher cost. In fact,
electric motors, alternators, and a battery (or supercapacitors) are required, as well as
electro-systems, to manage the electric drives that make this technology less competitive at
present compared with fully hydraulic solutions. Despite this, the advantages presented in
this article could help overcome these disadvantages.

The presented results evaluate the energy efficiency of all circuit solutions through the
application of characteristic work cycles: during the simulations, the digging cycle defined
by the JCMAS standard has been used [33], which takes place without a payload.

This simulation work made it possible to demonstrate the potential of electro-hydraulic
solutions by applying them to a medium-sized excavator. Future developments will
concern the study of other solutions for compensating the different flow rate given using a
differential cylinder.

A further important result is that the mechanical power required by the diesel engine
always has lower values than the standard LS circuit. A future development is represented
by the study of the possibility of reducing the size of the diesel engine: in this way, the
engine would always operate in working points with the highest efficiency, with the
advantage of further reducing fuel consumption.

6. Conclusions

This article presents the results from the application of electro-hydraulic actuation
(EHA) applied to a 9-ton excavator. A validated mathematical model of the traditional
excavator with load sensing circuit has been taken as a reference for subsequent energy
analyses. Three EHA configurations have been also considered: the first in open-circuit
layout and the other two in closed-circuit layouts. The results of the simulations permit to
quantify the possible energy saving given by each studied solution and to characterize in
detail the sources of energy losses.

The standard load sensing circuit features directional valves with pressure compen-
sators, which are a source of great energy losses. EHA solutions, on the other hand, make
it possible to eliminate these components, significantly reducing hydraulic losses and
allowing for considerable fuel savings.

In all of the EHA solutions studied, the mechanical power required by the diesel engine
has lower values compared to the LS standard circuit: this interesting result provides the
starting point for future developments where it is possible to reduce the displacement
of the diesel engine, allowing for increasing its efficiency with the advantage of further
reducing fuel consumption.
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Nomenclature

Abbreviation Definition

EHA Electro-hydraulic actuator
CAD Computer-aided design
ICE Internal combustion engine
JCMAS Japan Construction Machinery Association Standard
LS Load sensing

References

1. Vukovic, M.; Leifeld, R.; Murrenhoff, H. Reducing Fuel Consumption in Hydraulic Excavators—A Comprehensive Analysis.
Energies 2017, 10, 687. [CrossRef]

2. Inderelst, M.; Weidner, F.D.; Stammen, C. Quantification of Energy Saving Influencers. 21t Excavator Hydraulic System—A
Holistic Investigation? In Proceedings of the 11th International Fluid Power Conference, Aachen, Germany, 19–21 March 2018.

3. Joo, C.; Stangl, M. Application of Power Regenerative Boom system to excavator. In Proceedings of the 10. IFK: International
Fluid Power Conference, Dresden, Germany, 8–10 March 2016; Volume 3, pp. 175–184.

4. Li, J.; Zhao, J.; Zhang, X. A Novel Energy Recovery System Integrating Flywheel and Flow Regeneration for a Hydraulic Excavator
Boom System. Energies 2020, 13, 315. [CrossRef]

5. Guan, C.; Xu, X.; Lin, X.; Wang, S.-H. Recovering system of swing braking energy in hydraulic excavator. Zhejiang Daxue Xuebao
(Gongxue Ban)/J. Zhejiang Univ. (Eng. Sci.) 2012, 46, 142–149. [CrossRef]

6. Padovani, D.; Rundo, M.; Altare, G. The Working Hydraulics of Valve-Controlled Mobile Machines: Classification and Review. J.
Dyn. Syst. Meas. Control 2020, 142, 070801. [CrossRef]

7. Rosero, J.A.; Ortega, J.A.; Aldabas, E.; Romeral, L. Moving towards a more electric aircraft. IEEE Aerosp. Electron. Syst. Mag. 2007,
22, 3–9. [CrossRef]

8. Smith, S.; Irving, J.; Irving, J. Electro Hydrostatic Actuators for Control of Undersea Vehicles. In Proceedings of the Joint Undersea
Warfare Technology Fall Conference, Groton, CT, USA, 11–14 August 2016.

9. Schneider, M.; Koch, O.; Weber, J. Green Wheel Loader—Improving fuel economy through energy efficient drive and control
concepts. In Proceedings of the 10th International Fluid Power Conference, Dresden, Germany; 2016.

10. Schmidt, L.; Ketelsen, S.; Brask, M.H.; Mortensen, K.A. A Class of Energy Efficient Self-Contained Electro-Hydraulic Drives with
Self-Locking Capability. Energies 2019, 12, 1866. [CrossRef]

11. Padovani, D.; Ketelsen, S.; Hagen, D.; Schmidt, L. A Self-Contained Electro-Hydraulic Cylinder with Passive Load-Holding
Capability. Energies 2019, 12, 292. [CrossRef]

12. Takahashi, N.; Kondo, T.; Takada, M.; Masutani, K.; Okano, S.; Tsujita, M. Development of Prototype Electro-Hydrostatic Actuator
for Landing Gear Extension and Retraction. In Proceedings of the 7th JFPS International Symposium on Fluid Power, Toyama,
Japan, 15–18 September 2008.

13. Ketelsen, S.; Padovani, D.; Andersen, T.O.; Ebbesen, M.K.; Schmidt, L. Classification and Review of Pump-Controlled Differential
Cylinder Drives. Energies 2019, 12, 1293. [CrossRef]

14. Abekawa, T.; Tanikawa, Y.; Hirosawa, A. Introduction of Komatsu Genuine Hydraulic Oil KOMHYDRO HE; Komatsu Technical
Report; Yumpu: Komatsu, Japan, 2010; Volume 56, No. 163.

15. Niraula, A.; Zhang, S.; Minav, T.; Pietola, M. Effect of Zonal Hydraulics on Energy Consumption and Boom Structure of a
Micro-Excavator. Energies 2018, 11, 2088. [CrossRef]

16. Zhang, S.; Minav, T.; Pietola, M. Improving efficiency of micro excavator with decentralized hydraulics. In Proceedings of the
2017 Bath/ASME Symposium on Fluid Power and Motion Control, FPMC, Sarasota, FL, USA, 16–19 October 2017.

17. Budden, J.J.; Williamson, C. Danfoss Digital Displacement® Excavator: Test Results and Analysis. In Proceedings of the
ASME/BATH 2019 Symposium on Fluid Power and Motion Control, FPMC2019, Longboat Key, FL, USA, 7–9 October 2019.
[CrossRef]

18. Casoli, P.; Gambarotta, A.; Pompini, N.; Riccò, L. Development and Application of Co-simulation and “Control-oriented”
Modeling in the Improvement of Performance and Energy Saving of Mobile Machinery. Energy Procedia 2014, 45, 849–858.
[CrossRef]

19. Casoli, P.; Anthony, A.; Riccò, L. Modeling simulation and experimental verification of an Excavator hydraulic System–Load
sensing flow sharing valve model. In Proceedings of the SAE 2012 Commercial Vehicle Engineering Congress, Rosemont, IL,
USA, 13–14 September 2012. [CrossRef]

20. Casoli, P.; Gambarotta, A.; Pompini, N.; Riccò, L. Coupling excavator hydraulic system and internal combustion engine models
for the real-time simulation. Control Eng. Pract. 2015, 41, 26–37. [CrossRef]

21. Casoli, P.; Pompini, N.; Riccò, L. Simulation of an Excavator Hydraulic System Using Nonlinear Mathematical Models. Stroj.
Vestn.-J. Mech. Eng. 2015, 61, 583–593. [CrossRef]

22. Casoli, P.; Riccò, L.; Campanini, F.; Lettini, A.; Dolcin, C. Mathematical model of a hydraulic excavator for fuel consumption
predictions. In Proceedings of the ASME/BATH Symposium on Fluid Power & Motion Control, Chicago, IL, USA, 12–14 October
2015; Paper No. FPMC2015-9566; ISBN 978-0-7918-5723-6. [CrossRef]

38



Energies 2022, 15, 2583

23. Bedotti, A.; Pastori, M.; Casoli, P. Modelling and energy comparison of system layouts for a hydraulic excavator. Energy Procedia
2018, 148, 26–33. [CrossRef]

24. Casoli, P.; Riccò, L.; Campanini, F.; Bedotti, A. Hydraulic Hybrid Excavator—Mathematical Model Validation and Energy Analysis.
Energies 2016, 9, 1002. [CrossRef]

25. Casoli, P.; Anthony, A.; Rigosi, M. Modeling of an Excavator System—Semi Empirical Hydraulic Pump Model. SAE Int. J. Commer.
Veh. 2011, 4, 242–255. [CrossRef]

26. Casoli, P.; Scolari, F.; Minav, T.; Rundo, M. Comparative Energy Analysis of a Load Sensing System and a Zonal Hydraulics for a
9-Tonne Excavator. Actuators 2020, 9, 39. [CrossRef]

27. Weber, J.; Beck, B.; Fischer, E.; Ivantysyn, R.; Kolks, G.; Kunkis, M.; Lohse, H.; Lübbert, J.; Michel, S.; Schneider, M.; et al. Novel
System Architectures by Individual Drives. In Proceedings of the 10th International Fluid Power Conference, Dresden, Germany,
8–10 March 2016.

28. Michel, S.; Weber, J. Energy-efficient electrohydraulic compact drives for low power applications. In Proceedings of the
ASME/BATH 2012 Fluid Power and Motion Control, Bath, UK, 12–14 September 2012; pp. 93–107.

29. Costa, G.K.; Sepehri, N. Four-Quadrant Analysis and System Design for Single-Rod Hydrostatic Actuators. J. Dyn. Syst. Meas.
Control 2018, 141, 021011. [CrossRef]

30. Minav, T.; Zhang, S.; Pietola, M. Eliminating sizing error in direct-driven hydraulics. In Proceedings of the 10th JFPS International
Symposium on Fluid Power, Fukuoka, Japan, 24–27 October 2017.

31. Järf, A.; Minav, T.; Pietola, M. Nonsymmetrical flow compensation using hydraulic accumulator in direct driven differential
cylinder. In Proceedings of the ASME 2016 9th FPNI Ph.D. Symposium on Fluid Power, FPNI2016, Florianópolis, Brazil, 26–28
October 2016.

32. Rahn, C.D.; Wang, C.-Y. Battery Systems Engineering; John Wiley& Sons: New York, NY, USA, 2013; ISBN 9781119979500.
33. Japanese Technical Standard JCMAS H020: 2007; Earth-Moving Machinery—Fuel Consumption on Hydraulic Excavator—Test

Procedure. JCMAS: Tokyo, Japan, 2007.

39



Citation: Kauranne, H. Effect of

Operating Parameters on Efficiency

of Swash-Plate Type Axial Piston

Pump. Energies 2022, 15, 4030.

https://doi.org/10.3390/en15114030

Academic Editors: Paolo Casoli and

Massimo Rundo

Received: 28 April 2022

Accepted: 24 May 2022

Published: 30 May 2022

Publisher’s Note: MDPI stays neutral

with regard to jurisdictional claims in

published maps and institutional affil-

iations.

Copyright: © 2022 by the author.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

energies

Article

Effect of Operating Parameters on Efficiency of Swash-Plate
Type Axial Piston Pump

Heikki Kauranne 1,2

1 Department of Mechanical Engineering, Aalto University, 02150 Espoo, Finland; heikki.kauranne@aalto.fi
2 Fiellberg Oy, 01720 Vantaa, Finland

Abstract: In an effort to improve the energy economics of hydraulic systems, attention should be
paid to reducing power losses in two main entities, energy converting components, and energy
controlling and conveying components. Achieving the former requires utilizing components’ most
energy efficient operating range. The energy converting efficiency of a pump, which is the primary
energy converter in a hydraulic system, is determined by several operational factors. Of these, only
pressure and rotational speed are normally considered, but also the fluid temperature and derived
capacity with variable displacement pumps have a major effect on the efficiency. Omitting these
factors may lead to running the pump outside its most efficient operation range and cause high
energy losses. Operating the pump in its optimal region calls, however, for detailed knowledge of its
performance characteristics, which are not generally made public by the pump manufacturers. This
study presents the performance measurement results of a variable displacement axial piston pump in
the form of efficiencies as a function of pressure, rotational speed, derived capacity and inlet fluid
temperature. The results show that all of these factors have a significant impact on pump’s energy
conversion efficiency and should, therefore, be taken into account when operating a hydraulic pump.

Keywords: axial piston pump; variable displacement; swash-plate; hydromechanical; volumetric;
efficiency; operation point; operation range

1. Introduction

Hydraulic systems are widely used both in stationary and mobile machines because of
their high power density and suitability to implement versatile functions. These systems,
however, typically have mediocre or even low energy efficiency, especially in applications
where the operational circumstances of the system change along with the work cycle, and
where the system cannot continuously operate at or close to its optimized operation point.
Low energy efficiency, in turn, leads to high energy consumption in relation to a system’s
energy output and/or performance. This then leads to the need for a cooling system that
increases the energy consumption of the system even more.

The energy efficiency of a pump is dependent on the operation point of the pump, i.e.,
the prevailing pressure difference between the pump’s inlet and outlet ports, the rotational
speed of the pump, the displacement setting value in the case of a variable displacement
pump, the temperature of the fluid and the fluid characteristics like viscosity and density. In
relation to all of these, pumps have optimal operation points or ranges where the efficiency
of the pump is at its highest value. However, operating the pump in these regions requires
knowledge that is not commonly and publicly available as pump manufacturers do not
tend to publish comprehensive performance data of their products. For some individual
pumps, one may find efficiency data in some research papers, e.g., Innas published [1]. If
pump manufacturers publish something more than pure theoretical and lossless values,
it usually is 2D efficiency curves as a function of pressure and with one or few selected
rotational speeds. This kind of data does not fulfil the needs of a system designer that
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strives to develop a system, e.g., an electrical motor-run system, where the motor and
pump combination is to be used to control the system actuators.

The design of an energy efficient hydraulic system requires comprehensive knowledge of
the pump’s characteristics and performance over the total ranges of the operational parameters,
at the lowest pressure, rotational speed and displacement settings in the case of variable
displacement pumps. For pump users, the only way to achieve this seems to be measuring the
pump characteristics. This, however, requires a significant investment in research apparatus
and environment, and is therefore implemented by very few machine manufacturers.

The aim of this study was to determine the dependence of a swash-plate type axial
piston pump’s performance on the above-mentioned system parameters.

2. Measurement Systems and Determining Pump’s Steady-State Performance

The methods for measuring positive displacement pumps’ and motors’ characteristics
and performance are determined in two ISO standards. ISO 8426:2008 [2] describes the
methods for determining the derived capacity of these machines, and ISO 4409:2019 [3]
describes the methods for determining their steady state performance. These standards
determine the basic structure of the measurement systems (e.g., Figure 1 open circuit for
unidirectional pumps), measured quantities, positions of the transducers in relation to
the measured machine and each other, system fluid with its filtration and temperature,
magnitudes of systematic errors permitted in each measurement accuracy class, and the
form of measurement reporting.

When conducting pump measurements, two other ISO standards should also be taken
into account. ISO 9110-1:2020 [4] and ISO 9110-2:2020 [5] discuss general measurement
related issues as measurement uncertainty, factors affecting it, determination of uncertainty,
and calibration of measurement equipment.

Figure 1 presents the basic open circuit measurement system for unidirectional pumps
as described in [2,3]. Positions of pressure and temperature measuring devices (hereafter
referred as transducers) are determined by the measure of inner diameter of the fluid
conduits, but the positions of flow transducers are not so rigorously governed. The recom-
mendation is to place it close to the pump outlet port, and when not possible, as shown in
the Figure with the caption “alternative position”, the inlet port of the flow transducer has
to be equipped with pressure and temperature transducers, and the produced actual pump
flow rate is to be calculated with the methods announced in the standards. This calculation is
required because the fluid temperature and pressure at the far-placed flow transducer may
deviate significantly from the values prevailing at the pump’s outlet port. Based on pressure
and flow rate measurement at the outlet of the pump, the produced hydraulic power, i.e., the
produced output power, can be determined. Determination of the pump’s power losses, and
thus also its efficiencies, also requires the measurement of the pump’s input power. This is a
product of the driving rotational frequency and torque at the pump’s axle.

When a pump is operated in a real application, its characteristics are affected by the
pressure difference prevailing between outlet and inlet ports, the rotational speed of the
pump, the pump displacement setting in variable displacement pumps, the characteristics
of the fluid used, the impurity level, both the free and dissolved air content of the fluid,
and the operational temperatures, i.e., fluid temperature and ambient temperature. In
pump measurements, the emphasis is in solving the effects of pressure, rotational speed
and displacement on pump characteristics, and, therefore, the effects of all other factors
should be eliminated. This calls for adequate filtering and temperature management of
the fluid, as well as ambient temperature management. In addition, to be able to produce
comparable results between various pumps and measurers, ISO 4409 recommends using
fluids of certain viscosity grades and indexes, classes, and densities. Naturally, the fluid
used in the measurements has to meet the demands of the pump manufacturer.
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Figure 1. Basic measurement system for determining derived capacity and steady-state performance
of a unidirectional positive displacement pump according to standards ISO 8426 and ISO 4409 [2,3].

Control of pressure difference across the pump ports requires some sort of loading device.
In the system of Figure 1 this is a simple manually operated pressure relief valve, but when
conducting a wide or comprehensive series of measurements with multiple pressure levels,
a more user-friendly and accurate device, such as an electrically controlled proportional
pressure relief valve or an electrically controlled flow control valve, should be used instead. If
the effect of the rotational speed on the pump characteristics lies in the field of interest, it calls
for control of the pump’s drive motor’s rotational speed. This is typically implemented by a
frequency converter. In the case of variable displacement pumps, the applied displacement
control should be such that it prevents unintentional alterations of setting value during
measurements, and should also be equipped with a displacement indicating transducer to
verify the value of the displacement setting. The more accurate and easily operated the
controls are for all of these available, the shorter time it takes to shift from one measurement
point (operating point) to another and conduct a series of measurements.

Determination of the pump’s power losses and efficiency by calculation from the
measurement data necessitates determination of the pump’s derived capacity first. A basic
method for this is presented in ISO 8426:2008 [2], but also more advanced methods have
been proposed [6]. The ISO 8426 method is based on measurements on one rotational speed
and several outlet pressures, whose number is dictated by the measurement class striven
for. Measurement results are placed in a qV/p set of coordinates and the pump output
flow at zero pressure difference between the pump’s inlet and outlet ports is determined
by the least squares method and extrapolation. The value of derived capacity is then
determined by dividing this flow rate by the used rotational speed. In more advanced
methods, such as those of Toet and Wilson-II [6,7], determining the derived capacity is
based on measurements on several pressure and rotational speed levels. In these methods
the determination is two-phased, e.g., in the Wilson-II method the first phase is practically
similar to ISO 8426, but the qV/p dependence is determined at several levels of constant
rotational speeds, after which the calculated speed-dependent angular coefficients Vi are
placed in a Vi/n set of coordinates, and the derived capacity is determined with the least
squares method and extrapolated to speed value zero. In the Toet method, the procedure
is reversed to that of the Wilson-II method, i.e., first is the determination of the flow rate
dependence on rotational speed at several pressures, then placing the solved pressure
dependent angular coefficients Vi in a Vi/p set of coordinates, and the derived capacity is
determined with the least squares method and extrapolated to pressure value zero.

Figure 2 presents an example of a comparison of derived capacity values calculated
with four methods using the same measurement data, and using the value given by the
Wilson-II method as a reference. The now replaced ISO 8426 method from 1988 was based
on measurements at one low-pressure level and with several rotational speeds, which
resulted in a lower than real derived capacity. When used in calculating efficiencies,
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this would result in higher than real volumetric efficiency values and lower than real
hydromechanical efficiency values. The current ISO 8426 method from 2008 results in
derived capacity, which is very close to the values given by the Toet and Wilson-II methods
even though it is a single-phased determination method. The reason for this is that the
volumetric losses of pumps are mainly pressure-related and the effect of rotational speed,
which the new ISO 8426 method omits, is minor on the flow losses. Regardless of which
one of the three latter methods is used in determining the derived capacity, the data used
for it should be selected carefully and any data affected by obvious measurement error
should be discarded from calculation, since it might have a strong distorting effect on the
resulting value of the derived capacity.

Figure 2. Derived capacities determined with different methods. Values relative to the result given
by the Wilson-II method.

The minor deviation between the results of the Toet and Wilson-II methods illustrates
the importance of keeping the values of parametrizing quantities accurately at selected
levels, since even minor deviations from these will induce errors in calculated angular
coefficients in the first calculation phase and therefore also in the second calculation phase.
If the deviations in the selected measurement quantity levels were zero, the Toet and
Wilson-II methods would give the same result. In the measurements on which the results
of Figure 2 are based, the value of pump outlet pressure between separate measurement
points has varied relatively more than the rotational speed, thus the minor value of the
derived capacity of the Toet method.

Determining the value of derived capacity is of great importance as it has a major
impact on the calculated values of power, torque and flow losses, and therefore also on the
calculated efficiencies. An incorrect value will lead to either over- or underestimating the
losses and efficiencies depending on the direction of the error in derived capacity. Therefore,
the measurements should be conducted as accurately as possible.

ISO 4409 classifies the measurements in to three accuracy classes: A, B and C. A certain
measurement point in steady-state measurements is acceptable for calculation only when
the indicated value of the measurement parameter is within the limits presented in Table 1.
In ISO 8426, which determines the conditions for derived capacity measurements, the
differences to the values presented in the table are that the pressure boundary value is at
0.15 bar and the allowed temperature variation is half of the value presented in Table 1. In
addition, ISO 8426 also determines a permissible variation region for ambient temperature.

Equations for calculating a pump’s performance are presented in standard ISO 4391 [8].
These equations are simple to use and require no knowledge of the pump’s internal
structure. The methods and equations presented in this standard and older version of
ISO 4409 are, however, not fully consistent in a methodological sense. Some criticism has
been presented towards the equations presented in the standards, e.g., the comparison
of pressurized flow rate with zero pressure flow rate, i.e., compressed fluid volume to
uncompressed fluid volume, to produce volumetric efficiency.
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Table 1. Maximum permissible variations in the values of measurement parameters in each measure-
ment accuracy class when measuring steady state performance of pumps [3].

Measurement
Parameter and Unit

Limits of Permissible Variations
in Measurement Accuracy Class

A B C

Rotational frequency, % ±0.5 ±1.0 ±2.0
Torque, % ±0.5 ±1.0 ±2.0

Flow rate, % ±0.5 ±1.5 ±2.5
Pressure (p < 2 bar), bar ±0.01 ±0.03 ±0.05
Pressure (p > 2 bar), % ±0.5 ±1.5 ±2.5

Temperature, ◦C ±1.0 ±2.0 ±4.0

Achten et al. [9] pointed out two main deficiencies in the calculation methods: omitting
the effect of fluid compressibility and omitting the effect of the pump’s dead volume in
displacement chambers. Instead of announcing the pump performance in terms of efficiency
and dividing the total efficiency into volumetric and hydromechanical efficiency as in ISO
standards, Achten et al. proposed presenting the pump performance in terms of power
losses and dividing these into overall, volumetric, and hydromechanical power losses. By
taking into account the two deficiencies mentioned, they derived new equations for losses
using thermodynamical analysis of pump power as a starting point. The heat losses were
neglected and the kinetic energies of inlet and outlet flows were assumed to be equal. As a
result, Achten et al. proposed two power loss factors, which take into account the fluid’s
compressibility and the dead volume in the displacement chamber, to be added to the
standards’ efficiency equations and the loss equations derived from them.

Later, both Li and Barkei [10], and Schänzle and Pelz [11] continued the work on
developing more accurate definitions for the efficiencies of hydrostatic machines. Similar
to Achten et al., both of them used the thermodynamical analysis of pumping processes as
a starting point, but after pointing out some inconsistencies in the work of Achten et al.,
they resulted in different efficiency definitions, and unlike Achten et al., they were able
to present a definition for the volumetric efficiency as well. The efficiency definitions
of both Li and Barkei, and Schänzle and Pelz are basically the same, but since the latter
researchers chose to make some simplifying assumptions concerning the compressibility of
the fluid and the relationship between the density of the fluid and the prevailing pressure,
which the former did not make, the work of Schänzle and Pelz resulted in somewhat
simpler efficiency definitions compared to Li and Barkei. In this way, Schänzle and Pelz,
however, managed to achieve one of their main goals, which was to create practical and
easily applicable efficiency definitions. The more complete and accurate Li and Barkei
definitions for hydromechanical and total efficiencies include a quantity called volume
specific enthalpy, which requires more measurement effort from the user when determining
its value for the efficiency equations.

Figure 3 presents factors affecting effective outlet flow in a variable displacement
pump. In fixed displacement pump, the control flow can be omitted, and depending on the
pump’s structure type and implementation, the external leakage may also be omitted.

In Figure 3, the low-pressure flow at the pump inlet port is transformed into high-
pressure flow at the outlet port by the displacement elements of the pump. Because of the
compressibility of the fluid, the effective outlet flow is decreased in relation to the inlet flow
even though the mass flow could be equal if there were no flow losses inside the pump.
These losses, however, exist. Part of the fluid volume taken in is used in lubrication of
the rotating or reciprocating elements of the pump structure, and this flow of the fluid is
pushed back from the high-pressure regions to the low-pressure regions of the structure,
or simply put, from the pump outlet either to the pump inlet or/and to the external drain
port via the pump casing. Part of the input flow is lost in fluid compression as presented
by the above referred researchers, and in variable displacement pumps, a portion of flow is
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also lost to the displacement control system, if it is hydraulically controlled. The flow rate
remaining after these losses is the effective flow rate of the pump.

Figure 3. Flow rates of a variable displacement pump.

When determining pump performance, applying the Schänzle and Pelz proposed
efficiency determinations, including the averaged isentropic compressibility, is fairly simple,
as it only requires knowledge of the bulk modulus of the fluid and its dependency on
pressure, temperature, and percentage of dissolved air in the fluid. These determinations,
however, also require knowledge of the pump’s dead volume, which in turn necessitates
knowledge of the pump structure and measures, which are challenging to determine and
usually out of reach of the person who does the performance measurements. To be able to
apply these efficiency determinations, an experimental method for determining the dead
volume should be developed.

The magnitudes and directions of the differences in efficiency values calculated with
the ISO standards’ determinations and Schänzle and Pelz determinations depend on the
magnitude of the pump’s dead volume, the value of the averaged isentropic compressibility,
and the pressure.

The measurement results, i.e., the calculated efficiencies, shown in this article were de-
termined using the methods presented in the ISO standards. The efficiency determinations
presented by Schänzle and Pelz are omitted, as the research plan for measurements and
also actual pump measurements were made before the publication of their article [10,11].
The measured pumps and used fluids were no longer available at that point, making, e.g.,
the determination of bulk moduli of the fluids impossible.

3. Efficiency Characteristics of a Swash-Plate Type Variable Displacement Axial Piston
Pump

Measurements in this study were focused on solving the effects of various operational
parameters on the performance of the axial piston pump. Figure 4 presents the principle
image of the measurement system, where two different sized proportional directional
control valves connected in parallel were used as loading devices for accurate control of
outlet pressure at low and high flow rates. Individual parameter values and value ranges
used in measurements are presented in Table 2. Measurements were carried out using a
mineral oil-based fluid of viscosity class 46.

The inlet pressure was maintained stable and at very close to 0 bar (overpressure) by
placing the pump below the tank that had an oil column height of one meter, and by using
a large diameter inlet tube to achieve very low flow velocity, thus achieving negligible flow
friction. The resultant variation in inlet pressure in measurements was of class 0.04 bar. Mea-
surement uncertainties for each measured parameter presented in Table 3 were determined
from the data of transducers, amplifiers, and data acquisition units.
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Figure 4. Measurement system.

Table 2. Values of the measurement parameters. Pressure values indicated in relation to atmospheric
pressure. Maximum displacement of the measured nine piston pump is 45 cm3/r, nominal pressure
280 bar, and maximum rotational speed 2600 r/min.

Parameter Symbol Value Step Unit

Rotational speed n 500–2000 250 r/min
Inlet pressure p1 0 - bar

Outlet pressure p2 25–250 25 bar
Derived capacity Vi 45, 33, 23, 12 - cm3/r
Inlet temperature θi 25, 60 - ◦C

Table 3. Uncertainty values of measurement parameters. Coverage factor used in calculating
expanded uncertainty k = 2.

Parameter
Combined

Uncertainty
Expanded

Uncertainty
Unit

Rotational speed ±1.70 ±3.50 r/min
Torque ±0.41 ±0.82 Nm

Flow rate ±0.33 ±0.66 L/min
Inlet pressure ±7.20 × 10−3 ±1.40 × 10−2 bar

Outlet pressure ±0.60 ±1.20 bar
Inlet and outlet temperature ±0.61 ±1.22 ◦C

The main frame of the measurements was to start from the largest value of derived
capacity and lowest inlet temperature, followed by unchanged capacity and highest inlet
temperature. Then, adjustment of the derived capacity to the next smaller value and
repeating the inlet temperature sequence until all the selected derived capacities had been
passed. The inner measurement loop at each step of capacity and inlet temperature was at
each selected value of rotational speed. The outlet pressure was varied through the selected
range at selected steps.

The values of the derived capacity listed in Table 2 are nominal values; the actual
values used in calculating pump efficiencies were determined using measurement data
and the Wilson-II method. In measurements, the pump was stripped of controllers and the
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pressure control channel of the pump’s displacement control piston was disconnected from
the pump’s outlet and connected to a zero-pressure tank instead. This, as well as using
the two swash-plate angle limiting screws for maximum and minimum displacement to
lock the swash-plate in place, inhibited the angle from altering during measurements, thus
keeping the value of derived capacity constant at the set value.

In the following, the measurement results are presented from several points of view
and commented on briefly. A wider discussion of the results is presented in Section 4.

Figure 5 gives an overall picture of pump efficiencies’ behavior and dependence on
pressure difference between outlet and inlet ports and rotational speed at two values of
derived capacity and inlet fluid temperature. In volumetric efficiency, the high fluid viscos-
ity produces high efficiency values, but in hydromechanical efficiency this phenomenon is
achieved only at combinations of high pressures, low rotational speeds, and high values of
derived capacity.

Figure 5. Efficiencies of a variable displacement axial piston pump as a function of pressure and
rotational speed with derived capacities of 45 cm3/r and 12 cm3/r, and with inlet temperatures of 25 ◦C
[ν = 84 cSt] (red wireframe) and 60 ◦C [ν = 21 cSt] (blue surface). Note the varying efficiency scales.

Figure 6 presents the dependence of the pump’s total efficiency on pressure and
rotational speed at four values of derived capacity and two values of fluid temperature
at the pump’s inlet in the form of contour plots. Reducing the value of derived capacity
decreases the efficiency throughout the operational ranges, and rising temperature, i.e.,
decreasing fluid viscosity, moves the topography of high efficiencies to the direction of
lower pressures.

In the following, the general results of Figures 5 and 6, above, are presented in more
detail with 2D diagrams. When interpreting the effect of fluid inlet temperature on the
pump efficiencies, it must be noted that the fluid viscosities used in the measurements
were well within the range recommended by the pump manufacturer. Using very high or
very low viscosities will change the behavior of the efficiencies drastically and may lead to
damage to the pump. It also must be noted that the presented results are related to one
certain variable displacement axial piston pump construction and cannot be generalized to
apply to any kind of axial piston pump. The purpose of this presentation is to illustrate the
effects of various operational parameters on the performance of a hydraulic pump.

Figures 7–9 present the dependence of the pump’s total, volumetric, and hydrome-
chanical efficiency on the pressure difference between outlet and inlet ports. The results are
shown for four constant rotational speeds, two derived capacities, and two inlet tempera-
tures (i.e., inlet fluid viscosities).
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Figure 6. Total efficiency of an axial piston pump as a function of pressure and rotational speed with
four values of derived capacities and two inlet temperatures. Contour lines were created from surface
plots using the mesh determined by the step values presented in Table 2.

The effect of pressure on total efficiency is twofold. When moving from low pressures
to high pressures, the efficiency first increases strongly and then decreases slowly. At low
pressures, low rotational speeds result in higher efficiencies than high rotational speeds, but
the situation turns the other way at high pressures. Decreasing derived capacity diminishes
total efficiency all over, while increasing temperature (i.e., decreasing viscosity) has a milder
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effect on the total efficiency, increasing the efficiency at lower pressures and decreasing it at
higher pressures, the effect being dependent on the rotational speed.

Figure 7. Total efficiency of an axial piston pump as a function of pressure with four constant
rotational speeds. The ten-calculation-point efficiency curves have been smoothed with B-splines.
Note the varying efficiency scales.

The effect of pressure on volumetric efficiency is highly linear, the value of the ef-
ficiency decreases with rising pressure. The effect of the other affecting parameters is
conveyed merely in the slope of the efficiency alteration with pressure. Lowering the
derived capacity and increasing the temperature (i.e., lowering the viscosity) result in
decreased volumetric efficiency.

The effect of pressure on hydromechanical efficiency resembles the behavior of total
efficiency, although the decrease in hydromechanical efficiency does not take place at
high pressures. Likewise, with volumetric efficiency, the pressure dictates the general
behavior of hydromechanical efficiency, while the effects of the other affecting parameters
manifest themselves in the vertical positioning of the efficiency curves. Reducing the
derived capacity decreases the efficiency, while raising the temperature (i.e., decreasing
inlet fluid viscosity) increases the efficiency. Low rotational speeds tend to increase the
efficiency, although this effect is lesser in larger derived capacities.

Figures 10–12 present the above shown results from an inverse point of view, showing
the dependence of the pump’s total, volumetric, and hydromechanical efficiency on rota-
tional speed with selected constant pressures. Results are shown for five pressures, two
derived capacities and two inlet temperatures (i.e., inlet fluid viscosities).

The effect of rotational speed on total efficiency depends on the prevailing pressure;
at low pressures the efficiency decreases with increasing rotational speed, whilst at high
pressures the efficiency rises. As noted above, the decreasing derived capacity results in
diminishing efficiency, as does the rise of inlet temperature (i.e., inlet fluid temperature), the
effect of the latter being strongest at combinations of high pressures and low rotational speeds.
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Figure 8. Volumetric efficiency of an axial piston pump as a function of pressure with four constant
rotational speeds. The ten-calculation-point efficiency curves have been smoothed with B-splines.
Note the varying efficiency scales.

Figure 9. Hydromechanical efficiency of an axial piston pump as a function of pressure with four
constant rotational speeds. The ten-calculation-point efficiency curves have been smoothed with
B-splines. Note the varying efficiency scales.
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Figure 10. Total efficiency of an axial piston pump as a function of rotational speed with five constant
pressures. The seven-calculation-point efficiency curves have been smoothed with B-splines. Note
the varying efficiency scales.

The effect of rotational speed on volumetric efficiency is generally elevating. The rate
of change in efficiency is the strongest the higher the pressure, although at low pressures
the efficiency is already at a high level starting from low rotational speeds. In addition,
here, a decrease of the derived capacity leads to diminishing efficiency, and the same effect
has also the increasing temperature (i.e., inlet fluid temperature).

The effect of rotational speed on hydromechanical efficiency is generally linear, rising
speed results in decreased efficiency, although the effect is strongest at low pressures, whilst
at high pressures the effect is minimal or even non-existing. As with the other efficiencies
presented above, decreasing the derived capacity leads to diminishing efficiency, and the
rate of change is largest at low pressures. The temperature rise (i.e., decreasing inlet fluid
viscosity) increases the efficiency in general.

Figures 13–15 present the above shown results from a third angle, showing the depen-
dence of the pump’s total, volumetric, and hydromechanical efficiency on derived capacity
with selected constant pressures. Results are shown for six pressures, one rotational speed,
and two inlet temperatures (i.e., inlet fluid viscosities).

As already demonstrated above, the total efficiency is higher the closer the derived
capacity of a variable displacement pump is to its maximum value. Rising pressure basically
increases the efficiency, but from the middle pressure region up, the effect is non-existent,
and with high temperatures (i.e., inlet fluid temperatures) even the opposite.
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Figure 11. Volumetric efficiency of an axial piston pump as a function of rotational speed with five
constant pressures. The seven-calculation-point efficiency curves have been smoothed with B-splines.
Note the varying efficiency scales.

Figure 12. Hydromechanical efficiency of an axial piston pump as a function of rotational speed
with five constant pressures. The seven-calculation-point efficiency curves have been smoothed with
B-splines. Note the varying efficiency scales.
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Figure 13. Total efficiency of an axial piston pump as a function of derived capacity with six constant
pressures. The four-calculation-point efficiency curves have been smoothed with B-splines.

Increasing derived capacity has a similar rising effect on the volumetric efficiency,
but here the efficiency is coherently: the lower the pressure, the higher the efficiency. At
low pressures, however, the effect of derived capacity on efficiency is minimal. Rise of
temperature (i.e., inlet fluid temperature) decreases the efficiency throughout, but here the
effect diminishes with decreasing pressure.

Figure 14. Volumetric efficiency of an axial piston pump as a function of derived capacity with six
constant pressures. The four-calculation-point efficiency curves have been smoothed with B-splines.

In the case of hydromechanical efficiency, the effect of increasing derived capacity
on the efficiency is not as coherent as with above presented efficiencies. At low pressures
the efficiency rises with increasing derived capacity, but at high pressures the efficiency
starts to decrease with increasing capacity. Rising temperature (i.e., inlet fluid temperature)
increases the efficiency, although this effect diminishes with the combination of rising
pressure and increasing derived capacity.

Figure 15. Hydromechanical efficiency of an axial piston pump as a function of derived capacity with
six constant pressures. The four-calculation-point efficiency curves have been smoothed with B-splines.
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4. Discussion

The pump’s performance is dependent on several phenomena, whose combined effect
on the pump is typically described in terms of the pump’s total efficiency. This, in turn, can
be divided into two subefficiencies, namely volumetric efficiency and hydromechanical
efficiency. These then are affected by the parameter values prevailing at the operating point
of the pump. This point is usually defined by the pressure difference between the pump’s
inlet and outlet ports, the rotational speed of the pump, and the inlet fluid temperature
since it affects the viscosity and density of the fluid. In the case of variable displacement
pumps, the derived capacity of the pump becomes one of the factors defining the pump’s
operating point.

The volumetric efficiency is determined by several types of flow loss (see Figure 3)
taking place inside the pump, and hydromechanical efficiency is determined by the minor
losses and friction losses taking place inside the pump as well. The minor losses are due to
the flow resistance occurring in the pump’s complicated internal flow channels, and their
magnitude increases with the flow that passes through the pump. Friction losses in turn
are due to the parts moving in relation to each other and separated by a lubrication layer,
the circumstance of which is defined as viscous friction. Both of these losses are dependent
on fluid viscosity and density, i.e., on fluid temperature, besides which the minor losses are
also dependent on the flow rate that passes through the pump, while the friction losses are
dependent on the pressure that affects the thickness of the lubrication layer, separating the
parts that move relative to each other. The higher the pressure, the thicker the lubrication
layer, although the thickness of the layer cannot increase unlimitedly due to the physical
limitations of the pump structure.

As mentioned, the temperature considered to affect the operating point of a pump is the
fluid inlet temperature. This, however, is not the temperature inside the pump, where the
minor and friction losses turn into power losses that raise the temperature of both the fluid
and pump structure. This in turn leads to alteration of the fluid properties and also of the
dimensions of the pump parts, whose effects on the pump performance are virtually impossible
to separate from the effects of pressure, rotational speed, and derived capacity. Therefore, these
effects induced by the temperature rise in the pump are ignored in this presentation.

Factors that are not commonly, or at all, considered in determining pump performance
in an operating point are the properties of fluid other than viscosity and density. For
example, the lubrication properties or the pressure durability of the fluid may have a
significant impact on the pump performance, either on the overall operating range, or after
reaching some limiting operating point in relation to, e.g., pressure or temperature. This
should be noted, and the recommendations of the pump manufacturer should be followed
considering the properties of the fluid.

In the following, the effects of the main parameters influencing the performance of a
variable displacement axial piston pump are discussed in terms of volumetric, hydrome-
chanical, and total efficiency. It must be noted that the conclusions drawn apply only to
the measured value ranges of the measurement parameters. In the conducted study, it was
not possible to do measurements over the total pressure and rotational speed ranges of the
pump because of the underpowered prime mover.

Effects of the studied parameters on volumetric efficiency are coherent, a unidirectional
change in a parameter value only either reduces or increases the value of the efficiency.
Increasing pressure difference between the inlet and outlet ports of the pump increases
flow through various leakage paths in pump and it also increases the compressibility of
the fluid thus reducing pump’s effective outlet flow rate in relation to pump’s theoretical
flow delivery resulting in decreasing volumetric efficiency. The change in efficiency with
pressure is very linear which implies that the leakage is dominantly laminar in nature.
The effect of pressure on the efficiency is dependent on rotational speed in a way that
the higher the rotational speed the lesser the relative decrease of efficiency with rising
pressure. This implies that the amount of leakage is primarily determined by the pressure,
and only remotely affected by the rotational speed, which is confirmed by the behavior
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of the efficiency as a function of rotational speed. Increasing rotational speed raises the
theoretical flow of the pump, and when the rotational speed does not significantly affect the
amount of the leakage, but remains close to constant, the raise of rotational speed results
into increase of volumetric efficiency. This characteristic is emphasized at high pressures,
where the leakages are higher than at low pressures, and where also the changes that take
place in the leakage flow/theoretical flow rate proportion are higher when rotational speed
is raised. Increase of the derived capacity has similar effect on the efficiency like raising
rotational speed, the theoretical flow increases with increasing derived capacity while the
pressure-dependent leakage stays close to constant resulting in raising volumetric efficiency.
The change in efficiency is the larger the higher is the pressure, since then the portion of the
pressure-dependent leakage of the pump’s theoretical flow delivery diminishes stronger
with the increasing derived capacity than it does at low pressures. Compared to the effects
of increasing rotational speed and derived capacity, temperature rise has an opposite effect
on the volumetric efficiency, it decreases the viscosity and density of the fluid, which
both have increasing effect on the pressure dependent laminar and turbulent leakage thus
reducing the volumetric efficiency.

The effects of the studied parameters on hydromechanical efficiency are more com-
plex, since this efficiency is affected by two major phenomenon, the minor losses and the
viscous friction losses, whose magnitudes have the above mentioned dependencies on
fluid properties, flow rate, and pressure. Raising pressure increases the hydromechanical
efficiency, which can be deduced to be due to the reducing viscous friction losses between
the moving parts of the pump. The effect of pressure on the minor losses can in turn
be assumed to be negligible, as the pressure-related alterations in the dimensions of the
pump’s flow channels are of minuscule class. In lubrication points, however, the rising
pressure increases the height of the lubrication gap and thus also the lubrication layer,
resulting in lower viscous friction between the moving parts, which then results in higher
hydromechanical efficiency. Increase of the efficiency with the raising of pressure is not
linear, which implies that the lubrications gap heights cannot grow limitlessly with rising
pressure, but are restricted by the construction and the materials of the pump. Increasing
rotational speed is supposed, in general, to have a reducing effect on the hydromechanical
efficiency, which is due to the increasing flow through the pump that in turn increases the
pump’s minor losses. In the studied pump, the efficiency reduction with raising rotational
speed is, however, heavily pressure dependent, and is strongest at low pressures, while
at high pressures it is very moderate or even non-existent. This implies that in the case
of this pump, the rotational speed does not have a major impact on the hydromechanical
efficiency, but the deterioration of the efficiency with the increase of speed is primarily due
to the viscous friction losses. These are the higher, the lower is the pressure and the higher
is the rotational speed, because of the resulting thinner lubrication layer. Increase of the
derived capacity increases the hydromechanical efficiency, the phenomenon being strongly
pressure dependent. At low pressures the alteration of the efficiency with derived capacity
is higher than at high pressures. As with rotational speed, the dependency of the efficiency
on derived capacity is mostly related to viscous friction losses while the effect of minor
losses is lesser, the latter manifesting themselves only at high flow rates. An example of this
is the decrease of the efficiency with increasing derived capacity that takes place at high
pressures. A temperature rise that decreases the values of viscosity and density, results
in increasing hydromechanical efficiency due to the reducing minor and viscous friction
losses. This phenomenon has a limit, especially at some temperatures, e.g., the lubrication
capability of the fluid collapses, resulting in high friction losses.

Total efficiency is the product of volumetric and hydromechanics efficiency, and
therefore it incorporates the parameter dependencies of both. Which of these has the
dominating effect on the total efficiency depends on the operating point. In this context,
domination here refers to the effect that significantly decreases the total efficiency.

Regarding the pressure dependency of the total efficiency, the hydromechanical effi-
ciency dominates at low pressures, while the weight of the volumetric efficiency on the
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total efficiency increases with rising pressure. Rotational speed, derived capacity, or fluid
temperature do not have a significant impact on the general dependency of total efficiency
on pressure. The highest total efficiency settles somewhere between the lowest and highest
value in the pressure range recommended by the pump manufacturer.

The effect of rotational speed on total efficiency is not so clear. Neither of the subef-
ficiencies clearly dominate the total efficiency if the pump is operated at low or medium
pressures and at high derived capacities. Significant domination occurs only when the
pump is operated at low rotational speeds, in which case the volumetric efficiency has the
dominant effect. This is further emphasized at low values of derived capacity. The rise in
the temperature decreases the total efficiency consistently throughout the rotational speed
range. The highest total efficiency settles at the high end of the rotational speed range
recommended by the pump manufacturer.

In addition, the effect of derived capacity on total efficiency is twofold depending
on the values of the other affecting parameters. At low pressures, the hydromechanical
efficiency strongly dominates the total efficiency, but when pressure is raised, the volumetric
efficiency takes over the dominating role. The temperature has similar kind of effect,
hydromechanical efficiency dominates at low temperatures, but at higher temperatures the
impact difference between the two subefficiencies diminishes. Rotational speed does not
affect the relation of the subefficiencies significantly. The highest total efficiency settles in
the high end of the derived capacity range.

The efficiency dependencies on various operating point parameters observed in the
measurements are collected in the Table 4 in form of a rough generalization.

Table 4. Rough generalization of empirical changes in the efficiencies of the studied swash-plate type
axial piston pump in relation to the increase in the operating point parameter values.

Rise of
Volumetric
Efficiency

Hydromechanical
Efficiency

Total Efficiency

Pressure Decreases Increases Not unambiguous
Rotational speed Increases Decreases slightly Not unambiguous
Derived capacity Increases Increases slightly Increases

Temperature Decreases Increases slightly Decreases

Although this study did not include examination of pump models, the generalized
observations presented in Table 4 are quite well aligned with the structures of common
and quite simple pump models like the Wilson and Schlösser models and the affecting
parameters included in those. Review of these models will be done in following studies.

5. Conclusions

The measurement results presented above manifest the major effect that the operating
point has on the performance of a swash-plate type axial piston pump. Pressure, rotational
speed, derived capacity and temperature each have their own kind of effect on the volu-
metric and hydromechanical efficiency, thus also on the total efficiency. In addition, these
effects also have an interrelatedness, where the effect of one parameter on the efficiencies is
dependent at least on one additional parameter.

Although the dependency of efficiency on operating point parameters is complicated,
knowing the pump’s efficiency characteristics is essential when striving for higher system
energy efficiencies. The pump as an energy exchanger has a major impact on the energy
consumption in hydraulic systems, and running it outside its highest efficiency range will lead
to low system efficiency even though the system is otherwise optimized for high efficiency.

Results of the study show that the highest values of total efficiencies of the studied
pump are found at the high end of the rotational speed range, while their positioning in
the pressure range depends on the values of derived capacity and viscosity. Decreasing of
both of these shifts the areas of highest efficiencies to the direction of lower pressures. This
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behavior cannot be generalized to all pump types since it depends heavily on the pump
construction type, as shown in the measurement results published by the company Innas.

The results and findings of this study are utilized further in developing methods that
enable the definition of the combination of the pump’s pressure, rotational speed, and
derived capacity that results in the highest possible total efficiency, while meeting the
performance requirements of the pump in terms of power and flow rate.
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Abstract: It is very well known that the use of a load-holding valve (LHV) in a hydraulic system
introduces additional energy consumption. This article presented a simplified graphical method
for analyzing the power requirements of hydraulic systems equipped with load-holding valves for
overrunning load control. The method helps to understand the performance of load-holding valves
during actuator movement. In addition, it allows visualization of the influence on the overall system
consumption of the main parameters (pilot ratio, set pressure) and others such as flow rate, back
pressure, and load force. The method is attractive because, with only the pressures at the three ports
and the valve relief function curve, it is sufficient to evaluate the energy consumption and to define
the power ratio as an index indicating the percentage of energy that is to be used to open the LHV
valve. The method was applied to real cases, in particular to two types of lifting mobile machines. It
was validated following several outdoor tests on two mobile machines where experimental data were
obtained. During tests, both machines were equipped with a set of seven different performance LHV
valves. The described method could be beneficial for hydraulic machine manufacturers engaged in
designing lifting devices when selecting a suitable valve for energy efficiency applications, especially
now that the trend towards electrification is a reality.

Keywords: load-holding valve; counterbalance; overcenter; energy balance; hydraulic systems;
mobile machinery

1. Introduction

Load Holding Valves (LHV) are simple but critical components of any mobile machine.
Basically, they are used in hydraulic circuits to avoid uncontrolled movements of cylin-
ders and motors due to an overrunning or gravity-assisted load, but also are frequently
found in positioning circuits and regenerative circuits. The LHVs have had significant
technical-commercial impact and are required by law (directives and standards) thanks
to their additional safety functionalities. They provide fully secured load holding and no
leakage, shock absorption, cavitation protection at load lowering, overload protection, and
perform as line rupture safety valves. In addition, they must show some functionalities to
guarantee a good dynamic performance of the entire hydraulic system, such as: prevent
overflow when applying stepped pilot pressure, quick closing when the pilot pressure
disappears, opening action independent of load pressure, and good flow control capabil-
ities. A significant amount of equipment uses LHV valves, such as: excavators, cranes,
trucks with one or more arms (aerial platforms, inspection vehicles, concrete pumping
equipment), telescopic handlers, forklifts, fruit pickers, recreational facilities, industrial
presses, drills, and industrial winches, among many other machines.

LHVs valves are modulating devices that allow free flow from the valve to the cylinder
and block reverse flow from the cylinder to the valve until load pressure, pilot pressure,
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or a combination of both opens them (traditional pressure–spring balance principle, see
Figure 1). Though they are simple in design, their application can often frustrate technicians
and engineers. The known problems of LHVs are the excessive power consumption
associated with over-pressurization of the flow supply and their tendency to introduce
instability. The solutions to both issues are opposed to each other since what works well
for stability is harmful for energy savings.

 

(a) (b) 

Figure 1. The traditional principle of pressure–spring load-holding valve model. (a) ISO 1219 symbols;
(b) Functional scheme of the load holding valve, LHV.

Any application engineer interested in energy consumption needs to answer the
following question: how can the power requirements of a LHV be calculated for a given set
of operating conditions? To meet this challenge, the paper attempted to present a simplified
graphical method to analyze the power requirements of hydraulic systems equipped with
LHVs for overrunning load control. This paper is organized as follows: Section 1 presents
the introduction of the work exposed in this paper. Section 2 presents a brief schematic
of the load-holding valves and a typical application to control the movement of a linear
actuator. Special emphasis is also given to the graphical representation of the characteristic
curves of both components. Section 3 is devoted to a short review of state of the art.
Section 4 conceptually exposes the graphical method to perform a power balance. Section 5
focuses on describing the experimental tests and shows examples of the use of this analysis
methodology. Finally, in Section 6, conclusions on the proposed method are discussed.

2. Review of Load-Holding Valves

It is believed that the first designs were the work of the Vickers engineers staff in the
1930s and the first valves to appear on the market were developed by Racine. Since then,
these valves have received different denominations based on their design and functionality:
counterbalance valve, overcenter valve, holding valve, load-control valve, pilot-assisted
load-control valve, load-holding valve, and motion-control valves, among others.

The main discussion arises in the use of the names counterbalance and overcenter
valve. Counterbalance valves are basically pressure relief valves in combination with a
check valve to create a unidirectional back pressure in a hydraulic system to prevent the
actuator running away with accelerating loads (see Figure 1a left). The valve poppet is
balanced by two pressures and a spring. The force generated by the load pressure (P1)
tends to open the valve orifice, while the spring force and the force caused by the back
pressure (P2) tend to close the valve orifice. The overcenter valve, on the other hand,
can be considered in a simplified form as a counterbalance valve with an external pilot
line (P3), being more energy efficient in systems with variable loads (see Figure 1a right).
Considering the latest innovations in this valve type, the authors are motivated to look
for a more generic name, such as load-holding valve, LHV. Figure 1b shows the scheme
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of a load-holding valve. Usually, the P4 connects to the P2, but P4 is also left directly to
atmospheric reference.

According to Figure 1b, where A4 = A1 + A2 + A3, the force balance on the LHV
poppet (Equation (1)) allows for calculating the pressure required to open the valve and
starts to move the load. In order to hold the load, the valve cracking pressure (or setting
pressure) must be set higher than the load pressure. Because of the hysteresis of the moving
parts of the valve (mainly due to friction), there is a difference between cracking and reseat
pressure (the pressure at which the valve closes) with the reseat pressure being lower than
the cracking pressure. Hysteresis is one of the reasons why the typical LHV valve setting is
approximately 30% higher than the load pressure to ensure that the reseating pressure will
be high enough to maintain the load.

P1 + P3Rv = PM + P2(Rv + 1) (1)

where, P1 is the load pressure, P3 is the pilot pressure, PM = Fspring/A1 is the spring
pressure, P2 is the return pressure, and Rv is the pilot ratio. The pilot ratio is given by the
ratio between the pilot pressure area and the relief area.

Rv =
A3

A1
(2)

In Figure 2a, a typical application is shown. A directional valve is used in conjunction
with an LHV to control the movement of an actuator. The pilot port of the LHV is connected
to the opposite side of the actuator.

Figure 2. Typical application hydraulic circuit. (a) LHV valve is connected to the chamber on the rod
side; (b) LHV valve is connected to the chamber on the piston side.

The force balance also makes it possible to determine the pressures in the hydraulic
cylinder chambers (piston and rod side) as a function of a given load. This balance is
established for two situations of the hydraulic cylinder, that is, when the LHV valve is
connected to the chamber on the rod side (see Figure 2a) and when it is connected to the
chamber on the piston side (see Figure 2b).

For case 2a
P1Rc − P3 = PLoad (3)

Rc =
S2

S1
(4)

PLoad =
FLoad

S1
(5)

where, P1 is the rod side chamber pressure, P3 is the pilot pressure (equal to piston side
chamber pressure), P2 is the return pressure, and Rc is the hydraulic cylinder section ratio.
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The sectional area ratio of the cylinder is given by the ratio between the effective sections of
rod and piston side.

The load, F, can be considered resistive load (opposite direction for the actuator
velocity “sign −”), or overruning load (same direction concerning the actuator speed “sign
+”), as depicted in Figure 2.

Assuming that P2 is very small and combining Equations (1) and (3), the pressures
of the hydraulic cylinder chambers can arise from the pressures of the hydraulic cylinder
chambers as a function of the spring pressure, PM, and the equivalent load pressure, PLoad.

P1 =
1

1 + RcRv
PM +

Rv

1 + RcRv
PLoad (6)

P3 =
Rc

1 + RcRv
PM − 1

1 + RcRv
PLoad (7)

Analogously, for case 2b
P1 − P3Rc = PLoad (8)

where, P1 is the piston side chamber pressure, P3 is the pilot pressure (equal to the rod side
chamber pressure), and P2 is the return pressure.

In the same way, assuming that P2 is very small and combining Equations (1) and (8),
the pressures of the hydraulic cylinder chambers can be expressed as a function of the
spring pressure, PM, and the equivalent load pressure, PLoad.

P1 =
Rc

Rc + Rv
PM +

Rv

Rc + Rv
PLoad (9)

P3 =
1

Rc + Rv
PM − 1

Rc + Rv
PLoad (10)

Two types of operating curves can be found in the technical documents related to
LHVs. On the one hand, the so-called “steady-state operating curve” expresses the load
pressure as a function of the pilot pressure (P3 vs. P1). Figure 3 shows, for cases (2a) and
(2b), the plots of the hydraulic actuator/LHV system based on Equations (1), (2) and (8),
corresponding to the steady-state operating curves. The red lines are the characteristic
curves of the LHV with different pilot ratios, while the solid black line corresponds to
the unloaded hydraulic cylinder, and the dashed gray line corresponds to the hydraulic
cylinder with an overrunnig load equivalent to 100 bar. Consequently, intersection point A
corresponds to the LHV opening point and intersection point B to the LHV set pressure.
This shows the effect of the setting pressure PM and the pilot ratio Rv on the operation of
the LHV. It is significant to note that this representation is used by some manufacturers
to highlight differential aspects in the performance of the latest LHV versions, such as the
two-stage valve, the multiple pilot ratio (adaptive) valve, and the setting self-adjusting
(load match) valve.

Another variant of the operating curve for cases (2a) and (2b) is shown in Figure 4.
These plots express the pressures P1 and P3 of the system hydraulic actuator/LHV in
the cylinder chambers as a function of the equivalent load pressure, PLoad, which is the
graphical representation of the two systems of linear Equations (6), (7), (9) and (10). The
positive axis direction refers to overrunning loads, while the negative direction corresponds
to resistive loads. The red line corresponds to the P1 pressure and the black line to the pilot
pressure, P3. It can be seen that when the equivalent load pressure decreases, the pilot
pressure increases.
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Figure 3. Steady-state operating curves P1 = f (P3) for the two cases (2a) and (2b). Point A corresponds
to the LHV opening point and point B to the LHV set pressure.

The plots in Figure 4 were first introduced by Professor Nicola Nervegna [1] and
Professor Luca Zarotti [2]. Ritelli and Vacca used these graphs to evaluate energy aspects
in [3], considering the hydraulic power consumption equal to the product of the pressure
and the flow rate through the valve. If the flow rate is constant, the hydraulic power is
proportional to the pressure in the actuator chamber P1. Although these graphs have a high
conceptual and qualitative value from the energetic point of view, the steady-state operating
curves P1 = f (P3) shown in Figure 3 can be used to evaluate the power requirements of
the hydraulic system with LHV valves, as will be discussed in the following sections.

Table 1 shows the specifications of the essential hydraulic components that make up
the hydraulic circuit used. These specifications were to draw Figures 3 and 4, while Table 2
shows the coordinates of the most significant points of the curves shown in Figure 4.

Table 1. The specifications of the primary hydraulic components of the hydraulic circuit imperative
to depict graphs included in Figures 3 and 4.

Cylinder LHV System/Load

Piston diameter 100 mm Pilot ratio 4 Relief valve 250 bar
Rod diameter 63 mm Setting pressure 325 bar PLoad (min) 0 bar
Section ratio 0.603 Load max 270 bar PLoad (example) 100 bar

Nominal flow 90 L/min
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Table 2. List of critical points in the diagrams in Figure 4 in bar.

Case (2a) x y x y

A Pvlp Pvlp 250 250
B (1/Rv)·PM 1/Rv PM 81 81
C Rc·PM 0 196 0
D Rc PM PM 196 325
E (1/Rv)·PM 0 81 0
F Pvlp 0 250 0

Case (2b) x y x y

A Rc Pvlp Pvlp 151 250
B Rc/Rv 1/Rv PM 49 81
C PM 0 325 0
D PM PM 325 325
E (Rc/Rv)·PM 0 49 0
F Rc Pvlp 0 151 0

 

Figure 4. Steady-state operating curves Pi(P1, P3) = f (Pload) for the two cases (2a) and (2b). The
meanings of points A–F are defined in Table 2.

3. The State of the Art

Figure 5 shows a historical compilation of publications published under the following
designations: overcenter, counterbalance, and load-holding valves. This list is not exhaus-
tive, but it is sufficient to show the evolution of the scientific and technological aspects. Two
clear periods can be observed in this figure: a first period, extending from the beginning
to the middle of the first decade of the 21st century, which is characterized by a scientific
interest in finding out the causes or origins of instabilities, followed by a second stage
focusing on finding designs and/or circuits capable of minimizing or eliminating their
effects. In a second period, defined approximately by the last decade, new valve designs
appear, modeling is carried out by means of concentrated parameter methods and/or
distributed parameter methods, and studies related to energy consumption are found.
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Figure 5. The number of papers/year (in blue) published related to load-holding valve issues shows
an accumulated behavior (in red) with a tendency of 80% in the last 20 years.

3.1. About Instability

As mentioned, the severity of the oscillations is affected by a wide variety of param-
eters, some of which are hard to predict or change: external load on the actuator, the
properties of the mechanical structure, the damping and hysteresis of the LHV, the operator
input, as well as the volumes and restrictions in the hydraulic lines. All of these have been
subjected to extensive investigations by, among others, refs. [4–14].

It is believed that the inherent stability problem of LHV is due to the fact that there is a
phase lag between the pilot pressure and the outlet pressure of the actuator, and oscillations
can be reduced by separating the pilot pressure and the actuator inlet pressure [15]. To
improve the dynamic response of LHV, ref. [16] suggested that a pressure feedback system
can indirectly eliminate oscillations and improve the stability of the hydraulic system.
Another novel approach was developed by Sorensen et al. [17], using a low-pass filtered
value of the secondary circuit load pressure for the pilot connection of the LHV. From the
conceptual point of view, Groof [18] showed a simple criterion that can predict instability.
The criterion is based on a third-order equation and indicates when a system is stable
or unstable. It focuses only on the hydraulic system, without taking into account the
mechanical stiffness of the complete system. When the LHV is mounted on the rod side
of the cylinder (in Figure 2a), the criterion used for checking the stability of the system is
defined by Equation (11), and when the LHV is mounted on the piston side of the cylinder
(in Figure 2b) is defined by Equation (12)

Grelie f ChB

Rc
>

Gpilot

ChA
(11)

Grelie f ChB

ChA
>

Gpilot

Rc
(12)
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where, Gpilot, gradient of pilot function, describes the opening characteristic as a function of
the pilot pressure

Gpilot =
dQthroughLHVvalve

dPpilot
(13)

Grelief, gradient of relief function, describes the opening behavior of the valve depended
on the load pressure

Grelie f =
dQthroughLHVvalve

dPrelie f
(14)

Ch, hydraulic capacitance is given by the increase in effective stored fluid volume dV
per change in pressure dP. The subscripts A and B indicate the hydraulic conduction and
the volume of the cylinder hydraulic chamber on the corresponding side.

Ch =
dV
dP

(15)

By way of illustration and for scenario (2b), the above criterion (Equation (12)) can be
expressed by Equation (16).

V2

V1
> RvRc

(
2P1 A1

1 + 2P1 + k·xLHV − k f ·xLHV ·P1

)
(16)

where,

k, elastic constant of the spring of LHV
kf, flow force constant
V1, hydraulic cylinder piston side chamber volume
V2, hydraulic cylinder rod side chamber volume
xLHV, lifting height of the spool/poppet with respect to the seat surface of the LHV

According to the previous paragraphs, the most influential parameters of the stability
are the setting pressure and the pilot ratio. A reduction of the pilot ratio results in a
more stable operation, but at the cost of a higher pressure level and thus higher energy
consumption, see ref. [3]. This is especially significant for small external loads. Adding
damping when designing the hydraulic circuit is another proven approach. By increasing
volumes, adding orifices, using logic valves, etc., more damping is introduced into the
system. Special attention has been devoted to the pilot line. By manipulating the pressure
in different ways on the LHV pilot port line (adding delays, creating a difference in the
path back and forth), positive effects have been achieved. Sciancalepore and Vacca [19]
proposed a solution by using LHVs to control the actuator speed while also reducing
energy consumption. It consists of controlling the pilot port of the LHV through an external
pressure source (adjustable pilot). Two different control strategies are presented: the “Smart
LHV”, where the LHV does not control the actuator velocity but it minimizes the system
pressure; and the “Smart System” that uses the LHV to efficiently control the actuator
velocity during overrunning load conditions.

3.2. About Modeling

Most of these investigations are related to modeling the steady-state and dynamic
characteristics of load-holding valves in the time and frequency domains using a lumped
parameter approach. However, most attempts to establish physical or semi-physical models
of such valves have encountered many challenges, e.g., related to friction and resulting
hysteresis, non-linear discharge area characteristics, varying discharge coefficients, and
varying flow forces.

Today, there are several commercially available software packages such as MATLAB/
Simulink™ (The MathWorks, Inc., Natick, Massachusetts, United States), AMESim™ (Siemens
AG, Munich, Germany), Dymola™ (Dassault Systèmes, Paris, France), Maple/MapleSim™
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(Waterloo Maple Inc., Waterloo, AB, Canada), and 20-Sim™ (Controllab Products B.V.,
Enschede, The Netherlands) that make work much more manageable. These packages may
be classified into two different modeling approaches: a simple semi-physical model and a
non-physical model (black box).

In the first approach, static modeling method based on force balance and the Bernoulli
orifice pressure–flow equation is used to achieve the load velocity control ability of the
valve. It does not take phenomena like friction and flow forces into account. In other
cases, the dynamic modeling method is based on Newton’s second law and fluid continuity
equation. In both cases, experimental verification was required. In the second approach,
the model uses two different pressure ratios to compute the flow through the valve together
with a number of parameters that must be experimentally determined. Despite this, LHVs
are rarely modeled accurately due to the effort required to obtain basic model parameters
and the complexity involved in identifying equations for flow forces and friction.

Computational fluid dynamics (CFD) may be used to provide insight into some
of these phenomena, but often experimental work and semi-physical or non-physical
modeling approaches are required for time-domain simulation. Very interesting and to
highlight are the works of refs. [14,20].

3.3. About Energetic Aspects

The energetic analysis of fluid power systems is becoming a requirement of machin-
ery manufacturers, taking into account the trend towards the electrification of machines
and the limited battery capacity. Many researchers are involved [21–25], and some are
specific to studying the different hydraulic load retention systems in mobile and industrial
applications [15,26,27].

Ritelli and Vacca [3] focused on the analysis of LHV energy savings. They quanti-
fied the energy consumption of LHVs with different pile ratios, showing that in a crane
application, it is possible to achieve 59% energy savings with high pile ratios.

Regarding the energy efficiency of LHVs, there are some relevant previous efforts.
LHVs with external and mixed control types were considered by ref. [13]. Significant
examples are also the LoadMatch™ model, recently commercialized by Sun Hydraulics,
which dynamically changes the valve setting as a function of the load pressure. In contrast,
other works focus on introducing an external control to the LHV to influence its opening
based on the instantaneous loading conditions. The most important contribution in this
direction is the work in ref. [17], which proposed to use an auxiliary hydraulic circuit to
control the pilot of the LHV, and ref. [28], which presented a method to control the pilot
port of the CBV through an external pressure source (adjustable pilot). For both cases
of “Smart CBV” and “Smart System”, remarkable energy savings of 75% and up to 90%,
respectively, were observed.

Despite scientific and technological advances reported and the wide variety of models
and algorithms, it can be said that the use of this type of valve is far from easy. This
wide range of tools is often not available to application engineers. In addition, the use of
these tools still require a high level of application-specific knowledge. The impact outside
academia remains limited. One reason may be that the design of hydraulic systems depends
to some extent on the application.

In this paper, the authors highlighted the importance of understanding how LHVs
work, not only in the critical opening condition but also outside of this condition, with the
aim of helping to select the most suitable valve for the application according to its charac-
teristics (extracted from the corresponding technical catalogs). Of course, experimentation
is the best way to judge the system’s power consumption but, the availability of a simple
graphical method in the course to estimate the impact of the LHV on the overall power
consumption may be very useful.

Of course, experimentation is the best way to judge the system’s power consumption.
However, the availability of a simple graphical method in the course to estimate the impact
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of the LHV on the overall power consumption may be very useful. In the next section, a
brief background overview of the different types of performance curves is presented.

3.4. Performance Curves

Choosing the satisfactory LHV valve for a specific application is a challenging task. In
order to apply a LHV correctly, it is crucial to understand how it works and to have sufficient
technical information about its performance. After carefully analyzing the catalogs and
other types of technical documents (release and technical papers, handbooks, user’s manual,
worksheets, prospectus, or brochures) the following comments can be summarized:

a They all provide a simple and generic description of how it works, symbols, valve
cavity, specifications or technical data, and some performance graphs or characteristic
curves. Typical technical data include maximum operating pressure, setting pressure
(cracking pressure) interval, nominal flow, pilot ratio, internal leakage, and hysteresis,
among others.

b Although graphical presentations of performance should help viewers quickly and
easily understand the critical information, there is no unanimous agreement on which
are the most appropriate. Of the different ways of expressing its performance, the
next conditions may be pointed out:

i Pressure drop in pilot operation condition (valve fully opened by the pilot
pressure), (from port 1 to port 2, see Figure 1).

ii Pressure drop in check valve operating condition (free flow) (from port 2 to
port 1) and

iii Pressure drop in pressure relief working condition (valve opened by the load).
Unfortunately, some technical documents or specification sheets do not provide
this minimum information, which is necessary for applying LHVs in a system.

c Generally, the curves shown at the end of Section 2 of this document and in Figures 3 and 4
are not usually included in the catalogs, but only in technical papers and to highlight
the significant improvements in the performance of different valves.

4. Graphic Method to Estimate the Power Balance

The method is attractive because only the pressures in the three ports and the relief
function curve of the valve are sufficient to evaluate the power consumption. The method
has been inspired by the work done at the Agder University, Norway, led by Prof. M.
Hansen [11]. It consists of a simple semi-physical model.

4.1. Description of the Four-Quadrant Diagram

For the description of the graphical method, the four-quadrant diagram of the Carte-
sian plane is a good description of the proposed method (Figure 6). The following variables
are represented on the axes of this diagram:

x-axis (+): pilot pressure (P3) in bar which corresponds to the pressure that prevails in the
actuator rod chamber
x-axis (−): flow through the load holding valve (Q1) in L/min, equal to the flow leaving
the piston side actuator chamber
[-15]y-axis (+): load pressure (P1) in bar, corresponding to the pressure in the actuator
piston chamber
y-axis (−): flow rate entering the piston side actuator chamber (QS) in L/min according to
the configuration of the hydraulic circuit shown in scenario (2b), Figure 2.
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Figure 6. The cartesian plane is divided into four quadrants and characteristic curves of the hydraulic
actuator and the load-holding valve. A represents the intersection between the curve of the cylinder
function and that of the LHV when the force is constant; B is the intersection between the curve of the
operating point of the LHV acting as a relief valve and the flow curve; C is the same as A but zero for
the case of zero force.

The four-quadrant diagram allows us to plot the characteristic curves of an actuator
and holding valve as follows:

- First quadrant “I”: Upper right region. It is used to represent the characteristic curve of
the hydraulic actuator and the characteristic curve P1 = f (P3) of the load-holding valve.

- Second quadrant “II”: Upper left region. It is used to show the characteristic curve of
the load holding valve acting as a pressure-limiting valve (relief function).

- Third quadrant “III”: Lower left region. It is used as an auxiliary two-dimensional space.
- Fourth quadrant “IV”: Lower right region. It is used as an auxiliary two-dimensional space.

Alternatively, it can be used to depict the characteristic curve of the load-holding
valve that expresses the pilot pressure (P3) as a function of the flow rate (Q1) through the
load-holding valve for a predetermined load pressure value (P1)

4.1.1. Steady-State Operating Curve and Hydraulic Cylinder Characteristic Curve

Equations (1) and (3) have been plotted in quadrant I. The intersection between the
two curves gives the operating point of the hydraulic system (actuator/LHV valve) when
the cylinder is subjected to a load, overrunning or resistive, as in Figure 3.

4.1.2. Characteristic Curve P1 = f (Q) of an LHV Valve Acting as a Pressure Limiting Valve
(Relief Function)

Considering the simplified diagram of the holding valve poppet shown in Figure 7
and assuming that P3 is not working and the flow is in a steady-state and incompressible
fluid (ρ is constant), the application of the principle of conservation of momentum to the
control volume allows us to write:

I2 − I1 = P1 A1 − P2 A2 − Fsolid− f luid (17)

Ff luid−solid = −Fsolid− f luid (18)
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where: P1 A1 and P2 A2 denote the net force due to the pressure distribution in the inlet and
outlet sections, respectively, I1 and I2 are the momentum fluxes of the flow entering and
leaving the control surface,

I1 =
ρQ2

A1
(19)

I2 =
ρQ2

A2(x)
cos(α) (20)

where
A2(x) = π·d·sen(α)·x = K2·x (21)

K2 = π·d·sen(α) (22)

and Ffluid-solid is the force on the poppet exerted by the fluid.

Figure 7. Control volume of the poppet/seat surface system of an LHV valve.

Applying Newton’s second law of motion to the valve poppet (considered a free solid)

Ff luid−solid − (Fspring + Msolid g) = Msolid
.
v (23)

Accepting an equilibrium position defined by the distance, x, considering that Msolid is
negligible then:

Ff luid−solid = Fspring (24)

Fspring = K1(x + x0) (25)

where, K1 is the constant of the spring

Fprecompresion = K1x0 (26)

PM =
Fprecompresion

A1
(27)
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Combining the previous Equations (17)–(27), it follows that the relief function curve

P1 = PM +
Kspring

A1
x + K2Q2 (28)

with
K2 =

ρ

A2
1
− ρ

A1·(πd)·x· tan α
(29)

On the other hand, for a predefined distance between poppet and seat surface, the
flow rate can be calculated by the equation

Qout(y, P) = K2·x·Cd·
√

2
P1

ρ
(30)

or alternatively
P1 = K3Q2 (31)

with

K3 =

⎛
⎝ 1

K2·x·Cd·
√

2
ρ

⎞
⎠

2

(32)

In quadrant II, see Figure 8, the relief function curve (Equation (28)) and the flow rate
curve (Equation (31)) are represented (not scaled). The point of intersection between the
two curves (point B) indicates the operating point of the LHV acting as a relief valve; that
is, the valve opens at pressure P and allows fluid flow Q.

Figure 8. Scheme to display the described graphics approach. NLHV = ABlue + ARed = AO579,
NS = AYellow = ABlue = AO123 = A0568′ and NM = ARed = A6798′ .

4.1.3. Power Balance Applied to the Actuator/LHV Hydraulic System

Before explaining how the power balance is proposed, it is helpful to explain the
different curves shown in the four-quadrant diagram (Figure 8), as well as the points that
are considered most representative:
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- Curve 10–12: characteristic curve P1 = f (P3) of the LHV valve in the static balance
position (closing condition). It corresponds to the representation of Equation (1). Load
force Fload = 0

- Curve 11–13: characteristic curve P1 = f (P3) of the LHV valve in the permanent regime
when a flow rate Q1 flows through the valve, as a consequence of the opening of
the obturator by the action of pressure P1 and pilot pressure P3. Load force constant
F1 > 0

- Curve O–C: characteristic curve P1 = f (P3) of the hydraulic actuator when it is subjected
to zero force. It corresponds to the representation of Equation (3).

- Curve D–A: characteristic curve P1 = f (P3) of the hydraulic actuator when it is sub-
jected to an overrunning force, F = constant.

- Curve 10–B: characteristic curve P = f (Q) of the LHV valve acting as a pressure limiting
valve (relief function). See Equation (28).

- Curve O–7–B: LHV poppet pressure drop in the open position as a result of the
shutter opening due to the action of the pressure P1 and the pilot pressure P3. See
Equation (31).

Assuming that the operating point of the hydraulic system (hydraulic actuator/LHV
valve) is defined by point A, that is, the intersection of curves (11–13) and (D–A), this point
corresponds to the operating point of the LHV when a flow rate Q1 flows as a result of the
opening of the obturator under the action of pressure P1 and pilot pressure P3, thus defined
by the coordinates (P3, P1).

Other points of interest are:

- point 7: This point is defined by the coordinates (Q1, P1), intersection of the curve
(0–B), with the line of constant pressure equal to P1.

- point 5: defined by the coordinates (Q1, 0)
- point 1: defined by the coordinates (P3, 0)
- point 3: defined by the coordinates (0, QS)

Based on the hydraulic circuit (e.g., scenario 2b) outlined in Figure 2, the following
powers involved in movements are defined:

NM power due to the movement of the actuator as a consequence of being subjected
to the overruning force F.

NM = Foverrunning.vactuator (33)

NS, power supplied by the pump feeding the hydraulic actuator chamber on the
rod side

NS = PSQS = PS(:point 1:)QS(:point 3:) (34)

NLHV, power related to the fluid flow through the LHV valve as a result of the com-
bined action of pressure P1 and pilot pressure P3

NLHV = P1Q1 = P1(:point 9:)Q1(:point 5:) (35)

A simple power balance allows us to establish the following equation:

NLHV = NS + NM (36)

NS power is defined by the rectangle (O123) (yellow area), where side O3 has magnitude
QS and side O1 has magnitude equal to P3. Note that the area (O123) is equal to the area
(O568’). Using the hydraulic actuator curve (for condition F = 0) extended from Quadrant
I to Quadrant III, represented by the “40C” line, the following relationships are established:

P1(:point 8′ :) = RcP3(:point 1:) (37)

Q1(:point 5:) =
QS(:point 3:)

Rc
(38)

72



Energies 2022, 15, 4558

multiplying Equations (37) and (38), it turns out

P1(:point 8′ :)Q1(:point 5:) = P3(:point 1:)QS(:point 3:) (39)

Equation (39) highlights the aforementioned equality, that is the area (O568’) = area
(O123). On the other hand, note that the area of the rectangle (O579) (ABlue + ARed), where
side O5 has magnitude Q1 and side O9 is equal to P1, represents the power NLHV, i.e., the
power related to the fluid flow through the LHV valve. Then, by virtue of Equation (36), it
can be deduced that the area of the rectangle (6798’) (ARed), represents the power due to the
movement of the actuator as a consequence of being subjected to the overrunning force F.

Based on these equations, the ratio φ is defined between the power provided by the
pump and the power related to the flow through the LHV valve, see Equation (40). This
power ratio is an index that indicates the percentage of the pump power needed to open
the LHV valve and, therefore, an index of the energetic goodness of the LHV valve.

φ =
NS

NLHV
=

area(O568′)
area(O579)

=
AreaBlue

(AreaBlue + AreaRed)
(40)

5. Experimental Validation

5.1. Lab Testing

To validate the proposed methodology, first of all, the performance of an LHV valve
was tested. Specifically, the reference valve tested at the LABSON Laboratory (Terrassa-
Barcelona) was the LHV-4 valve (note: there was no particular reason for the choice, only
its availability in the laboratory). Figure 9 shows the diagram of the hydraulic circuit used.

 
Figure 9. LHV-4 picture. Diagram of the hydraulic circuit used where: P1: upstream water pressure;
P2: downstream pressure; P3: pilot pressure.

Figure 10 presents the results obtained. Figure 10a shows the steady-state operating
curve of LHV valve, while Figure 10b shows of relief function curve. On the one hand,
the relief functions with setting pressure of 150 and 250 bar are shown. These curves were
evaluated based on the adjustment curves shown in Figure 10a. On the other hand, the
relief curve with setting pressure 100 bar, obtained by varying the pressure P1 with the help
of a proportional pressure relief valve, showed its hysteresis phenomenon.
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Figure 10. LHV experimental curves: (a) steady-state operating curves and (b) relief function curve.

5.2. Field Testing

This section describes the experimental tests performed to validate the methodology
proposed in the previous section. Several tests were performed on the hydraulic lifting
cylinder of a telescopic handler (called M1). For the first series of tests, the M1 telehandler
was equipped with the LHV4-M1 valve, the characteristics of which are well known
(Figure 10), replacing the original valves of the commercial version.

Figure 11 shows panoramic images of the experimental tests carried out. The tests
were carried out with different load conditions of the telehander.

 

Figure 11. The telehandler machine conveniently instrumented.

The hydraulic cylinder was actuated by means of a manual directional control valve.
The field test was equipped with multiple pressure sensors, a flow sensor, and a cylinder
position sensor. Displacement and angle sensors were also fitted to the boom.

Sensor data acquisition and electronic actuation were carried out with the help of a
multi-axis motion controller RMC200, equipped with input and output modules (Delta
Computer Systems). It is easy to use, and the software provided with it has powerful
plotting capabilities.

74



Energies 2022, 15, 4558

Sensors and their main characteristics are listed in Table 3. Calibration values were
obtained from the manufacturer’s information and from comparison with a standard when
the manufacturer’s information was not available. All values were checked in preliminary
tests. Sensor values were measured and recorded at a frequency of 1 kHz. Higher rates were
not considered necessary for the energy analysis. Digital filtering at 100 Hz was required
for the calculation of the speeds, especially with the angle sensor. The data were processed
with commercial software (DIAdem, Excel) to calculate the total energy consumption.

Table 3. List of main characteristics of used sensors.

Magnitude Manufacturer Model Range Accuracy

Pressure WIKA MH2 0–250/0–400 bar >0.5% span
Flow HYDAC EVS3199TF 6–60 L/min >2% act. val.

Position Micro Epsilon WDS-1500_PS60-SR-U 0–1500 mm >+/−1.5 mm
Angle (tilt) SICK TMM 56E-PMH045 +/−45◦ +/−0.3◦

Temperature Omega PT100 10–100◦ >0.36 ◦C

Figure 12 shows the results obtained with machine M1 in which a 90 × 50 hydraulic
cylinder and the LHV4 valve were installed to move the telescopic arm. Figure 12a shows
the temporal history of the load pressure P1, the return pressure P2, and pilot pressure
P3, together with the hydraulic cylinder position x1 and pump flow QS companion. It
is observed that there is a time interval in which the values P1, P2, P3, and Q1 remained
essentially constant, which corresponds to the downward cylinder movement, x1, and,
consequently, to the time interval in which the valve is working. The companion Figure 12b
shows the working pressure space of rod side P1 versus the pilot P3 pressures, respectively.
The average values are represented by a small circle in Figure 12a,b.

 
(a) (b) 

Figure 12. Example of experimental results obtained on M1 machine using LHV4-M1 valve where:
(a) shows the temporal evolution of the experimentally measured variables. (b) experimental results
plotted on steady-state operating curves for P1 = f (P3).

Procedure

The method is presented over the description set out in Figure 13 with real values
(and Figure 8 as reference).
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Figure 13. Graphical representation of the power balance for a real case.

Actions to be carried out over the first quadrant:

1. Plot the working point A (e.g., P1 = 142 bar and P3 = 58 bar);
2. Plot LHV curve based on its setting point Pm = 250 bar and the pilot ratio 4.25 as it is

shown in Table 1 (e.g., straight-line 1F);
3. Plot an auxiliary line parallel to 1F at the A point projecting it to the pressure axis (e.g.,

E point);
4. Calculate the effect of the return pressure using the equation P2·(Rv + 1), which is

represented by the segment EG. G point represents PM pressure shown in Equation (1);
5. Trace a horizontal line crossing at A point to obtain the working pressure (e.g., point 9);
6. Obtain the differential pressure P1-P2 by plotting 9′ position (e.g., segment length

between 0–9′). Actions in the second quadrant:
7. Plot the relief LHV function curve taking the setting pressure as 250 bar (e.g., the

experimental curve shown in Figure 10b);
8. Draw a horizontal line starting at G and crossing the LHV function curve (e.g., H

point is obtained). Therefore, the K3 constant can be calculated from Equation (3)
obtained using H coordinated, K3 = PH

Q2
H

;

9. The parabolic performance following Equation (31);
10. Trace a horizontal line across 9′ to obtain the coordinates of intersection with the parabolic

curve OH to bring point 7, which corresponds to the orifice working conditions;
11. Draw a vertical segment from point 7 to the flow axis to obtain the flow Q1 through

the valve (point 5);
12. Extend the cylinder actuator characteristic curve from the first quadrant to the third

quadrant (segment “04”, as an extension of segment “08”);
13. The pump flow rate QS is represented by point 3, which is calculated from point 4 by

crossing the vertical axis;
14. Extend line “4–3” to the intersection with the vertical line through point 1, obtaining

point 2;
15. The graphics method provides flow rate (represented by points 3 and 5 compared

with experimental ones, as shown in Table 4).
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Table 4. Working values.

Go down Slow Go down Fast

load pressure P1 bar 132 142
return pressure P2 bar 3 9.21
pilot pressure P3 bar 42 58
supply flow QS l/min 9 18
valve flow Q1 l/min 13 26

setting pressure Pm bar 250 250

Power ratios φ can be obtained applying Equation (40).

- “(0123)” area represents the power, NS (yellow area)
- “(0568′)” area has an identical area of “(0123)” (blue area)
- “(679′8′)” area is equivalent to the power load, F·v (red area)
- “(0579′)” area is the power dissipated in the valve, NLHV = P1Q1, which is equal to

the sum of “(0568′)” and “(679′8′)”

The yellow area, identical to the blue area, shows that using LHV valves in a hydraulic
system introduces additional energy consumption.

To conclude this research work, it is essential to apply and validate the proposed
methodology in more cases. For this purpose, two models of telehandlers (M1 and M2)
were equipped with seven different LHV valves. The mixed sets of valves and machines
were distinguished with LHVi-Mj where i = {1 . . . 7} and j = {1,2}. The relevant data, setting
pressure, and relief characteristic curve were obtained from the commercial catalogs of
the valves.

Figure 14 shows the high correlation between the flows estimated by applying the
proposed method and the experimental tests carried out in the field with the two machines
presented and the set of seven valves used. The high correlation measured through the
coefficient R2 ≈ 0.99 is notable. Taking into account that the proposed method allows esti-
mating the flows and powers involved in the operation of the hydraulic cylinder/holding
valve system, it seems reasonable to compare the calculated values with the actual values
measured in the experimental tests in order to obtain the accuracy of the method. The
estimated and measured flow rates for machine M1 are shown in Figure 14a, where the
dashed lines define an error range of ±7.5%. On the other hand, the values for the machine
M2 are shown in Figure 14b, where the dashed lines define an error range of +8%/−12%.

Figure 14. Comparative graphs between measured and estimated flows (QS) for the two machines:
14 (a) machine M1 and 14 (b) machine M2.
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Figure 15 shows the power ratio, φ, as a function of the net force to which the lifting
cylinder is subjected for machines M1, Figure 14a, and M2, Figure 14b.

Figure 15. Graph power ratio as a function of the net force (for all cases). (a) M1 machine; (b) M2 machine.

Figure 16 shows the order of magnitude of the errors made in the estimation of power
according to the following definition:

error(%) =
Nsupply(estimated)− Nsupply(mesured)

Nsupply(mesured)
(41)

Figure 16. Bounds of the power estimation errors of the applied method.

6. Conclusions

In this paper, the authors highlighted the importance of understanding how LHVs
work in the critical opening condition. Outside of this state, it helps select the most suitable
valve for the application according to its characteristics.
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Going deeper into the knowledge of these valves requires the use of tools (software
and models). Still, it involves a high level of application-specific knowledge (mainly done
in academia). On the contrary, the methodology presented in this paper is an ad hoc
methodology ready to use for an end-user.

The primary method’s advantage is that the information provided by a catalog and
the pressure readings in the three ports of the valve is sufficient to estimate the power
ratio. Despite using DAQ and high-level instrumentation to prove the goodness of this
methodology, the end-user does not need them to evaluate power. The end-user can use
simple gauge-pressure sensors to carry out the proposed method and obtain good results.

First, the graphic method estimates the flow rate that passes through the valve and
the pump’s flow rate with great precision. Therefore, the powers involved are calculated.
Secondly, the functional relationship between the power ratio and the load’s net force is
established. The less load, the more significant the power provided. Figure 15 summa-
rizes the performance differences found between the several valves tested. Some of the
contrasted result from the design innovations incorporated in recent years to improve
performance and especially achieve more significant energy savings.

Figure 16 shows the method’s validity considering the proposed simplifications and
hypotheses. The method generally estimates the power ratios within the error range of
±10%, which can be considered very acceptable.
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Nomenclature

Symbol Description Unit
A area m2

Cd orifice coefficient -
Cha hydraulic capacitance m3/bar
F force N
Gpilot gradient pilot function
Grelief gradient relief function
K1 spring constant N/m
K2,3 generic constant -
M mass kg
N power W
P load pressure bar
Ppilot pilot pressure bar
Prelief relief pressure bar
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Q flow rate l/min
R ratio -
S cylinder area m2

V volume m3

v velocity m/s
x position m
subscripts
1 rod side
2 return
3 pilot
c cylinder
LHV Load Holding Valve
s supply
v pilot
greek
ρ fluid density kg/m3

φ energetic goodness’ ratio -
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Abstract: Positive displacement machines present a well-known major drawback that is the oscillation
in delivered flow rate. This paper presents two active solutions for reducing the flow ripple generated
by a pump with an external device actuated by means of a piezo-stack actuator. The work is
focused on a theoretical analysis, with the aim of collecting information about the performance of the
solutions proposed and their main advantages and drawbacks. The active methods proposed involve
a cylindrical actuator connected to the delivery line of the pump. The piston could be actuated
directly by a piezo-stack actuator or by a differential pressure modulated by a proportional piezo
actuated valve. The actuators were modelled and a control algorithm based on Least Mean Square
algorithm was used to achieve the adaptability for both systems at different operating conditions.
The developed mathematical model permits to define the great potential of these solutions that can
drastically reduce the flow ripple. The first architecture presented resulted as the best solution, while
the second one allowed reduction of the production cost.

Keywords: positive displacement pump; active control; flow ripple; pressure ripple

1. Introduction

Positive displacement machines are commonly utilized in hydraulic circuits since they
provide high power density together with robustness and reliability. However, one of
the major drawbacks is the oscillation of the delivered flow rate, which in turn generates
a pressure ripple and finally produces noise and vibrations that can cause stress to the
components along the hydraulic circuit. This phenomenon can negatively affect durability
and functionality of the hydraulic components [1]; furthermore, vibrations can affect the
human being and environment [2].

Researchers dealing with the reduction in the flow and pressure ripple generated
by positive displacement pumps have focused on different solutions, many of which
contemplate the geometric optimization of components. In axial piston pumps, for example,
a careful design of the port plate allows a smooth transition of the fluid pressure between
suction and delivery phase and vice versa [3–5]. In gear pumps instead, side bushings are
designed with particular grooves to improve the machine performance from this point of
view [6–11].

Other methods involve devices external to the pump and could be classified as passive
or active methods.

Passive methods contemplate fitting external devices, such as resonators, outside the
pump. One major drawback of passive devices connected on a pump delivery line is that
they usually are designed and set to operate in particular conditions, being effective only at
certain pressures or against particular frequencies [12–14]. This means, for example, that
if the pump shaft speed changes, these systems lose their effectiveness, with the pressure
ripple frequency being determined directly by the pump rotational speed. In [13], a passive
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solution is proposed with the aim of reducing the pressure ripple both on the suction and
on the delivery side; a particular flow ripple attenuator is presented and connected to
suction and delivery lines.

To overcome passive method limitations, the solutions based on an active control can
adapt themselves to the operating conditions in terms of fluid pressure and machine shaft
speed. Researchers have also considered the combination of passive–active methods as
reported in [12,14], where passive hoses are dedicated to the highest frequency reduction,
while an active actuator acts on the main lower frequencies.

In particular, in [12,14] the presented solution is based on an actuator with a variable
volume installed on the delivery side of the pump; the actuator acts by means of a piezo-
electric actuator that is controlled with an adaptive filter with a feedforward algorithm.

Active methods are mostly based on generating a flow signal that superimposed to the
pump delivery flow rate allows reduction of its oscillation: these solutions should generate
a signal with a correct amplitude and phase to cancel the original one. The main drawback
of active systems is that they are sophisticated devices that must be installed outside the
pump, creating with it a relatively complex and bulky unit compared to the pump alone.

In [15], an active fluid borne noise attenuation has been applied to an aircraft hydraulic
pump, the attenuator is an in-house rotary valve design, the pump and valve are shaft
coupled so the effect of the speed is considered.

Focusing on axial piston pumps, the literature reports studies that aimed to reduce
the amount of the structure-borne noise acting on the vibrations of the swash plate, that is
controlled by a servo valve [16], while in [17,18] a similar solution is focused to compensate
the uneven flowrate normally produced.

A similar solution is proposed in [19] where the swash plate is controlled to make
adjustment to the instantaneous displacement. In [19], a second method is presented that
uses a piezo stack to actuate a cylinder connected to the pump outlet.

In this paper, an active method to achieve flow ripple reduction in a positive displace-
ment pump is presented. This method is based on an actuated piston placed on the delivery
side of the pump that acts in counter phase with respect to the main flow ripple and it is
able to significantly reduce the main harmonic of the flow oscillation.

The aim of this work is to move the first step of the research, so only a theoretical
analysis is presented. The models of the two solutions were developed in Simcenter
AmesimTM environment. Two solutions for reducing the flow ripple are proposed, both
based on the presence of a piston that, oscillating, generates a suitable flow. The difference
between the two solutions is in the way the piston is actuated. This paper analytically
presents the two solutions pointing out their advantages and disadvantages.

With the aim of making the two solutions able to adapt to changing pump working
conditions, an adaptive control logic based on the LMS (Least Mean Square) algorithm was
implemented to drive both active systems. The control logic was developed in SimulinkTM

and cosimulation with the Amesim physical model was performed.

2. Description of the Active Methods

2.1. Piston Actuated by Piezo-Stack Actuator (1st Solution)

This active method of reducing the flow ripple, whose schematic is reported in Figure 1,
involves a cylindrical actuator connected to the delivery line of the pump.

The piston is actuated by a piezo-stack actuator powered by an appropriate voltage
amplifier with a feedforward logic signal based on the LMS algorithm. Thanks to this
configuration, the entire system behaves like an adaptive filter that modulates its response
according to the different operating conditions of the volumetric machine, adapting to
variations in delivery pressure, flow rate, and rotation speed of the pump.
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Figure 1. Schematic of piezo-stack actuated piston active method.

2.2. Hydraulically Actuated Piston (2nd Solution)

The second proposed active method is similar to the previous one, but a different
solution was implemented to actuate the piston as shown in the schematic of Figure 2. In
this solution, the piston is actuated by the fluid whose pressure is modulated by a three-way
proportional valve, actuated by means of a piezo-stack actuator. The piston presents two
cylindrical sections of different diameters.

Figure 2. Schematic of hydraulically actuated piston active method.

The piston is housed in such a way to be in contact with a fluid at different pressure.
The face of the piston with the larger diameter D is in contact with the volume A, directly
connected to the delivery line of the hydraulic circuit. A spring is inserted to oppose the
force that the fluid in A at delivery pressure generates on the piston. The chamber in
which the spring is housed is connected to the tank and therefore no hydrostatic forces are
generated on surfaces in contact with this chamber. The face with the smaller diameter d
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is in contact with volume B. Such a volume can alternatively be connected to the delivery
or tank line by means of a three-way proportional valve. The valve is operated by means
of a piezo-stack actuator powered by a suitable voltage amplifier. As for the first system,
the control signal used to power the piezo actuator uses an LMS algorithm to implement a
feedforward logic.

The active system operates as follows. When the piezo-stack actuator keeps the valve
in position 1, as in the figure, the volume B is connected with delivery line and high-
pressure fluid can flow into it pushing the piston upwards. With the upper side of the
piston being of greater diameter than the lower side, the total contribution of this phase is a
release of fluid towards the delivery line. Then, when the piezo stack actuator brings the
valve in position 2, chamber B is connected to low pressure tank line where the fluid can
flow while the piston comes back down, pushed by the delivery pressure that acts on the
greater side of the piston.

The piezo-stack actuator used in this method to operate the valve can be smaller than
the one used in the first method, because it does not have to act directly against the delivery
pressure and so it has to withstand a definitely lower force.

In the operation of this active system, the drainage of a certain amount of fluid is ex-
pected. In fact, as it has been explained, at each switching cycle of the piezo-actuated valve
a small volume of pressurized fluid is diverted from the pump delivery into volume B to al-
low the piston to be actuated and then released towards the tank to depressurize the volume.
The drainage obtained is, however, modest as found thanks to the developed model.

3. Sizing and Definition of Active System Operating Parameters

3.1. Piston Actuated by Piezo-Actuator (1st Solution)

The piston and the piezo-actuator were sized starting from the analysis of the flow ripple
generated by the pump. By integrating the flow rate oscillating component in the time domain,
it is possible to obtain the fluid volume that the piston should move at each pulsation of the
piezo-actuator to completely cancel the flow ripple. As shown in Figure 3, the aforementioned
volume V is obtained as the peak-to-peak value of the integral of flow ripple.

Figure 3. Simulated pump delivery flow ripple and its integral, 250 bar, 2500 rpm.

The volume V was identified starting from the flow ripple generated by the pump at
its most difficult working conditions. This is to ensure that the active system is effective in
the whole working range of the pump, even in the most severe conditions.
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Naming d the piston diameter and s the maximum displacement of the piezo-stack
actuator, which corresponds to the stroke of the piston, it is possible to relate these two
parameters thanks to the fluid volume V that must be handled by the piston:

V = s·π d2

4
(1)

from which d can be written as a function of s:

d =

√
4V
πs

(2)

The diameter d depends the load F on the piston and the actuator at a fixed pressure
p. When the pressure is at its maximum, pmax, the load is also at its maximum Fmax, and
writing d as a function of s as in the (2) it is possible to obtain

Fmax = pmax·Vs (3)

The piezo-stack actuator used to actuate the piston should then be able to withstand
such a load.

3.2. Hydraulically Actuated Piston

For the active method with a hydraulically actuated piston, the sizing and definition
of the operating parameters are more difficult due to the complex interaction between the
different elements that make up the system. For this reason, the sizing was performed
through successive optimization steps, carried out using the optimization tools available in
the Amesim software. The parameters subject to optimization are the upper diameter of
the piston D, the lower diameter of the piston d, and the stiffness of the spring coupled to
the piston. The goal of the optimization is to maximize the reduction of the first harmonic
of the flow ripple, containing at the same time the drainage of the fluid that occurs, as
explained above, during the operation of this device.

The Amesism tool used to perform this optimization relies on the NLPQL (Non-Linear
Programming by Quadratic Lagrangian) optimization algorithm.

4. Mathematical Model

4.1. Fluid Model

A simple fluid model was used to represent the hydraulic working fluid, gas/vapor
release is not taken into account since the pressure at the delivery side of the pump always
stays well above the cavitation threshold. The temperature was considered constant and
equal to T = 50 ◦C. Density was calculated as a function of pressure variation considering
the liquid bulk modulus β:

ρ = ρ0·[1 + 1/β·(p − p0)] (4)

4.2. Pump Model

With the aim of generating a flow ripple to test the two active solutions, a pump model
was used. The pump mathematical model adopted in this study is based on the axial piston
pump Amesim submodel. This already available model permitted the authors to focus the
research only on the active solutions for reducing the flow ripple. A brief description of
the model is presented. The pump is treated as a series of interconnected open volumes
according to the Filling and Emptying concept.

The pressure in every chamber is obtained by integrating the pressure time derivative
considering the volumes as capacitive elements:

dp
dt

=
β

ρ

1
V(t)

(
∑

.
m − ρ

dV(t)
dt

)
(5)
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where ρ is the fluid density, β is the bulk modulus, V(t) the instantaneous volume of the
chamber,

.
m is the flow rates from the inlet port and to the outlet port, respectively. Flow

rates going through inlet and outlet ports for every volume chamber are computed with
the orifice law:

.
m = cq A(t)ρ

√
2|Δp|

ρ
(6)

where cq is the discharge coefficient and A(t) is the flow area.
The geometrical features of the simulated pump were used to define all geometrical

parameters needed by the Amesim axial piston pump mathematical submodel.
The target of the pump model is only to generate a typical flow ripple of a positive dis-

placement pump, in this particular case axial piston pumps were considered. Figures 4 and 5
report the output flow ripple of the model and its Fast Fourier Transform (FFT), respectively.

Figure 4. Flow rate at 1500 r/min, 250 bar.

Figure 5. FFT of the flow rate at 1500 r/min, 250 bar.

4.3. Piezo-Stack Actuator Model

The piezoelectric actuator model was simulated with the Amesim linear piezoelectric
stack actuator submodel.
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In this model, the force F and the voltage U applied to the piezo-stack actuator are
related to the displacement dZ and the electric charge dQ by the following relation:

(
F
U

)
=

(
K11 K12
K21 K22

)
·
(

dZ
dQ

)
(7)

Thanks to typical the piezo-stack actuator specifics (electrical capacitance, closed
circuit stiffness, blocking load), it is possible to obtain the parameters K11, K12, K21, and
K22 that determine the functioning.

The described model is simplified in comparison to the complexity of a real piezo-
stack actuator. In fact, the model does not take into account either hysteresis effects or
the dependence of the piezo-stack electrical capacitance on the temperature and operating
frequency. If hysteresis effects can be neglected for this study, the variation in electrical
capacitance must be considered. In fact, an increase in electrical capacitance is the cause
of a decrease in the piezo-stack actuator ability to respond to high frequency control
signals, as illustrated in Section 4.4. For this reason, in the model, an electrical capacitance
overestimated by a safety factor is used.

4.4. Piezo-Stack Actuator Power Supply

The high performance piezo-stack actuators considered for this study are characterized
by an operating voltage assumed to be in the range of 0–1000 V. To achieve this voltage, a
high-power amplifier must be used.

Assuming that the power amplifier has a maximum output current, therefore, current
must be limited to stay below this threshold, the current limitation is the cause of delay
and reduction in the power amplifier response to the control signal. In fact, having the
piezo-stack actuator at a considerable electric capacitance, a certain amount of time is
required for the voltage to build up at its ends in case of a limited charge current. The
electrical circuit in which the piezo-stack actuator is plugged in behaves, therefore, like an
RC circuit, as shown in Figure 6.

Figure 6. Analogy between RC circuit and circuit with piezo-stack actuator.

To ensure that the current stays below the maximum threshold imposed by the power
amplifier, an electrical resistance is needed, connected in series with the piezo-stack actuator.
The resistance must be sized to be as small as possible because an excessive reduction in
the power amplifier output current brings a greater response delay and a high frequency
performance loss.

In Figures 7 and 8, it is possible to see the influence of the electrical resistance on the
power amplifier current and on the voltage imposed to the piezo-stack actuator when a
0–1000 V step is used as the control signal on the system.
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Figure 7. The 0–1000 V step response of the circuit with a piezo-stack actuator and different resistance values.

Figure 8. Electrical current in the piezo-stack actuator circuit, 0–1000 V step input for different
resistance values.

5. Control Algorithm Model

The active systems are controlled to behave like adaptive filters, which are FIR (Finite
Impulse Response)-type filters whose parameters are constantly updated through a specific
algorithm. In this case, the algorithm used is the LMS (least Mean Square) algorithm. The
scheme of a generic adaptive filter is reported in Figure 9.
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Figure 9. Scheme of a generic adaptive filter.

The adaptive algorithm is fed with an input signal x(n), which is a sinusoid having
the same frequency of the error signal e(n) pulsation that must be reduced. The adaptive
algorithm computes the parameters used by the linear filter to minimize the error signal.

The aforementioned linear filter is fed with x(n) input signal and gives a cancellation
signal y(n) as output. y(n) is subtracted from d(n) which is the actual pump flow rate
containing the desired average value and the unwanted oscillating component.

The error signal e(n) used to feed the adaptive filter is the pressure ripple measured at
pump delivery and cleaned of the average value by means of a high-pass filter.

The LMS algorithm was implemented in the Simulink environment using two blocks:
the LMS update block, which outputs the weights used as input in the Linear Filter block,
as shown in Figure 10. The FIR linear filter length, N, was set to 32, which means that it is
composed of 32 filter weights w(n) that are constantly updated thanks to the LMS block.

Figure 10. Scheme of the Simulink control algorithm model.

In LMS algorithm, the updating of the N filter weights w(n) happens as follows:

w(n + 1)k = w(n)K + μe(n)x(n − K), K = 0, 1, . . . , N − 1 (8)

where K is the index of the filter weight and μ is the update step size that must be large
enough to provide fast convergence of the filter weights and at the same time small enough
to ensure algorithm stability.

6. Simulations Results

Simulations of the operation of the two studied active flow ripple cancellation sys-
tems were carried out with the aim of verifying their effectiveness for different working
conditions of the positive displacement pump. In particular, the target was to evaluate the
capacity to reduce the flow ripple and the ability to adapt to different conditions of the
delivery pressure, delivered flow rate, and rotation speed of the volumetric pump.

Simulations consist of imposing different working cycles to the pump during which
operating conditions change. Precisely, two different cycles were tested, each composed
of three steady sections characterized by different pressure, pump speed, and swash
plate angle.
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6.1. Piston Actuated by Piezo-Actuator (1st Solution)

In the first run, the pump working cycle was set as shown in Table 1.

Table 1. Pump working conditions in first simulation cycle.

Cycle Section 1 2 3

Average delivery pressure [bar] 250 135 30
Pump rotation speed [rpm] 2500 2500 2500

Swash plate angle/max. angle [%] 100 100 50
Average flow rate [L/min] 200 200 100

Between every steady-state section, a short transition section was also inserted to
allow the working conditions to change smoothly.

In Figures 11–13, the FFT of pump delivery flow rate in the three steady-state con-
ditions is reported. It is possible to see the effect of flow ripple reduction produced
by the active system comparing the main harmonic amplitude with and without active
system intervention.

Figure 11. Simulation cycle 1, section 1: flow ripple FFT at 250 bar, 2500 rpm, 100% swash
plate inclination.

In each one of the three cycle sections, the first order harmonic of the flow ripple is
clearly reduced. The reduction amounts to 89% for cycle section 1, to 92% for section 2, and
to 95% for section 3.

It is possible to note that higher order harmonics may show a small increase or decrease
even if the active system is meant to act only on the first main one. This is attributable to
the introduction of the active system that brings with it small changes in the delivery line
characteristics, like fluid volume for example, modifying the frequency response of the
hydraulic system. This phenomenon can be seen in all the other simulated conditions, for
which the aforementioned explanation remains valid.

The active method also shows good performances in autonomously updating the
control system parameters to adapt to pump working condition changes. In Figure 14,
4 of the 32 weights of the FIR filter updated with the LMS algorithm during simulation are
shown. Only 4 weights are reported for simplicity. As it can be seen from the graph, each
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weight converges rapidly to a new value after the working condition changes. Convergence
time is in the order of tenths of a second.

Figure 12. Simulation cycle 1, section 2: flow ripple FFT at 135 bar, 2500 rpm, 100% swash
plate inclination.

Figure 13. Simulation cycle 1, section 3: flow ripple FFT at 30 bar, 2500 rpm, 50% swash
plate inclination.
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Figure 14. Simulation cycle 1: weight trend in FIR discrete filter.

Since in the first run cycle only constant speed and decreasing pressure situations
were tested, the second run cycle contemplates a decrease in pump speed between sections
1 and 2 and an increase in pressure between sections 2 and 3, as it can be seen in Table 2.

Table 2. Pump working conditions in second simulation cycle.

Cycle Section 1 2 3

Average delivery pressure [bar] 250 90 220
Pump rotation speed [rpm] 2500 1500 1500

Swash plate angle/max. angle [%] 100 100 100
Average flow rate [L/min] 200 120 120

In Figures 15–17, results referring to the simulated cycle indicated in Table 2 are
reported. Results regarding section 1 are not reported because the section 1 of the second
cycle has the same parameters of the section 1 of the first cycle. From the results, it is possible
to state that also in conditions of variable pump speed and increasing delivery pressure the
control algorithm can allow the active system to adapt to varying pump working conditions.
Flow ripple first harmonic reduction for sections 1–3 amounts, respectively, to 89%, 82%,
and 74%.

During functioning of the active system, the supply current of the piezo stack actuator
reaches very high values of over 8 A. The characteristic power supply maximum current
of a piezo-actuator is usually below this value; for this reason, it was decided to limit the
supply current by appropriately increasing the electrical resistance placed in series with
the piezo-actuator, in order to maintain peak current below the 6 A threshold.

A simulation was run with pump working cycle identical to the first run (Table 1) to
compare effectiveness with and without electric current limitation. Results are reported in
Figures 18–21.
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Figure 15. Simulation cycle 2, section 2: flow ripple FFT at 90 bar, 1500 rpm, 100% swash plate inclination.

Figure 16. Simulation cycle 2, section 3: flow ripple FFT at 220 bar, 1500 rpm, 50% swash plate inclination.
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Figure 17. Simulation cycle 2: weight trend in FIR discrete filter.

Figure 18. Limited current simulation, section 1: flow ripple FFT at 250 bar, 2500 rpm, 100% swash
plate inclination.
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Figure 19. Limited current simulation, section 2: flow ripple FFT at 135 bar, 2500 rpm, 100% swash
plate inclination.

Figure 20. Limited current simulation, section 3: flow ripple FFT at 30 bar, 2500 rpm, 50% swash
plate inclination.
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Figure 21. Limited current simulation: weight trend in FIR discrete filter.

With the supply current limited to 6 A, the effectiveness of the active system, as
currently dimensioned, is significantly reduced with respect to the case with higher current.
In addition, the adaptive algorithm is no more capable of successfully updating the FIR
filter weights that now tend to diverge, explaining why flow ripple reduction cannot
be achieved.

A possible solution to this problem is represented by using a greater number of piston–
actuator pairs, to use smaller piezo-stack actuators which are provided with a higher
bandwidth requiring a smaller supply current. Another possible solution is to design an ad
hoc power supply, capable of providing peak currents suitable for making the application
effective. However, both solutions would be very expensive, making the system grow in
complexity and costs.

6.2. Piston Actuated Hydraulically via Piezo-Valve (2nd Solution)

The same working cycles used for the 1st solution were applied to the 2nd solution
which relies on a piezo-valve to hydraulically actuate the piston.

In Figures 22–25, results referring to the first cycle stage (Table 1) are reported. The
reduction in the first harmonic of flow ripple is clearly effective, reaching values of 97%
in section 1 of the cycle, 96% in section 2, and 93% in section 3. However, convergence in
FIR filter weights appears to be slower if compared to the 1st piezo-actuated active system
case. In particular, in section 3 of the cycle, filter weight stable values were not reached in
1 s time, and therefore it is possible to see that they are still updating when the simulation
stops, with their trend still sloping.
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Figure 22. Simulation cycle 1, section 1: flow ripple FFT at 250 bar, 2500 rpm, 100% swash plate inclination.

Figure 23. Simulation cycle 1, section 2: flow ripple FFT at 135 bar, 2500 rpm, 100% swash plate inclination.
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Figure 24. Simulation cycle 1, section 3: flow ripple FFT at 30 bar, 2500 rpm, 50% swash plate inclination.

Figure 25. Simulation cycle 1: weight trend in FIR discrete filter.

In Figures 26–28, results referring to the second cycle pattern (Table 2) are reported.
Results regarding section 1 are not reported because the section 1 of the second cycle has
the same parameters of the section 1 of the first cycle. In this case, it is possible to see by
the trend of the FIR filter weights that the control algorithm is not able to keep up with
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changing working conditions of the pump. In particular, after being able to converge in
the first section of the cycle, filter weights then rapidly diverge starting from the section
number 2, compromising the effectiveness of the active system.

Figure 26. Simulation cycle 2, section 2: flow ripple FFT at 90 bar, 1500 rpm, 100% swash plate inclination.

Figure 27. Simulation cycle 2, section 3: flow ripple FFT at 220 bar, 1500 rpm, 50% swash plate inclination.
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Figure 28. Simulation cycle 2: weight trend in FIR discrete filter.

One possible explanation for the unwanted behavior of the 2nd active system control
algorithm is the fact that the control signal generated by the FIR block and the piston actual
movement is not correlated as strongly as in the 1st active system presented. In the 2nd
system, the control signal operates a piezo-valve which has an influence on the piston
oscillation, but the correlation is much smaller than in a control signal directly operating
the piston through a piezo-stack actuator as in the 1st active system.

The LMS algorithm needs a strong correlation between the generated control signal
and the effective cancellation signal to function properly. In this second active system,
the oscillation of the piston, which actually produces the flow ripple cancellation signal,
depends strongly on the average delivery pressure and on the first harmonic of the flow
ripple. As a consequence, the algorithm is not able to adapt itself promptly when the pump
working condition changes.

The quantity of fluid drained in the operation of this active system is acceptably
small, never exceeding 1.5% of the pump delivery flow rate in any of the simulated
operating conditions.

7. Conclusions

In this paper, two active methods to achieve pump flow ripple reduction were pro-
posed. Both methods rely on pistons producing flow ripple cancellation signals, one
involving a direct piezo-actuated piston and the second involving a piston actuated hy-
draulically via a piezo-valve. Mathematical models of the two methods were presented,
including a control algorithm used to achieve adaptability for both systems.

Both methods can be applied to any kind of positive displacement pump, even if for
this work an axial piston pump was used for simulation purposes.

Results of numerical simulations were discussed, showing the potentialities and
problems of the two proposed methods.

In particular, it was demonstrated how the first active solution can heavily reduce the
flow ripple and effectively adapt to changing working conditions, as long as a sufficient
supply current is available. Thanks to this active system, in fact, the reduction of 80–90% of
the flow ripple main harmonic was achieved.

102



Energies 2022, 15, 4703

The second active method permits to avoid some of the first method disadvantages.
In fact, a smaller piezo-stack actuator is needed to operate the valve reducing the cost
and dimensions and preventing high supply current related problems. However, with the
method being more complex, the control algorithm has to be improved to allow the active
system to reliably adapt to pump working condition changes. However, this active system
was proved to be promising, achieving reduction of the flow ripple main harmonic of over
90% when correctly functioning, implying only a small fluid drainage of 1.5% of pump
delivery flow.

Regarding future developments on the research presented in this paper, the next step
will be the design and optimization of more stable and reliable control algorithms, working
on the basis represented by the one used for this research. Then, prototypes of the two
solutions presented will be designed and an experimental campaign will be performed to
validate simulation results.
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Abstract: This paper presents the development and implementation of a reinforcement learning
agent as the mode selector for a multi-chamber actuator in a load-sensing architecture. The agent
selects the mode of the actuator to minimise system energy losses. The agent was trained in a
simulated environment and afterwards deployed to the real system. Simulation results indicated the
capability of the agent to reduce energy consumption, while maintaining the actuation performance.
Experimental results showed the capability of the agent to learn via simulation and to control the
real system.

Keywords: reinforcement learning; multi-chamber actuator; mode selection

1. Introduction

In a multiple hydraulic actuator system, the load on each actuator results in different
pressure levels. If the actuators are controlled by a load-sensing architecture with pressure-
compensation valves and a single pump, the supply pressure is controlled according to the
highest required pressure. This causes a mismatch between the pressures in the actuators
and the supply that is compensated for by the throttling on the pressure-compensation
valves. These resistive control losses are one of the major sources of energy losses in such
hydraulic systems [1,2].

One way of reducing such losses is to use a multi-chamber actuator in one of the loads.
A hydraulic diagram of a pressure-compensated valve-controlled load-sensing architecture,
where Load 2 is driven by a multi-chamber actuator, is shown in Figure 1.

The set of on/off valves between the proportional valve and the actuator allows for the
combinations of different chambers that define the possible actuator modes to be used. The
capability to select different actuator modes allows the modulation of the resultant pressure
from the load to make pLS,2 similar to pLS,1. This is shown in the illustrative flow-pressure
diagrams in Figure 2.

The possibility to modulate the pressure, Figure 2b, enables the reduction in resis-
tive control losses. A conventional actuator, Figure 2a, cannot perform this modulation
and, thus, results in higher resistive control losses. A deeper discussion on this system
architecture is provided in [3].

This architecture has another degree of freedom to be controlled, which is the mode
selection. The mode that minimises the losses is a function of the speed and forces of all
the actuators, but because these vary along with the system operation, this is not a trivial
problem to solve.

Energies 2022, 15, 5117. https://doi.org/10.3390/en15145117 https://www.mdpi.com/journal/energies
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Figure 1. Hydraulic-system architecture.

 

Figure 2. Flow-pressure diagram showing the effect of mode selection on resistive control losses.
(a) With a conventional actuator; (b) with a multi-chamber actuator.

Multi-chamber actuators usually belong to architectures where the selection of modes
is responsible for the control end goal, such as speed or position. The speed or position
error is translated to a reference force that the multi-chamber actuator must exert. In [4],
this force reference is compared to the available forces for each mode, and the mode that
results in the smallest force error is applied to the system. In [5], a mode selection based
on the minimisation of the force error is implemented, as in [4]; however, there is no
mention of avoiding frequent switching. In [6], the same mode-selection strategy as in [4]
is compared to one that penalizes high-amplitude pressure changes between different
modes. In [7], the authors describe the operation of a controller that selects the mode that
minimises the energy consumption, while still being able to drive the current load. In [8],
the mode selection is also based on a predefined range of force capacity for each mode. The
implemented mode is the one that can exert the requested force, and the difference in force
is controlled by the proportional pressure control in one of the chambers.
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Model predictive control (MPC) is studied in [9] to solve the problems related to force
spikes when in mode switching. The mode selection is still performed based on minimising
the force difference between the reference and the available modes and on minimising
the energy losses associated with switching. The force difference is handled by means of
throttle control, to adjust the pressure in each chamber to the calculated pressure reference.
MPC is focused on minimising the force transients when switching. A similar study also
using MPC is presented in [10], where the results also indicate an advantage of MPC over
simpler mode-selection strategies, as presented in [4], for example.

Although not used for a multi-chamber actuator, the selection of modes in [2] is
performed based on the calculation of the capacity of each mode to overcome the current
force over the actuator, while, apparently, minimising the pump pressure and flow rate.

The authors in [11] describe a state machine to handle the mode selection based on,
for example, the load pressure and pressure levels defined for each mode. The authors
emphasise possible instability and non-smooth operation of the actuator during mode
switching and suggest that these problems could be minimised by acting on the propor-
tional valve control, which to some extent follows the ideas presented in [8,9]. In [12], the
mode selection of the independent metering valve system is also performed based on the
current load force and the force capability of each mode.

The control problem here is not the same as the ones studied by the works presented
above. Here, the mode selection acts as an enabler for the control end goal, which is still
performed by the proportional valve. Therefore, the control goal for the multi-chamber
actuator is to select a mode that enables the requested motion to be completed, while
minimising the resistive control losses. From another point of view, the mode selector
can be interpreted as performing energy management because the goal of using the multi-
chamber actuator is to reduce energy losses. Instead of designing a controller for the mode
selection based on the analytical equations of the energy losses in the system, in this work
a controller for the mode selection based on RL was studied.

Reinforcement learning (RL), with neural networks as the actor and critic function
approximators, has proven to be a powerful and successful control-development methodol-
ogy for complex problems, such as playing Atari [13]. The main advantages are automatic
learning by interacting with the environment and finding optimised control solutions that
are inherently difficult to be solved analytically. Additionally, machine learning algorithms
also perform well in scenarios that they are not exactly trained for, which is likely to occur
in the operation of mobile machines, due to their vast field of application.

In the control of mobile working machines, Ref. [14] presents an approach based on
RL, with the Q-learning algorithm for the control of hybrid system power to minimise fuel
consumption. What the authors also show is the possibility of first training the controller
with simulation models of the system and then applying the controller to the real system.
An RL-based energy-management strategy is proposed in [15] for hybrid construction
machines. The authors use a combination of Dyna learning and Q-learning, but the study
is limited to simulation results.

Other applications of RL for mobile machines include: Ref. [16], where it is used, based
on cameras, lidar, and motion and force sensors, to perform bucket loading of fragmented
rock with a multi-objective target, including maximisation of the bucket loading; Ref. [17],
where it is trained for the motion control of a forestry crane while minimising energy
consumption; and Ref. [18], where it is used for the trajectory tracking control of an
excavator arm, with the controller generating the valve-control signals directly.

It is observed in these papers that the development of RL controllers usually starts with
a pre-training of the agent in a simulation environment. Advantages of this approach are: it
avoids undesirable real-world consequences; it reduces costs associated with obtaining real
experience; and the simulations typically run faster than real time [19]. The reviewed papers
also show the controller’s capacity to find and implement solutions for complex tasks.

This paper demonstrates, through simulation and experimental results, the training
and implementation of a RL-based controller for the mode selection of a multi-chamber
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hydraulic actuator. The actuator is part of a multi-actuator load-sensing architecture driven
by a single pump. The selection of different modes allows for the reduction in resistive
losses in the control valves, due to a better match of pressures between actuators. A Deep
Q-Learning (DQN) agent was created and trained to learn how to select the modes to
minimise the system energy losses.

Paper Contribution and Objectives

Research on the topic of this paper has been presented in previous publications by
our group. In [3], the system architecture is described along with the potential efficiency
improvements. The first implementation of the RL-based approach to control this system
was studied and presented in [20]. The present work builds on those previous publications,
where the main difference from [20] is the use of a load-sensing pump instead a constant
pressure supply, which makes the learning task significantly harder and closer to a real,
mobile system application.

The objective and, consequently, the contribution of this paper are to show experimen-
tal results demonstrating that RL can also be used to control complex hydraulic systems. In
this case, it is about the selection of modes of multi-chamber actuators aiming to reduce
resistive control losses. In particular, it is shown that RL finds an optimised control solution
with reduced need for manually designing the controller. However, the study is limited to
training the agent in simulation and not on continuing the learning after being deployed to
the real system.

2. Available Modes, Model Description, and Control Structure

The multi-chamber actuator used in this study has four chambers and is connected to
three supply lines (A/B/R). This gives a total of 87 possible modes. However, most modes
are ruled out due to the reasons presented in [3]. The modes used in this study are given in
Table 1. Mode 1 is the only mode that is not an agent’s decision, because it is implemented
as a rule to ensure safe operation. The steady state force displayed in Table 1 is calculated
considering a pressure of 100 bar on port A and 15 bar on ports B and R. This is done to
show which modes can exert higher force.

Table 1. Available modes and connected chambers.

Mode A B R Force [kN]

1 - - - -
2 AC BD - 77
3 ABC D - 70
4 A BD C 55
5 AB D C 48
6 C BD A 12

The model of the physical system was developed in the multi-domain system simu-
lation tool HOPSAN [21] and describes the motion of the boom arm as a function of the
motion of the actuators. It also models the dynamic behaviour of the pressures, flow rates,
internal leakage, and closing and opening of the valves. The model was validated against
experimental results, with a detailed description presented in [20].

The controller and training algorithm for the DQN agent were implemented in MAT-
LAB/Simulink [21]. During the training in simulation, the agent learns by interacting with
the system. After training, the agent controls the real system.

The actual controller of the system is not only composed of the trained agent selecting
the optimal mode, it also contains other control and safety rules. An overview of the
controller structure is shown in Figure 3. The reward branch of the agent is only used
during the training phase.
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Figure 3. Structure of the controller and picture of the test bench.

In Figure 3, it is also seen how the interaction of the agent with the environment takes
place during the learning phase and then in the controlling phase. Paraphrasing [13] for
the present control problem: The agent interacts with the environment in a sequence of actions,
observations, and rewards. At each agent time step (t), the agent observes the observations s(t),
selects an action a(t) from the set of modes (Table 1), and applies it to the environment. It observes
the new observations s(t + 1) and the reward r(t). It tries to maximise the reward.

From the RL perspective, everything that is not the agent is considered as the environ-
ment it is interacting with. It is important to make the environment in the simulation as
close to the real environment as possible. For the control of hydraulic systems in mobile
applications, along with having a sufficiently accurate model of the physical system, there
is the need to include additional safety rules. Therefore, the environment is the combination
of the system model and the additional rules. The added control and safety rules for this
system are:

• Apply mode 1 if |u2| < 0.002 m;
• Limit the available modes according to position and external load;
• Compensate u2 due to the difference in areas in each mode; and
• Use mode 4 for the lowering motion (u2 < −0.002 m).

The first rule is used because the valve has an overlap of 2 mm, so the on/off valves
can be closed. The second rule prevents the agent from choosing a mode that cannot drive
the load with the available maximum pump pressure, otherwise the load could fall. For
the same operator control input signal to the proportional valve, the third rule ensures
approximately the same actuator speed for the different modes, see [3,20] for details.

The fourth rule is implemented because the return motion, due to the much larger area
of the actuator connected to the return than the supply, results in excessive throttling on the
meter-out edge of the valve. This causes the pump to operate at maximum pressure due
to a perceived high load, which causes the pressure-compensation valves to operate fully
open and, thus, the compensation losses are close to zero. Thus, the selection of modes,
based on minimising the compensation losses, does not work for the returning motion.
Therefore, due to this design constraint, the return motion is not an agent’s decision.

While the RL agent is responsible for the mode selection, another P controller ’mimics’
the machine operator controlling the proportional valves. The P controller is implemented
inside the proportional valves control block in Figure 3.
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3. Learning Setup for the Agent

The application has a continuous observation space (pressures, speed, etc.) and a
discrete action space (modes to be selected). A DQN agent [13,22] is suitable for this type
of observation and action space, and it mainly consists of a neural network calculating the
value for taking a certain action given the current observations. The value is an estimation
of the sum of the reward that the agent can collect over a future time horizon, by following
a certain sequence of control actions. In this case, the network at each agent’s time step
predicts the value of taking each action. A greedy function selects and implements in the
system the action that has the highest estimated value, which is, in other words, the action
that would lead to the best performance, according to the reward function. This agent
is, thus, a non-linear map between the system states (observations of pressures, speed,
position, . . . ) and the optimised control action (modes). The reader is referred to [13,22] for
a description of the type of agent and training algorithm.

Each agent action corresponds to one mode (Table 1). Inside the ‘Control and Safety
Rules’ block in Figure 3, a lookup table maps the action to the corresponding vector uDV of
the open/closed digital valves that implements the mode in the system.

The structure and parameters of the network are presented in Table 2. No sensitivity
analysis was performed to evaluate the size of the network on the performance of the task.
However, the size of the network was chosen to be small.

Table 2. Structure of the agent network.

Layer Size

Feature inputs (observations) 9 input features
Fully connected with Rectified Linear Unit activation function 70 neurons
Fully connected with Rectified Linear Unit activation function 35 neurons

Fully connected output (actions) 5 neurons

The observations s used as input features are

s(t) = [a, u2, pA, pB, pC, ps, pLS,1, v, x], (1)

where a is the previous action, u2 is the proportional valve control signal, pA−B−C are the
chambers’ pressures, ps is the supply pressure, pLS,1 is the load-sensing pressure for the
conventional actuator, v is the actuator speed, and x is the position.

The reward function r to be maximised is composed of three terms,

r = K1rVelocity + K2rPower + K3rSwitch, (2)

rVelocity = −1 i f |v| < 0.001 m/s, (3)

rPower = −(|Q2(ps − pLS,2)|+ | Q1(ps − pLS,1)|)/PNorm, (4)

rSwitch =

{
rSwitch i f at+1 = at
rSwitch − 1 i f at+1 �= at

. (5)

The velocity term (rVelocity) penalizes the agent if a motion is requested (|u2| > 0.002),
and the multi-chamber actuator does not move with a minimum velocity. This encourages
the agent to learn to meet a minimum control-performance requirement. The power loss
term (rPower) is a penalty based on the hydraulic system control losses, to encourage the
agent to find a mode that results in smaller energy losses due to pressure compensation.
The switch term (rSwitch) penalizes the agent for frequent mode switching.

Table 3 presents the parameters and load cases used during training. To increase
the agent’s robustness, noise is added to the measurements used as observations in the
simulations. R is a uniformly distributed random variable with a maximum amplitude
of 1.
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Table 3. Agent and task parameters.

Parameter Value

Initial exploration factor 0.99
Minimum exploration factor 0.15

Exploration factor decay 7.5 × 10−6

Target smooth factor 2.0 × 10−3

Learning rate 7.5 × 10−4

Mini-batch size 128
Look ahead steps 4

Experience buffer length 4.0 × 104

Agents sample time [s] 0.80
Discount factor 0.99

Gradient decay factor 0.90
Maximum number of episodes 1.8 × 104

Load Cases and Task Value

Initial position [m] 0.10 + 0.02R
Final position [m] 0.40 + 0.05R
External load [kg] [40 80 120 160 200 240]

Load 1 load sensing pressure pLS,1 [bar] [60 100] ± 3R
Load 1 flow rate Q1 [lpm] 10

In a real system, the load pressure from the conventional actuator (pLS,1) varies ac-
cording to the load. However, a simplification is made by setting it to constant values to
allow for easier interpretation of the results both in the simulation and in the experiments.
In the experiments, this signal is emulated with an additional hydraulic circuit. This means
that the agent is exposed to 12 different scenarios of external load and pressure on the
conventional actuator, and the task is to lift the load from an initial position to a final
position while maximising the reward function.

Dynamic systems have oscillations, and these must be taken into consideration when
setting the agent-control time step, defining the reward function, and considering what
type of information is stored as experience. This is represented in Figure 4, by showing a
dynamic response of the system state (s) due to an action at.

Figure 4. Agent time step versus system dynamics.

If the time step is too small, the stored experience will contain dynamic effects rather
than steady-state conditions. This might affect the agent’s ability to learn because the
reward function could give misinformation. However, the reward from the action at t is
only observed at t + 1 because it is usually a function of the final state and the transition
between the states. Therefore, the size of the control time step can be adjusted to avoid
these effects. For the current system, the mode selection does not need to occur frequently
to avoid unnecessary switching. Thus, the agent time step is set to avoid these oscillations.
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4. Results

The agent was trained to lift a load from a certain initial position to a final position,
with 12 load cases that including 2 pressure levels on pLS,1 and 6 external loads. Figure 5
presents the agent’s training progress, where Q0 is the estimated value.

 
Figure 5. Agent’s training progress.

After training, the agent is tested in simulation for all 12 load cases, and its capability
to complete the task in an efficient way is evaluated. The energy loss (Eloss) is calculated
with Equations (6) and (7), with the variables extracted from the simulation.

Ploss = Ploss,1 + Ploss,2 = |Q1(ps − pLS,1)|+ |Q2(ps − pLS,2)| (6)

Eloss = Eloss,1 + Eloss,2 =
∫ t f

ti

(Ploss,1 + Ploss,2)dt (7)

4.1. Simulation Results

An estimation of what mode results in the lowest power losses is made by evaluating
Equation (6) for each mode and the steady-state conditions of speed (v) and position (x) of
the multi-chamber actuator. pLS,2 is calculated based on the external load and the position
of the actuator, given the kinematics of the boom arm. The mode that results in the lowest
power loss is selected as the best. This gives an indication of what mode selection to expect
from the agent’s learning. The solution for the two load cases, with 120 kg external load
and the two pressure levels on pLS,1, are shown in Figure 6. Moreover, the safety boundary
condition limiting the number of modes that can be applied to the system is shown, which
was implemented as a rule. The resultant pressure (pLS,2) for the different modes is also
shown, where it is seen that, to some extent and as expected, the best mode leads to a
pressure level close to pLS,1.

What Figure 6a,b show is that modes that can exert lower forces are better when
the actuator is retracted, while modes that can exert higher forces are better when it is
extended. This results in a closer match of pLS,1 and pLS,2, as shown in Figure 6c,d. Due to
the geometry of the boom, the further the actuator is extended, the higher the load force on
it. However, the mode that results in the lowest power losses is also dependent on the flow
rate, Equation (6), and this is the reason why weaker modes might be better (Figure 6b) at
higher speeds.

Figure 6 indicates what to expect from the agent’s learning when it comes to the
minimisation of energy losses. However, as shown in Equation (2), this is not the only
optimisation objective. Figures 7 and 8 present simulation results for the trained agent
performing the mode selection, for the two load cases. What the figures also show is the
performance on the same tests when a conventional actuator with areas equivalent to mode
2 was used instead of the multi-chamber actuator. The abbreviations Conv and RL are used
in the figures for the conventional actuator case and the multi-chamber actuator with mode
selection, respectively. Power results are normalised with respect to the maximum power
of each load case.
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Figure 6. Best modes for 120 kg load. (a) For pLS,1 = 60 bar; (b) for pLS,1 = 100 bar; (c) resultant pLS,2

for pLS,1 = 60 bar; (d) resultant pLS,2 for pLS,1 = 100 bar.

 

Figure 7. Simulation result, 40 kg load and pLS,1 = 60 bar. (a) Position; (b) action; (c) system and
load-sensing pressures; (d) power loss.
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Figure 8. Simulation result, 40 kg load and pLS,1 = 100 bar. (a) Position; (b) action; (c) system and
load-sensing pressures; (d) power loss.

Comparing Figure 7b with Figure 7d shows that the agent does learn to select modes
that reduce the energy losses. This results in a better match of pressures than the conven-
tional case, as shown in Figure 7c. By choosing a mode with smaller areas and resulting
in a better match of pLS,1 and pLS,2, the power losses are reduced significantly. A similar
learning and decision-making capacity is observed for the other test case, as shown in
Figure 8.

Comparing Figures 8b and 8d shows that the agent learns to choose the better mode
based on the similar principles of reducing the mismatch of pressure (Figure 8c) and
choosing the modes with a smaller area.

All load scenarios that the agent was trained for were simulated, and Equation (7)
is used to compare the energy losses. The results, normalised by the highest total energy
losses for all test cases of each level of pLS,1, are presented in Figures 9 and 10.

Results from the energy analysis show that the agent learned to select modes that
result in lower energy losses for almost all the load scenarios it was trained for. For some
load cases, the chosen solution is close to or equal to the conventional case. This happens
in the load scenarios presented in Figure 9d–f. This means that in the worst case the agent
runs the system like a conventional actuator, but it does not choose something worse than
that, for example, a mode that cannot drive the load. Although it must be remembered that
there is a safety function preventing a weak mode from being applied for high loads, the
results showed that most of the time the agent chooses modes within the safety boundary.
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Figure 9. Energy comparison, pLS,1 = 60 bar: (a) 40 kg; (b) 80 kg; (c) 120 kg; (d) 160 kg; (e) 200 kg;
(f) 240 kg.

 
Figure 10. Energy comparison, pLS,1 = 100 bar: (a) 40 kg; (b) 80 kg; (c) 120 kg; (d) 160 kg; (e) 200 kg;
(f) 240 kg.

4.2. Experimental Tests

The trained agent was deployed to the real system and evaluated on the same load
scenarios used in the training. The experimental test results, for the same load cases of
Figures 7 and 8, are shown in Figures 11 and 12. Simulation results are plotted in the
same figures. However, in the experiments, the agent observes different conditions than in
simulation, which can lead to different decisions.

The agent is able to apply in practice the same modes it learned from the optimisation
(Figure 11b), even though there are differences, for example, in the actuator position
(Figure 11a) and system pressure (Figure 11c).
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Figure 11. Experimental (Test) and simulation (Sim) results, 40 kg load and pLS,1 = 60 bar. (a) position
and reference; (b) action; (c) system pressure.

 

Figure 12. Experimental (Test) and simulation (Sim) results, 40 kg load and pLS,1 = 100 bar.
(a) Position and reference; (b) action; (c) system pressure.

As for the previous load case, the agent is able to apply in practice the same modes it
learned from the optimisation.

As said, all load cases were tested experimentally, and comparisons of selected
modes are shown in Figures 13 and 14, where Sim and Test refer to the simulation and
experiment, respectively.
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Figure 13. All test cases, pLS,1 = 60 bar: (a) 40 kg; (b) 80 kg; (c) 120 kg; (d) 160 kg; (e) 200 kg;
(f) 240 kg.

 

Figure 14. All test cases, pLS,1 = 100 bar: (a) 40 kg; (b) 80 kg; (c) 120 kg; (d) 160 kg; (e) 200 kg;
(f) 240 kg.

The experimental results show that in most of the cases the agent was able to imple-
ment in the real system the decisions that were also taken in the simulation. The load cases
that failed are shown in Figure 13d,g and Figure 14b,c. Even though these cases show some
deviation from what was achieved in the simulation, they are not wrong for the complete
test. This means that only a few decisions were wrong in these tests. However, they still
followed the logic of choosing weaker modes at the start of the motion and stronger modes
at the end of the motion, and, therefore, the agent was still able to complete the motion.

Relatively high sensitivity to the variation in measured variables was observed, and
this resulted in low repeatability in some of the load cases. The worst situation was for the
load case of 120 kg load and pLS,1 60 bar, an example of which is shown in Figure 15.
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Figure 15. Issues with repeatability for 120 kg load and pLS,1 = 60 bar.

Figure 15 shows that such controllers, as expected, might underperform when operat-
ing under different conditions than they were trained for. However, for the trained agent
presented in this study, the decisions, despite being different, still allowed the agent to
complete the task in an acceptable way.

5. Discussion

The energy analysis based on the simulation results showed the reduction in energy
losses caused by the selection of suitable modes by the agent. However, this does not mean
that the training of the agent converged to the global optimal solution that results in the
lowest energy losses possible. The optimisation objective has other terms, and, therefore,
the results presented in Figure 6 are only an estimation of what are the best modes. Future
studies should aim at finding the optimal solution and comparing this with what the agent
finds during the training.

The model of the system was judged to be sufficiently accurate to describe the main
characteristics and behaviours of the system. Still, there were deviations from the actual
behaviour of the system. Although sufficient to pre-train the agent, it is likely that the
performance of the agent could be further improved by letting it, in a safe manner, interact
with the real system and train from those experiences in order to correct model deviations.

Machine learning-based controllers are a black-box type of controller. There is an
inherent risk associated with them when deployed to control real systems, usually related to
the controller operating outside the training domain. Therefore, it must be ensured that the
control actions applied to the system do not lead to any unsafe and/or unstable behaviours.
In this study, this was ensured by implementing safety rules that would overwrite the
agent’s decisions when necessary.

One limitation of this study was that the agent was evaluated under approximately
the same load conditions and tasks that it was trained for. In the simulation, random noise
was introduced to all measurements from the system in order to increase its robustness in
the experimental tests. However, there are still questions to be answered and an evaluation
to be made regarding the robustness and generalisation capability of the agent. This is
especially the case for more realistic load cases, such as digging and variable pLS,1 pressure.

6. Conclusions

This paper presents simulation and experimental results that demonstrate the capa-
bility of a controller, developed under a reinforcement learning framework, to learn and
control the mode selection of a hydraulic system. The controller was trained in simulation
and afterwards was deployed to control the real system. The main control objective was
to optimise the selection of modes of the multi-chamber actuator so as to reduce the resis-
tive control losses on a valve-controlled load-sensing system. The controller was able to
automatically find optimised control decisions and to apply them in the real system. The
controller was also shown to be robust to differences between the training domain and the
application domain, thus extrapolating the knowledge to unseen situations. Although able
to control the real system, the trained agent must be accompanied by safety rules to ensure
the safe operation of the system. Future work should be dedicated to evaluating how close
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the solution is to the global optimum and to assessing its robustness in application, because
a high sensitivity to variations in the input features was observed for some of the test cases.
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Nomenclature

Variable Denotation Value Unit

x Multi-chamber actuator position - m
xre f Position reference for Load 2 - m

v Multi-chamber actuator speed - m/s
F Multi-chamber actuator load - N
m Multi-chamber actuator mode - -

u = [u1,u2] Proportional valve control signals (target spool position) - m
uDV On/off valves control signals - A

Q1, Q2 Load 1 and 2 flow rates - m3/s
pLS,1, pLS,2 Load 1 and 2 load sensing pressures - Pa

ps Supply pressure - Pa
ΔpLS Load sensing delta pressure 15 × 105 Pa

[AA, AB, AC, AD] Areas of the multi-chamber actuator [27 3 9 1]AD m2

pA, pB, pC, pD Multi-chamber actuator chambers pressures - Pa
pt Tank pressure 0 Pa
pR Return pressure 15 × 105 Pa
a Agent action - -
r Reward - -

rVelocity Velocity reward term - -
rPower Power reward term - -
rSwitch Switch reward term - -
PNorm Power reward normalisation factor 10 × 104 W

K1, K2, K3 Gains of the reward function 2, 800, 2 -
s Agent observations - -
y Measurements from the system - -
R Random variable - -

Ploss Power loss W
Eloss,1, Eloss,2 Energy losses on the control valves - J
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Abstract: This paper presents a solution for reducing energy loss in the hydraulic control system of
agricultural tractors and their implements. The solution is referred to as a multi-pressure rail (MPR)
and provides power to the hydraulic functions following a pressure control logic, as opposed to the
traditional flow control logic typical of hydraulic systems used in off-road vehicles. The proposed
hydraulic control system allows for elimination of redundant flow control valves in the state-of-the-art
system, which cause excessive throttling losses leading to poor overall energy efficiency. Related work
on MPR technology targets construction vehicles, where the MPR solution can allow energy recovery
during overrunning loads and better engine management. This paper alternatively addresses the case
of agricultural applications where functions mostly operate under resistive load conditions with slow
dynamics, which offers an opportunity to target throttle losses. For this purpose, the paper introduces
a variable pressure control strategy to handle the instantaneous pressure at each rail. To develop both
the controller and the hydraulic system architecture, a stationary test rig is conceived and used to
validate a numerical simulation model of the MPR system and its control strategy. Particular focus
is given to the dynamic behavior of the system during the switches of a function between different
pressure rails, which needs to ensure reduced oscillations of the flow provided to each hydraulic
function. Once validated, the simulation model is used to predict the energy savings of the MPR
solution in an actual application: a 435 hp hydraulic tractor powering a 16-row planter, for which
operating features during typical drive cycles were available to the authors. The results show up to
59% total power reduction at the pump shaft, corresponding to 89.8% system efficiency gain.

Keywords: agricultural tractors and implements; high pressure control system; multi-pressure rail
system; energy savings; throttle loss reduction

1. Introduction

In recent years, global warming and climate change have gained enormous attention
and motivated many technological advancements. One key parameter is fossil fuel usage
leading to greenhouse gas emission. In that regard, off-road mobile machineries, which
include agriculture equipment, construction equipment, etc., play an important role [1].
However, the state-of-the-art hydraulic architectures for agricultural applications result in
low system efficiency (20% on average [2]) and are unsuited for the efficiency requirements
of the coming years. As a result, this study will focus on agricultural machine systems.

The typical usage of an agricultural tractor includes performing a certain function on a
field, such as a planter, seeder, bailer, etc. Such implements have their own actuators which
are typically powered by the high-pressure hydraulic system of the tractor through so-called
hydraulic remote connections. The most common configuration of the overall hydraulic
circuit can be represented with the simplified schematic of Figure 1 below. The tractor is
equipped with a load-sensing (LS) hydraulic circuit, comprised of a variable displacement
pump with a differential flow limiter (or LS regulator) and a load-sensing valve (referred
to as an electro-hydraulic remote valve, EHR). Such a circuit is among the most energy
efficient solutions for controlling multiple actuators [3]; the pump delivery pressure settles
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to the maximum actuator pressure (plus a pump margin pmar), thus minimizing excessive
system pressurization.

Figure 1. Hydraulic circuit for tractor and planter system with redundant flow control valve (left)
and power loss (Right).

The implement hydraulic control system includes the actuators performing the agri-
cultural functions and a local flow control valve at each actuator to regulate its velocity.
Such an arrangement allows the placement of multiple actuators on a single remote line in
the tractor, as shown in Figure 1 (left) and makes the control performance of the implement
independent of the tractor brand or technology level.

Unfortunately, this arrangement voids the principle of operation of the LS system
because the commanded flow rate at the remote valve is not satisfied by the LS pump,
which instead must meet the demand of the implement valves. This is achieved by com-
manding the maximum flow at the EHR and letting the pressure compensators (PCs) of the
implement reach the maximum pressure of the pump p∗. Therefore, the pump is in pressure
saturation conditions no matter the actual load at the actuators. This typically leads to a
very low energy efficiency of the hydraulic control system, as represented in the power
plot of Figure 1 right, where the orange area represents energy loss due to throttling. If
the system functioned as an LS system, the pump pressure would be at pLS, the maximum
actuator load pActmax , plus the pump margin pmar to ensure correct functionality of the
control valve, instead of pmax.

Due to the popularity of LS systems, the literature reports several methods for im-
prove their energy efficiency. Bedotti et al. [4] attempted to reduce throttling losses by
reducing the LS margin of the system. Reducing the margin risks compromising system
performance, however, so ref. [4] settles on a safe margin reduction of 23%, yielding power
savings of approximately 4%. Tian et al. [5] expanded on this and proposed a method of
dynamically varying the LS margin of a pump, reducing throttling losses without risking
system performance, but without addressing losses due to widely varied loads. Siebert
et al. [6] put forward a system of reducing throttling losses by elevating the outlet pressure
of actuators, thus lessening the losses while maintaining a constant pressure drop across
the actuator. This solution saw a 44% reduction in throttling losses in a simulation. Another
relevant technology is that of independent metering, wherein the inlet and outlet control
orifice are decoupled and independently controlled [7], allowing for more flexible control
and power optimization with precise dynamics [8].

None of the above solutions, however, solve the issue of the previously outlined control
conflict among flow control valves, which is at the core of the inefficient tractor–implement
operation due to pressure saturation of the supply pump. This pressure saturation could
be avoided by sensing the load pressure at the actuator (pa, pb, or pc, Figure 1 right), rather
than at the EHR outlet (pU). However, such a solution is normally not used because it
does not achieve proper dynamic behavior (pump flow variation is not fast enough to cope
with the actuator load variations), and it would make the tractor and planter technologies
dependent on one another.

Therefore, to achieve higher energy efficiency in hydraulic control systems, alternative
layout architectures should be considered. The literature usually reports on the displace-
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ment control actuation as one of the most efficient methods to control a function, as it
eliminates throttling losses entirely [3,9]. However, this technology requires a dedicated
flow supply (i.e., hydraulic pump) for each function, and therefore it is too costly and
impractical for a tractor–implement system which must consider a multitude of func-
tions. Successful application of displacement control technology was, however, possible
in construction equipment [10–14]. A method for reducing the number of pumps was
also proposed by Busquets et al. [15], where a control sharing protocol for the pump flow
was designed based on typical excavator cycles, making it possible to control all excavator
functions with four pumps. However, such a strategy is much more difficult to implement
in agricultural systems as they can connect to implements with unknown drive cycles.

An alternative hydraulic actuation technology, not yet common in the field of off-road
vehicles, are pressure-controlled flow supplies [3]. In such systems, the supply pump is not
set to match a commanded flow, as in the system of Figure 1 (left), but rather to establish a
commanded pressure. The simplest implementation of this design is the constant pressure
(CP) system, in which the supply pump sets the pressure in a common pressure rail that
connects the pump with the actuator, with control valves that control the flow from this
rail [16]. The CP system decouples the actuators from the prime mover, allowing for power
management strategies to be implemented at the prime mover. The CP system also achieves
higher control bandwidth, as the actuator response usually functions on the control valve
that is receiving flow from the rail and is independent of the supply pump. However,
a basic CP system with one pressure rail suffers from excessive throttling losses, as the
rail pressure must exceed the maximum load pressure, and flow from the rail to all other
actuators at a lower pressure is throttled down. As described in [17], advanced CP systems
address this problem in two possible ways: by controlling the displacement of the actuator
directly, and thus the speed and torque, or by using hydraulic transformers to reduce the
pressure delivered by the rail without throttling. The first strategy has been implemented
successfully by Volvo [18] on a 30-ton excavator. This design utilized a novel variable-area
cylinder and showed 34–50% gains in fuel efficiency. Several hydraulic transformer designs
have been put forward, as seen in [19,20] but these systems have yet to see widespread
adoption, due to the complexity, cost, and unproven reliability of the component.

The multi-pressure rail (MPR) system considered in this paper does not fall into either
of the previously outlined categories for advanced CP systems, and instead proposes the
use of more than one pressure rail. The idea was initially somewhat outlined by Lumkes
et al. [21] who designed a general form of the MPR system and tested its feasibility on a
backhoe test rig. The results proved functionality, but the work did not address specific
controller design or power-saving potential. Dengler et al. in [22,23] proposed the addition
of a fixed pressure medium pressure rail, calculating a theoretical increase of 20% efficiency
over a state-of-the-art LS system in a simulation.

The most relevant prior work to the MPR system considered in this paper is the
STEAM excavator developed by the IFAS team at RWTH Aachen, [24,25] and the hybrid
hydraulic architecture (HHEA) by Li et al. [26]. Both systems used variations of MPR
architectures for construction equipment. The STEAM excavator system makes extensive
use of engine management strategies and energy recovered from overrunning loads where
possible. Published measurements show a 30% reduction in fuel consumption. Although
not demonstrated in an actual vehicle, the HHEA system conceptualizes the use of addi-
tional hydraulic and electric machines (one per each actuator) to essentially replicate the
function of hydraulic transformers and reduce the throttle loss. This system should allow
energy consumption to be reduced by 40% according to the simulation. Neither of these
architectures vary the level of the instantaneous pressure in the rails, mostly due to the high
dynamic features of the drive cycles typical of construction equipment. Opgenoorth et al.
in [27] proposed an MPR architecture for an electrified excavator which included variable
rail pressures, showing a 29% efficiency gain over a standard LS system in a simulation.
However, no controller design or experimental validation were presented. Bertolin and
Vacca in [28] provided a parametric study that evaluates how different cylinder areas affect
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the efficiency of the proposed system. It also considers different number of rails in the
system and how to optimize their pressure levels to maximize system efficiency.

Finally, the authors of this paper previously put forward several options for the ar-
chitecture and control of a variable pressure rail MPR system in [29]. This work used a
physical test rig to prove the basic controllability of the system, and also to compare the
relative effectiveness of one pump, two accumulators, and two pumps, no accumulator
systems for such a system. The work was successful in identifying that while the variable
pressure system was controllable with both supply systems, the two-pump system with-
out accumulators had far better dynamic behaviors due to the absence of the additional
capacitance from the accumulators.

The purpose of this paper is to formulate, design, and experimentally prove a variable
pressure MPR system specific to an agricultural-implement system, which are characterized
by a high number of actuators with low dynamic requirements and limited chances of
energy recovery. The goal of the paper is to address the hydraulic system design as well as
quantifying the energy savings that can be achieved considering an actual application.

This paper first presents the MPR system design considering the unique system
characteristics in Section 2. In Section 3, the multi-level controller is introduced in detail.
Following this, a test rig is designed, modeled, built, and tested to validate the stability
and performance of the proposed MPR controller in Section 4. Moreover, Section 5 shows
the two reference vehicles (a tractor and an implement) that are very popular in the field.
Finally, a lumped parameter complete system model, including the reference tractor, planter,
and the proposed MPR components, is built, validated, and used to predict the power
saving and efficiency gain at the machine’s representative working condition in Section 6.
The results show up to 59% total power reduction at the pump shaft, corresponding to
89.8% system efficiency gain.

2. MPR System Description

Figure 2 shows the design of the MPR system with a generic number of pressure rails
as considered in this work. It includes a supply system, pressure rails, pressure select and
control valve sets (PSCV), and actuators. The supply system controls the pressure level in
each rail. The rails connect the supply system to each PSCV. Then, the PSCVs connect the
most appropriate rails to the inlet and outlet of each actuator to minimize throttling loss.
The PSCVs also control the flow rate to match the commanded velocity.

Figure 2. Generic design of the multi-pressure rail system with four pressure rails.

Figures 3 and 4 show an example of how the three-rail MPR system works for both
hydraulic motors and cylinders with PSCV. First, the PSCV pressure selection stage (V1–V6)
will be opened or closed to connect the line A1 and B1 to the pressure rails according
to the command from the supervisory controller. Then, the metering stage control valve
(VA and VB) will control the actuator speed tracking with the actuator controller. Using
different combinations of inlet/outlet pressure levels, the MPR makes available to each
actuator multiple output torque and force ranges. For example, considering an MPR system
with three rails, a hydraulic motor can operate under six possible modes: high pressure
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at the inlet with low pressure at the outlet (HP-LP), HP-MP, MP-LP, LP-MP, LP-HP, and
MP-HP. There are also three idle modes: LP-LP, MP-MP, and HP-HP. Due to the pressure
losses in the lines and selection and metering valves, the pressure margin pmar needs to
be considered to leave enough pressure drop for proper functioning of the actuator. As a
result, the torque range for each working mode is shown in Table 1.

Figure 3. Working principle for MPR system with motor actuator.

Figure 4. Working principle for MPR system with cylinder actuator.

Table 1. Working Mode Torque Range for Three-Rail MPR System.

Load Condition Mode Lower Limit (Nm) Upper Limit (Nm)

Resistive

MP-LP 0 Vm(pMP−pLP−pmar)
2π

HP-MP Vm(pMP−pLP−pmar)
2π

Vm(pHP−pMP−pmar)
2π

HP-LP Vm(pHP−pMP−pmar)
2π

Vm(pHP−pLP−pmar)
2π

Overrunning

LP-LP/MP-MP/HP-HP Vm(pLP−pMP+pmar)
2π

0

LP-MP Vm(pMP−pHP+pmar)
2π

Vm(pLP−pMP+pmar)
2π

MP-HP Vm(pLP−pHP+pmar)
2π

Vm(pMP−pHP+pmar)
2π

LP-HP Maximum System Torque Vm(pLP−pHP+pmar)
2π

If the motor load is at the value T1 as shown in Figure 3, the system should work under
mode MP-LP (the red line in the figure) to minimize the throttling loss to Δp1. Clearly, this
is a great advantage in comparison with the baseline system of Figure 1 (left) which puts
all the actuators under the maximum pressure differential. In case of an overrunning load,
such as T2, the MPR has the potential to recover energy by connecting the motor inlet to
LP and the outlet to MP. This allows the motor to work in pumping mode, thus inputting
energy back to the system, under a minimal throttling loss Δp2.
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The hydraulic cylinder, illustrated in Figure 4 (pressure margin lines are omitted),
works under a similar principle. The only difference is for cylinders with differential
areas, the idle modes for hydraulic motors can also output force, such as force levels
A(pHP − αpHP), A(pMP − αpMP), and A(pLP − αpLP). As a result, there are nine force
lines in total compared to the six torque lines of a symmetric actuator. When the cylinder
has a resistive load, such as F1 in Figure 4 (right), the best working mode is MP-LP (the
red line in the figure) with the throttling loss Δp3. With overrunning load F2, the system
prefers working in the same mode to recover energy to the MP rail with throttling loss Δp4.

The case of unidirectional motors with no overrunning loads is further considered
in this section to present general design considerations for the MPR system. This case is
particularly relevant for agricultural tractor–implement systems, and in particular for the
reference tractor–planter as it will be described in Section 4.

2.1. Number of Rails

The number of rails is a critical parameter in an MPR system, as it directly determines
the number of modes available for the actuator connections. A two-rail system has only
one mode, as each actuator can be connected only with the HP line and the LP line. In
a three-pressure MPR, there are three modes: supply from medium pressure (MP) to LP
rail (MP-LP), from HP to MP rail (HP-MP), and from HP to LP rail (HP-LP). The number
of modes (nmd) is determined by the number of rails (nR) as seen in Equation (1) with a
unidirectional motor as the actuator.

nmd =
nR(nR − 1)

2
(1)

Intuitively, the more rails there are in the system, the less throttling losses will occur.
However, a high number of rails can be impractical, as it implies a high number of com-
ponents (detrimental for costs and spatial requirements) and added control complexity.
Therefore, the optimal number of rails comes from a compromise between energy loss and
technical-economic feasibility. Considering all the benefits and costs of adding rails, the
three-rail MPR system is the most suited choice for the reference system which will be
introduced in Section 4. As a result, the MPR system design in this study will continue with
three pressure rails. The simulation results that drove this decision can be seen in Section 6.

2.2. Supply System

Based on the analysis and experimental work in [29], to achieve the target of unidi-
rectional, resistive load conditions present in most agricultural implements, the supply
system shown in Figure 5 is most suitable due to its fast response in rail pressure control.
This system uses one pump per pressure rail, allowing for a fast control response for both
pressures independently. Most of the time this is the operating mode in which the system
will run. Should a user require a higher flow than one pump can provide, however, a
merging valve is included which connects both pumps to one rail. This setup allows for
the pumps to be downsized somewhat, in turn causing them to typically run at higher
displacements and efficiencies. Finally, the MP pump must be able to go over center in
order to handle any cases in which flow coming from the HP rail to the MP rail exceeds the
flow from the MP to LP rails.

Figure 5. MPR supply system design.
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To size the pumps, there are two options. For the first option, both pumps should be
sized large enough to supply the full flow required by the users to eliminate any possibility
of pump flow saturation for both rails. This sizing option will ensure the system always
remains in normal MPR mode and no merging of flow is needed. However, the pumps
will suffer from lower efficiency due to working at a lower displacement. For the second
option, owing to the merging valve, the total flow from both pumps needs to satisfy the
maximum required flow rate as shown in Equation (2). This provides design freedom on
how to size HP and MP pumps and an optimization method is proposed in this work to
determine the best size for both pumps.

VpHP + VpMP ≥ qmax

ωp
(2)

To find the best size for both pumps, a cost function J is defined in Equation (3). This
cost function evaluates only the average power loss during the reference machine’s normal
working condition, which represents the bulk of the machine’s operating time throughout
its lifetime. The first half of the cost function represents the summation of volumetric
qspk

and hydromechanical losses Tspk
for the pump k at corresponding working pressure

ppk − pLP, and rotational speed ωpk . The second half calculates the throttling loss in the
control valves for all nact actuators at their flow rate qj, and pressure drop across their
control valve pin − Δpi − pout. pin and pout are the inlet and outlet rail pressures that are
selected by the pressure selection stage valve in Figure 4, and they are either HP, MP, or LP.
The actuator load pressure Δpi is the pressure drop across the actuator suction side and
deliver side. With the cost Function (3) and Constrain (2), the best pump size that could
satisfy the flow requirements and minimize the system loss could be found for the selected
target machine.

J =
2

∑
k=1

(
qspk

(
ppk − pLP

)
+ Ts pkωpk

)
+

nact

∑
j=1

qj (pin − Δpi − pout) (3)

Due to limited resources, this study will use the same size of units as the reference
machine (45 cc), which follows the first sizing option, and all the controller design and
simulation results are with respect to that size.

2.3. Pressure Select and Control Valve Set

There are many ways to achieve these two functions. The most generic design is
shown in Figure 6 (left). It includes six on/off valves (V1–V6) as the pressure select valves
and two proportional valves (VA and VB) as the actuator control valves. Two pressure
relief valves and check valve sets are used to protect the circuit from overpressure or
cavitation. In this setup, the actuator can operate in both directions (A to B, or B to A)
in both resistive and overrunning loading conditions, as both the inlet and return of the
actuator could be connected to any rail. Moreover, both metering-in and metering-out
control strategies are possible. This design is very flexible but also expensive, as it uses
many solenoid-operated valves.

Figure 6. MPR pressure select and control valve set designs.
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To better fit the valve set design to the actuator, the load characteristic (mentioned at
the end of the state-of-the-art section) should be considered. Based on these characteristics,
the architecture of Figure 6 (right) would be a more suitable design for this study. It only
has two on/off valves (V1 and V2) with two check valves at the pressure select stage. The
inlet side can connect to HP and MP pressure rails and the outlet can connect to MP and LP
pressure rails. On top of that, it has only one metering valve (VA) on the A side for meter-in
control. An anti-cavitation check valve is placed between the actuator work ports and two
pressure relief and check valves are used to protect the circuit. This design can no longer
achieve all working conditions as option 1 can, but is adequate for the previously discussed
unidirectional actuators, without overrunning loads, and greatly reduces the number of
solenoids, and thus cost and control complexity.

3. MPR Controller Design

The control structure for the proposed MPR system has two levels: the actuator level
controllers and the supervisory level controller. The actuator level controllers include the
actuator speed controller, the rail pressure controller, and the pump displacement controller.
The supervisory controller is the online optimization controller that sets the HP and MP
rail pressure to minimize total power loss due to fluid throttling.

The basic control structure is shown in Figure 7. The mechanical and hydraulic compo-
nents of the tractor and its implement are in red and orange boxes, and the controllers are
in green boxes. When the actuator command comes in, the supervisory controller records
it and passes it on to the actuator speed controller. Following this, the actuator speed
controller controls the metering valve of the actuator to track the actuator command. In
the meantime, the actuator load pressure is measured and sent back to the supervisory
controller, along with the actuator command, for use in the rail pressure online optimization.
Next, the supervisory controller sends the optimized HP and MP rail pressure commands
and the optimal working mode for each actuator to the rail pressure controller and the
actuator selection valves. In addition, a feedforward displacement command is generated
from the actuator speed and rail pressure commands and is then sent to the pump dis-
placement controller. The rail pressure controller causes the rail pressure to follow the
optimized command by sending the pressure feedback displacement command to the
pump displacement controller. Finally, the pump displacement controller maneuvers the
displacement of the HP and MP pumps.

Figure 7. MPR control structure overview.

The detailed controller design is shown in the following sections.
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3.1. Supervisory Controller

The supervisory controller will give the best HP and MP rail pressures and the corre-
sponding mode for each actuator to minimize the throttling loss in the MPR system.

pHP = max(Δp1, Δp2, . . . , Δpn) + pmar (4)

To determine the HP rail pressure Equation (4) is used. The HP rail pressure is equal
to the highest load pressure in the system plus a pressure margin of pmar to overcome any
losses in the line and the losses associated with the pressure drop necessary for the control
valve to properly function.

As the HP rail pressure is easily determined, the only independent variable is the MP
rail pressure (pMP). To this end, an optimization method is used based on the cost function
defined in Equation (5). This variable is constrained by Equations (7) and (8) which will
be introduced later to maintain the pressure margin for proper actuator functionality. The
three summations in the cost function represent the throttling loss for each actuator at all
three modes. For example, when actuator i is working in mode MP-LP, its throttling loss
is the product between its flow rate qi and the pressure drops across the control valve,
pMP − Δpi − pLP. The last part of the cost function accounts for the power loss of the HP
and MP supply pumps.

P(pMP) =
MP−LP

∑
i=1

qi (pMP − Δpi − pLP) +
HP−MP

∑
j=1

qj
(

pHP − Δpj − pMP
)

+
HP−LP

∑
k=1

qk (pHP − Δpk − pLP) + qpHP(pHP − pLP)
(
1 − ηpHP

)
+qpMP(pMP − pLP)

(
1 − ηpMP

)
(5)

This cost function is discontinuous. When actuators work in a different combination
of modes, Equation (5) has to be rearranged with different constraints for pMP, which will
lead to different local optimal choices of pMP for difference combinations. In order to find
the global minimum of this cost function, all the possible combinations must be evaluated.
With a system that has nR working rails and nact actuators, the total number of possible
working mode combinations ncomb is calculated in Equation (6).

ncomb =

(
nR(nR − 1)

2

)nact

(6)

For a five-actuator system working with a three-pressure rail system, the ncomb is 243,
which means the cost function needs to be evaluated 243 times at every instant to insure a
global minimum for the cost function. This makes the optimization quite impractical for an
online implementation. An incomplete list of possible combinations is shown in Table 2.

Table 2. Incomplete list of possible combinations for three-rail five-actuator MPR system.

Combi
Nation

Actuators Combi
Nation

Actuators

1 2 3 4 5 1 2 3 4 5

1 MP-LP MP-LP MP-LP MP-LP MP-LP 82 HP-MP MP-LP MP-LP MP-LP MP-LP
2 MP-LP MP-LP MP-LP MP-LP HP-MP 83 HP-MP MP-LP MP-LP MP-LP HP-MP
3 MP-LP MP-LP MP-LP MP-LP HP-LP 84 HP-MP MP-LP MP-LP MP-LP HP-LP
4 MP-LP MP-LP MP-LP HP-MP MP-LP 85 HP-MP MP-LP MP-LP HP-MP MP-LP

. . . . . .

Fortunately, there are ways to reduce the list of combinations to be considered. First,
organize actuators 1–5 with respect to their load pressure in decreasing order into actuators
a–e. Following this, apply the rules below.
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Rule 1: an actuator a should always work in mode HP-LP. After organizing the
actuators, it is important to note that a-e is not necessarily in the same order as 1–5. From
the organized list of load pressures, it is clear that actuator a, as the highest load pressure
actuator, should always be working in mode HP-LP because the HP rail pressure is set
based on this pressure. As a result, 162 combinations can be eliminated.

Rule 2: when an actuator moves to a lower mode, the actuators with a lower load
pressure should never move to a higher mode. This is because there will always be a
better combination to take its place. Figure 8 graphically describes this concept. In this
setup, assuming the minimum pressure drop is guaranteed, the best combination is 229
(HP-LP, HP-LP, HP-MP, HP-MP, and MP-LP) with the optimized HP and MP pressure. The
throttling loss for actuators d and e are ΔpdHP−MP and ΔpeMP−LP , respectively. If actuators
d or e were working in mode HP-LP instead of their current mode, this would result
in combinations 231 (HP-LP, HP-LP, HP-MP, HP-MP, and HP-LP), 232 (HP-LP, HP-LP,
HP-MP, HP-LP, and MP-LP), or 234 (HP-LP, HP-LP, HP-MP, HP-LP, and HP-LP) It is
clear that from the plot, none of those combinations will result in lower throttling loss
than combination 231, as the throttling losses of ΔpdHP−LP and ΔpeHP−LP are greater than
ΔpdHP−MP and ΔpeMP−LP . As a result, an additional 60 combinations are eliminated.

Figure 8. Pressure and flow rate diagram for MPR actuators after sorting.

Rule 3: at least one actuator should work in mode MP-LP. This rule is based on the
recirculated excess flow in the MP rail. If no actuator is working in mode MP-LP, such as
combination 203 (HP-LP, HP-MP, HP-MP, HP-MP, and HP-MP), there is no actuator taking
flow from the MP rail, and all the flow coming from actuators working in mode HP-MP
will need to be recirculated through the MP pump back to the shaft; this process generates
losses. Therefore, it is certain that if the actuators working in mode HP-MP switch to mode
MP-LP with correct MP pressure, such as combination 163 (HP-LP, MP-LP, MP-LP, MP-LP,
and MP-LP), it will result in less losses for the system, as the pump loss due to recirculation
is eliminated. As a result, five more combinations are eliminated.

To summarize, after applying the above rules, the final list of 16 available combinations
is listed in Table 3.

Table 3. List of final combinations.

Combi
Nation

Actuators Combi
Nation

Actuators

a b c d e a b c d e

163 HP-LP MP-LP MP-LP MP-LP MP-LP 218 HP-LP HP-LP MP-LP MP-LP HP-MP
164 HP-LP MP-LP MP-LP MP-LP HP-MP 221 HP-LP HP-LP MP-LP HP-MP HP-MP
167 HP-LP MP-LP MP-LP HP-MP HP-MP 226 HP-LP HP-LP HP-MP MP-LP MP-LP
176 HP-LP MP-LP HP-MP HP-MP HP-MP 229 HP-LP HP-LP HP-MP HP-MP MP-LP
190 HP-LP HP-MP MP-LP MP-LP MP-LP 235 HP-LP HP-LP HP-LP MP-LP MP-LP
199 HP-LP HP-MP HP-MP MP-LP MP-LP 236 HP-LP HP-LP HP-LP MP-LP HP-MP
202 HP-LP HP-MP HP-MP HP-MP MP-LP 238 HP-LP HP-LP HP-LP HP-MP MP-LP
217 HP-LP HP-LP MP-LP MP-LP MP-LP 241 HP-LP HP-LP HP-LP HP-LP MP-LP
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For each combination, the MP rail pressure must fall within the upper and lower
constraints to ensure the combination works properly. The lower constraint is determined
by Equation (7). The total pressure difference from the MP rail to the LP rail needs to be
higher than the highest load working in mode MP-LP plus the pressure margin to ensure
proper functioning of the control valve. The upper constraint is determined by Equation (8).
The total pressure difference from the HP rail to the MP rail needs to be higher than the
highest load pressure that is working in mode HP-MP plus the pressure margin. If the
constraints for one combination are incompatible, then the combination is eliminated for
that calculation. After rearranging the constraints, as shown in Equations (7) and (8), Table 4
shows the complete list of all lower and upper constraints for all combinations.

pMP − pLP ≥ max
(
ΔpiMP−LP

)
+ pmar => pMP ≥ max

(
ΔpiMP−LP

)
+ pmar + pLP (7)

pHP − pMP ≥ max
(
ΔpiHP−MP

)
+ pmar => pMP ≤ −max

(
ΔpiHP−MP

)
+ pHP − pmar (8)

Table 4. List of constrains for the final 16 combinations.

Combi
Nation

Constraint * Combi
Nation

Constraint * Combi
Nation

Constraint * Combi
Nation

Constraint *

Lower Upper Lower Upper Lower Upper Lower Upper

163 Δpb in f 190 Δpc −Δpb 218 Δpc −Δpe 235 Δpd in f
164 Δpb −Δpe 199 Δpd −Δpb 221 Δpc −Δpd 236 Δpd −Δpe
167 Δpb −Δpd 202 Δpe −Δpb 226 Δpd −Δpc 238 Δpe −Δpd
176 Δpb −Δpc 217 Δpc in f 229 Δpe −Δpc 241 Δpe in f

* All lower constraints need to add pmar + pLP, and all upper constraints need to add pHP − pmar .

Finally, with a closer look at the cost function (5), the value of the cost function is a
linear function with the independent variable pMP. This means if the derivative of the cost
function with respect to pMP is positive, the minimum pMP should be used to achieve the
lowest value of the cost function, which is at the lower constraint of pMP, and vice versa.
This further simplifies the optimization to just one evaluation of the sign of the derivative
with respect to pMP and one evaluation of the cost function at the corresponding constraint
for each combination.

3.2. Real-Time Implementation of Supervisory Controller

The supervisory control logic shown above is operated at a constant frequency on a
central ECU, checking continuously to ensure that the system stays in the optimal operating
condition. The speed at which the supervisory controller runs can be far lower than that at
which the actuator level controls run, 10 Hz and 100 Hz, respectively, for example. This
real-time implementation does, however, introduce two control challenges that need to be
addressed to ensure the system can operate stably.

First, the control logic proposed above assumed that the system reached a steady
state immediately after switching modes and stayed there until the next switch. However,
during real drive cycles, small fluctuations of actuator pressures may lead to switches
between optimal modes and cause excessive switching between combinations if the value
of the cost function for multiple combinations get very close. This could potentially make
the system unstable. To overcome this issue, a power loss margin Pmar is added to the
cost function comparison. The supervisory controller will allow a switch only if the new
combination is outperforming the current combination in cost by Pmar. There is a possibility
that the current combination will not work in the new time step. For example, the current
combination at the new time step may have contradictory pMP upper and lower constraints,
which lead to no possible pMP existing for the current combination. In this case, to ensure
that the system functions correctly, the supervisory controller will force a switch to the new
combination, regardless of Pmar. This way, switches will happen much less frequently at
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the cost to savings of Pmar, which is small compared to the total savings, and the benefits of
system stability.

Second, during transient condition, such as multi-actuator switching, the system
pressure experiences a discontinuity that will impose actuator load pressure oscillation for
a short time. An example is shown in Figure 9. A simple step change is demonstrated in a
single actuator load (top), along with a sample of four of the cost functions (middle), and
the actuator’s connection mode (bottom). The simulation used accounts for other actuators
and cost functions, but only the relevant ones are shown. When the load change occurs,
there are transient oscillations in the system that cause corresponding oscillations in the
cost functions. The magnitude of these oscillations is instantaneously greater than Pmar,
and if left unchecked, could lead to uncontrolled switching as seen in the figure. To resolve
this, a brief cooldown time, tcd, was added to the controller, forcing a minimum time (two
seconds for the reference controller) between switches. As with the Pmar logic, an exception
was implemented allowing the system to switch modes immediately if its current operating
condition is unable to satisfy the pressure margin constraints.

Figure 9. Conceptual example of actuator mode switching dynamic reaction.

3.3. Actuator Level Controllers

The actuator controller is a simple closed-loop PI (proportional integral) controller for
actuator speed (Figure 10). The actuator command comes from the supervisory controller
and the actuator speed is fed back from a speed sensor to close the control loop.

Figure 10. Actuator speed controller.

The rail pressure controller and pump displacement controller form a cascaded PI
controller (Figure 11). The outer loop is the rail pressure controller that takes rail pressure
commands from the supervisory controller and outputs the reference pump displacement
command to the inner loop. The rail pressure measurements are used to close the control
loop. The inner loop is a feedback–feedforward controller. In addition to the command from
the outer loop, the feedforward pump displacement command is sent from the supervisory
controller, which is a displacement estimation from the actuator modes and flow needed.
The measured pump displacement is used to close the control loop.
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Figure 11. Rail pressure and pump displacement controller.

4. MPR Test Rig and Reference Machine

4.1. MPR Test Rig Design

A standalone test rig was designed to validate the effectiveness of the control scheme
being used. The system was designed as shown in Figure 12. Key features in the design
were variable load units, allowing the simulation of a wide variety of loading conditions,
an unloading valve, enabling the switch between one and two pump supply systems, and
a switching valve and accumulator system, enabling the function of the one pump system.
The system also used the more general design for the valve set outlined above. This was
done to ensure flexibility in future work with the system.

Figure 12. Hydraulic circuit for the MPR test rig.

The test rig design shown above was designed to be able to operate as both a one
pump and two pump MPR system, by using the unloading valve (ULV) to isolate the MP
pump and using the switching valve (SWV) to switch the HP pump between the rails, as it
was initially designed for use on [29]. For the purposes of this paper, however, the system
is used in the two-pump configuration.

The system is controlled using an NI CRio controller, which in turn uses Bosch
Rexroth’s BODAS pump controllers and pressure transducers to control the hydraulic
components of the system. Figure 13 shows the completed test stand implementation.

Figure 13. Completed test stand.
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4.2. Reference Machine

To show the power savings introduced by the proposed MPR system and controller
design, two reference machines (a tractor and an implement) are selected and modeled. The
reference machines have been instrumented and tested in the field under normal working
conditions to gather baseline data for building and validating the hydraulic model. Finally,
the actual power consumption by the hydraulic system on the reference machines for the
baseline machine and the proposed MPR machine are compared.

The reference tractor is a T8.390 New Holland tractor. The tractor and its simplified
hydraulic circuit are shown in Figure 14. It has two sets of centralized load-sensing
hydraulic systems. The first system has the first HP pump as a flow source and steering
system, using the power beyond function and remote valves one to three as users. The flow
first goes through the steering priority valve to satisfy the steering needs, then continues to
supply the rest of the functions. The second system is powered by the second HP pump
with the hitch function and EHR valves four to six. The implement is connected to the
hydraulic system through the tractor EHR. An LP pump is used to power all low-pressure
functions, such as the brake, clutch, differential lock, etc. The LP system, which is also a
low power system, is not included in this study.

Figure 14. Reference tractor and its hydraulic circuit.

The reference implement is a Case Early Riser 2150 16-row planter. The planter and its
simplified hydraulic circuit are shown in Figure 15. The planter has two hydraulic circuits.
Circuit one contains a bulk fill fan system, fertilizer system, and compressor system. Circuit
two contains an alternator system, vacuum system, weight management cylinder system
(WMC), and hydraulic down pressure cylinder system (HDPC). These functions, except the
compressor system, are continuously working during normal planter working conditions.
In addition to the motor actuators, the two-cylinder systems also appear in the system. The
cylinder systems follow the terrain and maintain a commanded downward force to ensure
planting quality.

Figure 15. Reference planter and its hydraulic circuit.
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5. System Modeling Methodology

This section presents the lumped parameter models used to estimate the effectiveness
of the MPR solution in terms of controllability and energy savings. Specifically, the test
rig model is used to validate the proposed MPR control performance. The tractor–planter
model is instead used to predict the total power saving in realistic working conditions.

5.1. Test Rig Model

For easier understanding of the test rig modeling, the system is decomposed into
individual components that could be modeled with a governing equation, such as hydraulic
motor, pumps, valves, lines, etc. The exchange of information between the blocks is
indicated in the block diagram in Figure 16. The inputs for the simulation are the actuator
commanded speeds, commanded loads, and electric motor speed. They are directly fed
into the MPR controller through the simulation. All other variables such as pressure, flow
rate, torque, speed, and power are calculated internally in the simulation.

Figure 16. Block diagram for test rig modeling (left: test rig hydraulic circuit, right: modeling
block diagram).

For simplicity, the electric motor in this model is assumed to be an ideal rotational
speed source. The motor shaft speed ωm is simulated using Equation (9). Isha f t is motor
shaft inertia. TL is the load torque on the motor shaft. Tm are the torque outputs by
the motor.

Isha f t
.

ωm = Tm − TL (9)

Following this, the hydraulic unit (HP and MP pumps, motor, and load pump),
effective flowrate qe f f , and torque Te f f are modeled using Equations (10) and (11). V is
the unit maximum displacement. The volumetric loss qs and hydromechanical loss Ts
are determined using empirical lookup tables. The losses are related to unit fractional
displacement β, pressure drop across the unit Δp, and unit speed ω. A more detailed
description on the setup of the hydraulic unit model can be found in [30].

qe f f = ±βVω − qs(β, Δp, ω) (10)

Te f f = ± βVΔp
2π

− Ts(β, Δp, ω) (11)
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Next, the pressure dynamics in each control volume (HP and MP rail, line A1, B1,
A, B, and L) are modeled by the pressure build up Equation (12), where the K is the bulk
modulus, Vol is the volume, qin/out is the flowrate that flows into or out of the control
volume, and the dV

dt is the control volume rate of change.

.
p =

K
Vol

(
qin − qout − dV

dt

)
(12)

Finally, the flowrate qV through valves (V1–6, A, B, and L) are modeled using the
orifice Equation (13). The maximum orifice area A for each valve is different and it is
calculated from the valve datasheet. The normalized opening of the valve yV depends
on the type of valve. For a proportional valve, the control input, which is normalized
between 0 to 1, serves as the valve opening. For check valves and electrical on/off valves,
the opening is either 0 or 1 depending on the working logic. For valves with hydraulic
pilot pressure, a force balance between solenoid force, hydraulic force, and spring force is
applied to calculate the valve opening.

qV = αD AyV

√
2Δp

ρ
(13)

A summary of the components and parameters used in this simulation model is shown
in Table 5 below.

Table 5. Components and parameters used for test rig modeling.

Oil Density 850 kg/m3

Discharge Coef. 0.7

Bulk Modulus 1.7e9 Pa

El. Motor Speed 1500 rpm

Supply Pumps Bosch Rexroth A10VO (EOC − P), max. displacement 45 cc/rev

Load Pump Bosch Rexroth AZPV, 8 cc/rev, custom made

Load Motor Bosch Rexroth AZMV, 8 cc/rev, custom made

Load Inertia 0.001·kg·m2

On/Off Valve Bosch Rexroth VEI − 16 − 10A − NC (5 bar Δp for 30 lpm q)

Proportional Valve Bosch Rexroth KSVSR2 (14 bar Δp for 75 lpm q)

Load Valve Bosch Rexroth VEP-5B-2S-P (max. cracking pressure 220 bar, flow rate pressure gradient 7.5 L/min/bar

5.2. Complete System Model

The complete tractor–planter model was built in the Simcenter Amesim environment.
The model includes the tractor model and the planter model, in both the commercial solu-
tion and the proposed MPR component configuration. The simplified hydraulic circuit is
shown in Figure 17. It is a 3-rail MPR system with 5 actuators. The 5 actuators are alternator
motor, vacuum fan motor, bulk fill fan motor, fertilizer motor, and the cylinder systems.

The models for the tractor and planter were built following the same lumped parame-
ter approach as the test rig model. Previous studies conducted by this team have presented
the model development and its validation for the commercial tractor system [31,32] and
tractor–implement system [33]. The baseline simulation results that will be presented in the
next section are the straight output of these previously presented models. The relevant por-
tions of the tractor model (engine, pumps, and control valves) and of the validated planter
model (motors, cylinders, control valves, and corresponding load) will serve as the baseline
for comparison with the MPR supply system and the MPR working actuator, respectively.
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The test rig model (HP and MP rails, PSCV, and MPR controllers) will serve as the MPR
component models which transfer power in between the tractor and planter models.

Figure 17. Simplified hydraulic circuit for the MPR system for the reference machines.

One important note regarding the model used is to consider the downforce cylinder
system of the planter. An accurate modeling of the cylinder system presents complexity
in determining the correct force inputs from the ground, as well as including a proper
dynamic model for the bodies connected to the cylinder. To simplify this portion of the
model, and ensure a realistic simulation, a simplified load module was built to recreate
the cylinder flow/pressure dynamic using experimental data from real measurements
as shown in Figure 18. This module will enforce the flow rate needed from the cylinder
systems (which was measured from experiments) and use the same pilot-operated, electric-
controlled, 3/2 proportional pressure-reducing valves to track the measured working
pressure (also measured from experiments) in the cylinders (CH). Therefore, this load
module consumes the flow rate and outputs the controlled cylinder pressure as measured
from the experiments.

Figure 18. Cylinder systems model diagram.

6. Results and Discussion

This section firstly presents the simulation used to select a three-rail system, then
discusses the validation of the test rig model, the planter model, and the power consumption
prediction of the complete MPR tractor–implement model compared to the baseline solution.

6.1. Rail Number Analysis

A representative drive cycle was acquired for the selected reference machine, seen
in Table 6, which displays typical usage. It was run through a streamlined version of
the model discussed above, with most transient dynamics removed to focus on steady
state performance.
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Table 6. Representative drive cycle for the rail number analysis.

Normalized Cmd Time Alternator Bulk Fill Fan Fertilizer Vacuum Fan Cylinders

Normal 5–38% 60% 60% ~40% ~63% Dynamic

Averaged over time, the simulation results are shown in Figure 19, with each additional
rail improving loss reduction; by far the most remarkable improvement occurred following
the addition of two to three pressure rails. These results motivated the selection of a three-
rail system for this application, as the relatively minor reduction in losses for rails above
three was judged not to be worth the additional control complexity.

Figure 19. Loss reduction for number of rails.

6.2. Test Rig Model Validation Result

A drive cycle was generated for the test rig using the output of the supervisory
controller to select loading conditions and command speeds for the three actuators to force
the system into a sequence of mode switches. These switches were selected specifically to
test the controllability and stability of the system. This drive cycle is outlined in Table 7.

Table 7. Validation drive cycle for MPR test rig.

Time
(A) 0–10 s (B) 10–30 s (C) 30–50 s (D) 50–70 s

Command Mode Command Mode Command Mode Command Mode

ω1cmd [rpm] 1200
3

1200
3

1200
3

600
2

p1L [bar] 160 160 160 20

ω2cmd [rpm] 800
1

800
1

800
3

800
1

p2L [bar] 20 100 140 100

ω3cmd [rpm] 600
1

600
2

600
1

1200
3

p3L [bar] 20 20 20 160

The results from the test rig model are shown in Figure 20. The first row shows the
switch from working condition B to C (started at 30 s) in the drive cycle of Table 7. The
second row shows the last switch from working condition C to D (started at 50 s), which is
the hardest switch. The plot on the left shows the actuators speed tracking, the middle plot
shows the actuators load pressure and corresponding optimized rail pressures, and the
right plot shows the actuators operating mode as determined by the supervisory controller.
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Figure 20. Test rig simulation results. Top row: mild switch; bottom row: hard switch.

Overall, the system behaves as expected and both the actuator level controller and
supervisory controller perform correctly. The steady state command tracking is excellent,
and the system is stable with a minimum number of mode switches. From the results,
a speed peak for all actuators at the moment of the mode switch can be noticed. This
occurs because when the switch happens, the local actuator speed controller, not being
informed of the change in supply pressure, must react from its previous state. As a result,
the sudden pressure change will create a flow spike and change the pressure drop across the
motor. This aspect is accentuated in the test rig actuators because they have an extremely
low mechanical inertia, being simply a pump directly connected to a hydraulic motor.
Therefore, a short torque spike is reflected in a corresponding speed peak. The second
reason is because the on/off valves have different opening and closing times. The on/off
valves on the test rig have a closing time approximately three times longer than the opening
time. When a switch happens, there will be a very short time during which the two rails
are directly connected, causing the higher pressure rail flow to rush to the lower pressure
rail, resulting in flow loss to the actuators and a subsequent drop followed by an overshoot
in speed. A more sophisticated actuator-level control method could help alleviate some of
these issues. The corresponding systems on the reference machine, however, are largely
fan drives with very large inertias which will be much more robust against fluctuations in
supply flow and pressure; as a result, the current level of control complexity is suitable for
progressing to on-machine implementation.

The simulation drive cycle was then run on the physical test stand. The results were
formatted using the simulation results and can be seen in Figure 21. The test stand results
show good agreement with the simulated results, with the same speed peaks occurring
due to low inertia and opening timing issues. One other clear discrepancy occurs during
the difficult switch (bottom right panel from 50–54 s), due to factors not accounted for
in the simulation. While the simulation shows the switch happening cleanly, in reality,
additional dynamics result in the switch being divided into two separate switches for the
test stand, with the first switch occurring immediately, and the second bringing the system
to its optimal condition after the dynamic has settled out. This effect demonstrates the
effectiveness of the anti-chatter logic, without which the system would have had numerous
undesirable switches during this period.
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Figure 21. Test rig measurement results.

6.3. Complete System Performance and Power Consumption Prediction Result

This section presents the simulation result for the proposed MPR system applied to
the tractor and the planter. All controllers are running at a fixed speed of 10 Hz. First, the
drive cycle will be introduced. Then, system tracking and mode switching results will be
presented to demonstrate system functionality. Finally, the pump shaft power consumption
comparison will be introduced to show the power saving and efficiency gains.

The drive cycle includes two working conditions: normal and high-speed conditions.
The normal and high-speed conditions are representative of two commonly used operating
modes for this implement, according to the manufacturer, and are run back-to-back for the
simulation. In reality, they are not run together, but this is a simplification only to show
the operating conditions of both systems, and to provide a command switch to display
transient behavior. According to the machine manufacturer, most users operate the planter
in normal working conditions when planting. Therefore, power saving is most important in
normal conditions. The drive cycle is shown in Table 8. For confidentiality, all parameters
are normalized. This drive cycle was executed in the field during the baseline tests. The
command for the alternator and the bulk fill fan is a constant motor speed. Fertilizer and
vacuum fan systems do not have a direct motor speed command, so the measured flow rate
of these systems is used to back-calculate the actual motor speed as the modeled system
speed command. The cylinder system uses measured pressure values and flow rates from
actual system operation for the load module to recreate the load condition, as discussed in
Section 5.

Table 8. Representative drive cycle for the complete system model.

Normalized Cmd Time Alternator Bulk Fill Fan Fertilizer Vacuum Fan Cylinders

Normal 5–38% 60% 60% ~40% ~63% Dynamic

High-Speed 60–90% 80% 80% ~60% ~70% Dynamic

Figure 22 shows the results from the proposed three-rail MPR system for the reference
machines. The vacuum and cylinder system has been chosen to show the system perfor-
mance and controller activity. The left plot shows the results for the vacuum fan and the
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right plot shows the results for the cylinder systems from the same simulation. The top plot
shows the actuator command tracking (left y-axis) and system mode (right y-axis), while
the bottom plot shows the actuator load pressure with optimized rail pressures.

Figure 22. Complete system model result on MPR system performance.

From the results, all sub-systems track their command closely, as demonstrated by the
vacuum. At mode switching, very little speed disturbance could be observed in the motor
actuators. The tracking results prove that the proposed MPR system achieves at least the
same level of performance as the baseline systems. In addition, from the bottom plot, the
HP rail pressure closely follows the highest actuator pressure (which is the cylinder system
pressure), the MP rail pressure is continuously adjusting with respect to the actuators load
pressures, and the corresponding mode for each actuator is switching to ensure the power
loss due to throttling is minimized. This shows that the supervisory controller works as
expected to minimize system power loss.

In this drive cycle, when active, the cylinder system is always the highest load actuator,
dominating the HP rail pressure. The high dynamic pressure variation leads to rapid
mode switching in other actuators. This is more severe in normal working conditions. At
high-speed working conditions, the cylinder system load is less dynamic, and the system
becomes more stable as fewer switches occur. The designed controller is robust enough to
ensure all systems stay stable and maintain good tracking, despite this fast dynamic.

Finally, Figure 23 shows the pump shaft power consumption comparison between
the baseline and the MPR system. There is no doubt that the MPR system generates great
power savings compared to the baseline simulation. The MPR system demonstrates that
some of the mode switches reduce the system power. This is due to the pressure transient
in chambers A1 and B (Figure 6 right) at the moment of actuator mode switch. When it
happens, for example when MP-LP switches to HP-LP, the pressure difference between the
HP rail and the inlet chamber (which is currently at MP) creates a very short but large flow
surge to charge the chamber pressure to the HP pressure. This flow peak, although it is
short, shows its effect on the power consumption.

Table 9 summarizes the normalized total power, the efficiency for each simulation,
and the corresponding power reduction and system efficiency gain as a percentage. As
stated, the MPR system results in great power saving and efficiency gain.
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Figure 23. Complete system model result on power comparison between baseline, option one and
option two.

Table 9. Complete system model result on average power saving and efficiency gain for baseline and
MPR system.

Baseline MPR System

Normal High-Speed Normal High-Speed

Total Power [%] 65.41 81.90 34.46 47.27

Reduction [%] - - 47.32 42.28

Efficiency [%] 20.19 27.89 38.32 48.32

Efficiency Gain [%] - - 89.80 73.25

7. Conclusions

This study applied the multi-pressure rail (MPR) hydraulic system to agricultural
applications, such as tractors and towed implements, which normally run at long steady
state conditions with unidirectional hydraulic motors as the main actuator. The detailed
system design and controller designs were presented considering the application char-
acteristic. The proposed MPR system could minimize the throttling loss at the actuator
control valves by strategically choosing the pressures in HP and MP rails. This system
represents a great alternative to the traditional centralized load sensing system for off-road
agricultural machines.

The paper presented a complete MPR system design, including the number of rails,
supply system, and pressure select and control valve set (PSCV). The optimal number of
rails was first determined to be three, based on the tradeoff between power saving, system
cost, and complexity for the chosen machine. The supply system was then selected to have
two pumps to supply each rail independently. This design allowed for the elimination of
the accumulators on the rails and enabled fast and accurate rail pressure control to help
lower the throttling loss. Following this, two different PSCV designs were presented. A
multi-level controller was designed to control the proposed MPR system. The supervisory
controller controls the rail pressure for both rails and the actuator operation mode to
minimize throttling loss, while the actuator controllers ensure the stability of the subsytems
and command tracking. A detailed design was presented. One important note is that the
proposed supervisory controller design follows the first sizing option for the supply system,
meaning neither pump flow saturates. This condition holds true with the pump sizing
and the actuator flow requirements of the reference vehicles. However, if the rails could
suffer from flow saturation, i.e., insufficient pump flow, then the supervisory controller
case elimination process and case selection logic would need to be modified, which is a
great potential direction for future development.

To prove the stability and command tracking performance of the proposed MPR
system, a test rig was designed to test the system design. After the test rig was designed,
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a lumped parameter model was built and a drive cycle that tested several critical mode
switchings was constructed to predict the behavior of the test rig and aid in controller
tuning. The test rig was then built and ran with the same drive cycle to validate the
controller design. The results showed that the proposed MPR design and controller are
stable, with exceptional performance during both steady state and transient conditions.

Finally, to predict the power saving and efficiency gain of the proposed MPR system
compared to the baseline system, a high-fidelity lumped parameter model was built for the
complete system, including the reference tractor, planter, and the proposed MPR system
components. The model was fully validated, and a measured baseline drive cycle was used
as a command input for each actuator in the complete system model. The results show
that the proposed MPR system is not only able to provide the same level of performance,
but also provides huge power savings and efficiency gains over the baseline system. For
the most frequent normal working conditions, the MPR system achieved up to 59.4% total
power reduction at the pump shaft, and 89.8% system efficiency gains.
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Nomenclature

Act Actuator
EHR Electro-Hydraulic Remote
HDPC Hydraulic Down Pressure Cylinder
HP High Pressure (Rail)
K Actuator Load Pressure Order
LP Low Pressure (Rail)
MP Medium Pressure (Rail)
MPR Multi-Pressure Rail
PSCV Pressure Select and Control Valve Set
Vol Volume
V Valve
WMC Weight Management Cylinder
A Area
F Force
J Cost Function Value
K Bulk Modulus
n Number
P Power
p Pressure
Δp Difference Pressure
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q Flowrate
T Torque
V Maximum Hydraulic Unit Displacement
x Hydraulic Cylinder Position
y Normalized Valve Opening
α Hydraulic Cylinder Area Ratio
αD Discharge Coefficient
β Hydraulic Unit Partial Displacement
η Efficiency
ρ Fluid Density
ω Rotational Speed
Subscripts

1, 2, 3, 4, 5 Actuator Label before Sorting
a, b, c, d, e Actuator Label after Sorting
comb Combination
cmd Command
f f Feedforward control
f b Feedback control
i, j, k Counter
in PSCV inlet
L Load
LS Load Sensing
mar Margin
md Mode
p/m Pump/Motor
out PSCV outlet
R Rail
Re f Reference Command
s Loss
U Current System Load Sensing Pickup Location
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Abstract: FMEA is a widely used tool for decades and is also used as an industrial standard. However,
there are two main drawbacks of this analysis that have been specified from the beginning. The first
one is risk prioritization, which is expressed by a risk priority number (RPN). The RPN is a product
of three factors with equal weight: severity (S), occurrence (O), and detection (D), which may produce
equal risk priority for different combinations of S, O, and D. The second is the uncertainties caused
by converting linguistic terms into quantitative data. The essential data used in the FMEA strongly
depend on subjective experts’ opinions, knowledge, and experience. For decades, various attempts
of overcoming these weaknesses have been made, not only by academics but also by industry. The
Automotive Industry Action Group (AIAG) and Verband der Automobilindustrie (VDA) have created
an FMEA handbook that defines action priority (AP) depending on the combination of severity,
occurrence, and detection numbers. This study presents an alternative to risk prioritization in FMEA
based on failures of the tasks which analyzed systems perform. The fundamental factors S, O, and D
have been redefined in a way to minimize uncertainties. The proposed method has been implemented
in the flow control valve and can be easily applied in mechanical engineering applications.

Keywords: FMEA; fluid power; flow control valve; risk prioritization

1. Introduction

Fluid power systems are not the latest achievement in engineering but are still widely
used in industrial drive systems. In some cases, they cannot be replaced by other systems
due to their unique features that are unachievable by other systems. Wide application,
mainly in the highly demanding applications in which safety has the highest priority, re-
quires improving reliability. Failures of fluid power components have a complex nature due
to the interaction between high-pressure fluid with solid and chemical agent contaminants
and structural parts. The mentioned reasons and the relative elements’ motion make the
fluid power component’s likelihood of failure high. The research on failures and reliability
of fluid power systems or their components is made with the use of various tools and
methods. Ref. [1] presents work on monitoring and modeling gradual failure on a typical
fluid power system. Y. Lee et al. [2] have investigated a failure of the hydraulic system
which led to a fire on the wind turbine. Refs. [3–5] deal with the failure of hydraulic
pumps. Research on failures, their analysis, and their influence on system operation are
also conducted for fluid power components [6–8]. Watton J. [9] has prepared a complete
compendium of analysis of fluid power system failures, while [10] was focused on the
reliability of mechanical parts, including the fluid power system’s components, and led to
the base failure rate.

The reliability of fluid power components can be increased by any means, including
failure modes and effects analysis (FMEA) [11,12], fault tree analysis (FTA) [13], root cause
analysis (RCA) [14], and their extensions or modifications. FMEA is one of the most
commonly used tools for improving system quality; however, the risk assessment has been
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criticized [15] and has been found as a method weakness. The traditional FMEA uses a risk
priority number (RPN), which is a product of severity (S), occurrence (O), and detection
(D). The equal weight of those factors may give the same results for a different combination
and can be very confused regarding safety. Although the traditional FMEA was formally
defined in the industrial standards in the early 1960s [16], later [17] the industry also noticed
the weakness in the risk evaluation. The 2008 FMEA handbook [18] says that the RPN
should no longer be recommended practice to define the need for action. Additionally,
it says that for failure modes with severity numbers 9 or 10, the risk must be adequately
addressed. The latest release [19] introduced the action priority (AP) rating table in which
the AP depends on a combination of S, O, and D, where the severity plays the dominant role.
Table 1 shows AP classification table. The failure modes are classified into three categories
of AP: high risk (H), medium risk (M), and low risk (L) for design or process FMEA.

Table 1. The AP classification [19].

S 9–10 S 7–8 S 4–6

D\O 10 9 8 7 6 5 4 3 2 1 D\O 10 9 8 7 6 5 4 3 2 1 D\O 10 9 8 7 6 5 4 3 2 1
10 H H H H H H H H H L 10 H H H H H H H M M L 10 H H H M M M M L L L
9 H H H H H H H H H L 9 H H H H H H H M M L 9 H H H M M M M L L L
8 H H H H H H H H H L 8 H H H H H H H M M L 8 H H H M M M M L L L
7 H H H H H H H H H L 7 H H H H H H H M M L 7 H H H M M M M L L L
6 H H H H H H H M M L 6 H H H H H M M M M L 6 H H H M M L L L L L
5 H H H H H H H M M L 5 H H H H H M M M M L 5 H H H M M L L L L L
4 H H H H H H H L L L 4 H H H H H M M L L L 4 M M M M M L L L L L
3 H H H H H H H L L L 3 H H H H H M M L L L 3 M M M M M L L L L L
2 H H H H H H H L L L 2 H H H H H M M L L L 2 M M M M M L L L L L
1 H H H H H M M L L L 1 H H H M M M M L L L 1 M M M L L L L L L L

S 2–3 S 1

D\O 10 9 8 7 6 5 4 3 2 1 D\O 10 9 8 7 6 5 4 3 2 1
10 M M M L L L L L L L 10 L L L L L L L L L L
9 M M M L L L L L L L 9 L L L L L L L L L L
8 M M M L L L L L L L 8 L L L L L L L L L L
7 M M M L L L L L L L 7 L L L L L L L L L L
6 M M M L L L L L L L 6 L L L L L L L L L L
5 M M M L L L L L L L 5 L L L L L L L L L L
4 L L L L L L L L L L 4 L L L L L L L L L L
3 L L L L L L L L L L 3 L L L L L L L L L L
2 L L L L L L L L L L 2 L L L L L L L L L L
1 L L L L L L L L L L 1 L L L L L L L L L L

It seems to be a step forward from the previous release because it removes the subjec-
tiveness of risk assessment. However, even for the highest values of severity (S 9–10), the
risk is defined as medium (M) for detection (D 5–6) and occurrence (O 2–3) or low (L) for
detection (D 1–3) and occurrence (O 1-3).

Other drawbacks are the conversion of linguistic terms into quantitative data and un-
certainties related to subjective opinions, experience, and knowledge of experts evaluating
systems.

Different methods and tools are used to overcome the weaknesses mentioned earlier.
The traditional risk assessment can be extended with additional factors [20] or relevant
weights [21]. Another approach is implementing other perspectives on the risk, such as the
customer’s [22] or maintenance [23] perspective.

There are numerous methods that are used to minimize the uncertainties of the FMEA
process. The most common approaches are the grey theory set [24], linguistic theory [25],
fuzzy sets [26], and reasoning theory [27].

Liu et al. [28], in [28], have prepared a complex and methodical literature review of
methods and tools currently used in the FMEA in both risk evaluation and elimination
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of uncertainties. The recent studies on overcoming traditional FMEA’s drawbacks focus
on implementing new methods or combining those mentioned earlier. Ref. [29] presents
an approach of FMEA in which failure modes are classified based on the combination of
risk factors in pairs: S and O, S and D, and O and D. The risk factors pair results were
analyzed by using grey relation analysis. Yu et al. [30] have implemented the cloud
model theory to minimize the linguistic uncertainties and have used the VIKOR model
to determine the risk priority. The authors in [31] have modified the FMEA framework
for IT according to the recommendation from the relevant literature review. Ref. [32] has
utilized the cloud model to improve the FMEA. A three-stage fuzzy risk assessment based
on FMEA has been proposed by Yelda et al. [33]. In ref. [34] the authors have proposed
an approach in which the FMEA method has been modified by integrating the fuzzy rule
base (FRB) and grey relations theory (GRT) to overcome the traditional FMEA methods’
drawbacks. The uncertainty dealt with a different knowledge background of experts has
been presented in [35], where prospect theory has been implemented. Another approach
to converting linguistic terms into quantitative data is in [36]. The fuzzy numbers and
traditional measurement of alternatives and ranking according to compromise solution
(MARCOS) methods have been used. Meanwhile, Shi et al. [37] have proposed integrating
hesitant linguistic preference relations (HLPRs) and an extended dynamic consensus model
in FMEA. Another approach to the modification of FMEA is taking into consideration
influences of failure modes and the attenuation effect of such influences in the system [38].

The drawbacks of FMEA still draw the attention of scholars and remain unsolved.
Despite the rich assortment of implemented methods and tools, the risk assessment

in FMEA is still problematic. Approaches available in the literature are excessively com-
plicated or too computationally expensive to be able to be used in the industrial standard.
The recent practical implementation of FMEA by AIAG and VDA is helpful in removing
subjective decisions in risk assessment. However, the implemented risk ranking may
lead to misvalued failure modes in the aspect of safety. The uncertainty linked to the
subjectiveness of experts’ knowledge and background is still high. Our main motivation
was to modify FMEA in a way to be similar to traditional analysis without using complex
tools and methods and concurrently minimize typical uncertainties. The main idea of our
approach is the assumption that any system is created to perform the intended task(s) and
failures that can occur may disorganize that process. For that reason, we categorize failures
that may occur for individual components as those that stop the system from performing
a system task and those that still allow the main task to be completed but with major or
minor malfunctions. We propose assessing the system’s risk based on the combination
of failures and related components in the aspect of the ability to perform the intended
task(s). Once the failures for related components are categorized, they are prioritized by
the product of occurrence (O) and detection (D) factors. In the proposed approach, the
occurrence (O) has been defined as a function of subfactors that determine the likelihood of
failure occurrences such as the manufacturing process, duty time, and functions performed
by individual components. The detection (D) remains the same as in traditional FMEA. The
presented approach is an extension of our previous work [39], in which a similar approach
has been proposed. The novelty of this approach is the risk categorization and the method
which allows for evaluating the occurrence (O) factor. In contrast to our previous study,
in which we used a base failure rate to evaluate the occurrence, in this approach, it was
defined based on functions performed by components. To distinguish those failures which
can be created for other reasons than during normal operation, we have proposed to use
additional modification subfactors. The occurrence (O) and detection (D) factors are equally
valued. The proposed method was implemented in the risk assessment for the FMEA of
the flow control valve.
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2. Methodology

The presented methodology by principle is very similar to the traditional FMEA
framework. Almost all steps are analogical. As presented in our previous studies [40], the
potential failures are typical for fluid power components used in the conventional FMEA.

2.1. Assumptions

The primary purpose of this study was a qualitative analysis of failures and their
end effects on components of fluid power systems. Failures that may occur in them are
complex, and primary failure may only trigger the final failure. Therefore, we assume
only primary forms of failure, and the presented analysis was carried out only for primary
mechanical failures. We also assume that only a few essential data are available for the
investigated component. Detailed technical data and manufacturing/assembly processes
are inaccessible.

Another assumption is that the failures can be detected without a sophisticated diag-
nostic system or disassembly. Only basic measurements such as the pressure and flow rate
are available.

2.2. Method

One of the stages of the FMEA is the functional analysis of the system, which includes
the identification of the basic elements of the system, their potential failures, and causes.
However, formal rules for this step are not strictly defined and may differ depending on
the considered case. The proposed method assumes that any system is created to fulfill one
or more tasks. Therefore, if any failure occurs, the system may not be able to perform the
intended task or only perform it partially with some degradation.

We assume that system S consists of a set of components ci ∈ C, i = {1 . . . n}, which
can be connected to each other in any way (parallel, series, or series-parallel). Each
component ci performs a specific function or several functions f j ∈ F, j = {1, 2} in the
system S. The set of component functions fi can be determined as follows:

• f1: main component functions;
• f2: auxiliary functions.

Each components ci may have a certain state determined by the failure f a ∈ Fa, fa =
{ f c, f m, f n}, which can be determined as follows:

• f c: failures, which stop s component from executing its function;
• f m: failures, which allow a component to execute its function with a major degradation;
• f n: failures, which allow a component to execute its function with a minor degradation.

We introduce the failure importance factor fi as:

fi =

{ 3, for fc
2, for fm
1, for fn

(1)

Among components ci, when creating a system we can distinguish those:

• that are essential to perform the intended system’s task: main components ce;
• that are supplementing main components and ensure the proper system operation:

major components cm;
• whose failure has little effect on the main task of the system: minor components cn;
• additional components whose failure does not affect the main task of the system ca.

We introduce the component importance factor cim as:

cim =

{ 4, for ce
3, for cm
2, for cn
1, for ca

(2)
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Additionally, we assume that failures that may appear for some components may
influence other components’ failures. For that reason, we have implemented a component
failure factor cin which can be described as:

cin =
k
n

(3)

where:
k is the number of components that a given component may influence;
n is the total number of components.
The system severity Se we can define as the ability to perform the intended task. We as-

sume that risk assessment is evaluated primarily by severity Se, which can be expressed as:

Se = (cim + cin) · fi (4)

The severity Se is valued with numbers 1–15.
The occurrence O we define as an estimator of failure for corresponding components.

We assumed that the main contributor to the likelihood of component failure is the number
of functions ( f f factor) the component realizes with modification factors λi:

O = α
(

f f + ∑ λi

)
(5)

where:

f f =
∑ f1

∑ f1 + ∑ f2
(6)

λi = λmo + λma + λdt + λev (7)

The factors above arise from the analysis of fluid power components [10], which states
that the reliability of fluid power components depends on:

• relative motion λmo;
• tolerances and surface quality which requires more sophisticated manufacturing

processes λma;
• duty time λdt;
• environmental conditions λev.

Each modification factor λi has equal weight and may reach a maximal value equal to
0.25. The function factor f f maximal value is 4. The evaluation of all mentioned factors can
be set arbitrarily and then renormalized to the required range.

Since the mentioned study defines failure rate, it was necessary to introduce a correc-
tive factor α, which allows distinguishing failures which occur during regular operation or
in other circumstances. The coefficient is valued in the following way:

• normal operation: 2;
• operation outside specified specification: 1.5;
• maintenance: 1;
• assembly: 0.5.

The detection D has been defined and evaluated in the following way:

• detection of failure is almost certain: 1;
• detection is very high: 2;
• detection is high: 3;
• detection is moderately high: 4;
• detection is moderate: 5;
• detection is low: 6;
• detection is very low: 7;
• detection is remote: 8;
• detection is very remote: 9;
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• detection is nearly not possible: 10.

According to our primary hypothesis, the risk assessment is realized based on severity
Se, which defines whether the system is able to perform intended tasks. The prioritization
of failures inside task failures is performed by product occurrence O and detection D.

3. Case Study

The investigated fluid power component is a two-way flow control valve presented in
Figure 1. The valve’s purpose is to maintain a constant flow rate regardless of the pressure
difference between ports A and B. When the pressure line is connected to port A, the flow
rate is controlled by the throttling gap between piston C21 and sleeve C3. The solenoid sets
the gap by setting the position of the piston C21. The constant flow rate is provided by a
pressure compensator (piston C22 and nozzle C4).

Figure 1. Flow control valve: 2-way flow control valve type UDRD6 by Ponar Wadowice: C1—body,
C21—piston 1, C22—piston 2, C3—sleeve, C4—nozzle, C5—ball, C6—spring, C7—plug, C8—sealing
ring, C9—check valve seat, A and B—valve port.

We can distinguish the following components whose failure will disturb the main task
of the valve:

• body (c1);
• piston 1 (c21);
• piston 2 (c22);
• sleeve (c3);
• nozzle (c4);
• spring (c6);
• plug (c7);
• sealing ring (c8).

The following components, when failures occur, may still complete the primary task but
with some limitations:

• ball (c5);
• check valve seat (c9);
• oil (c10), it should be understood as a component that transfers pressure energy.

Failures that leave the valve unable to perform the task are:

• fracture ( f c1);
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• yielding ( f c2);
• seizing ( f c3);
• aging ( f c4);
• hardening ( f c5);
• thread stripping ( f c6);
• clogging ( f c7);
• extreme contamination ( f c8).

Failures that still allow the valve to perform the task but with a major degradation are:

• erosion ( f m1);
• wear ( f m2);
• aeration ( f m3);
• contamination ( f m4);
• chemical action ( f m5).

Failures that still allow the valve to perform the task but with a minor degradation are the
same as the aforementioned. The factor which defines whether the failure belongs to major
or minor degradation is its intensity. For simplicity, we will not consider failures with
minor degradation. Functions that are performed by individual components are presented
in Table 2.

Table 2. Functions performed by valve components.

Component ci Primary Function f1 Secondary Function f2

body (c1) connecting with the system fixing check valve
fixing piston/sleeve position mounting

seals seat for spring
flow management seat for nozzle

piston 1 (c21) flow rate setting -
sealing -

piston 2 (c22) flow rate control -
sealing -

sleeve (c3) guiding pistons -
sealing -

nozzle (c4) pressure control -

ball (c5) - closing/opening flow

spring (c6) positioning -

plug (c7) closing flow ducts -

sealing ring (c8) sealing -

check valve seat (c9) - guiding ball
- guiding spring

oil (c10) energy transfer greasing
- cooling

Task failures for the corresponding components are presented in Table 3.
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Table 3. Task failures.

Valve Function Component Failure

The primary task is not realized

body c1 fracture fc1
yielding fc2

thread stripping fc6

piston 1 c21 fracture fc1
yielding fc2
seizing fc3

piston 2 c22 fracture fc1
yielding fc2
seizing fc3

sleeve c3 fracture fc1
yielding fc2
seizing fc3

nozzle c4 fracture fc1
clogging fc7

spring c6 fracture fc1
yielding fc2

plug c7 fracture fc1
thread stripping fc6

sealing ring c8 fracture fc1
aging fc4

hardening fc5

oil c10
extreme contamination

fc8

The major degradation of the primary task

body c1 erosion fm1
piston 1 c21 wear fm2
piston 2 c22 chemical action fm5

sleeve c3
plug c7

ball c5 fracture fc1
seizing fc3
erosion fm1

wear fm2
chemical action fm5

spring c6 chemical action fm5

sealing ring c8 wear fm2
chemical action fm5

check valve seat c9 fracture fc1
seizing fc3

yielding fc2
thread stripping fc6

erosion fm1
wear fm2

chemical action fm5

oil c10 aeration fm3
contamination fm4
chemical action fm5

4. Results

Tables 4 and 5 present the risk assessment of failures and corresponding components.
Table 4 presents failures and corresponding component ratings when the primary task of
the valve is not realized. The rank is created based on the severity number Se. For the
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failures with equal Se, the rank is evaluated based on a product of occurrence (O) and
detection (D). Table 5 presents failures and corresponding component ratings when the
primary task of the valve is maintained with major deficiencies.

The results of failures with minor degradation are essentially the same as those pre-
sented in Table 4. The only difference is failure intensity.

Table 4. The rank of failures when the primary task is not completed.

Rank Severity Occurrence Detection

cim cin fi Se f f λmo λma λdt λev α O D O · D

1 c10 f c8 4 0.81818 3 14.4545 1.2 0 0 0 0.125 1.5 1.9875 4 7.95

2 c1 f c2 4 0.54545 3 13.6363 4 0.0625 0.125 0.25 0.25 1.5 7.0313 6 42.1875

3 c3 f c3 4 0.54545 3 13.6363 1.6 0.0625 0.25 0.25 0.0625 2 4.45 9 40.05

4 c21
f c1

4 0.54545 3 13.6363 1.6 0.125 0.25 0.1875 0.0625 1.5 3.3375 9 30.0375

c21
f c2

4 0.54545 3 13.6363 1.6 0.125 0.25 0.1875 0.0625 1.5 3.3375 9 30.0375

c3 f c1 4 0.54545 3 13.6363 1.6 0.0625 0.25 0.25 0.0625 1.5 3.3375 9 30.0375
c3 f c2 4 0.54545 3 13.6363 1.6 0.0625 0.25 0.25 0.0625 1.5 3.3375 9 30.0375

5 c1 f c1 4 0.54545 3 13.6363 4 0.0625 0.125 0.25 0.25 1.5 7.0313 3 21.0938

6 c21
f c3

4 0.54545 3 13.6363 1.6 0.125 0.25 0.25 0.0625 2 4.575 6 27.45

7 c1 f c6 4 0.54545 3 13.6363 4 0.0625 0.125 0.25 0.25 0.5 2.3438 2 4.6875

8 c22
f c1

4 0.45454 3 13.3636 1.6 0.125 0.25 0.25 0.0625 1.5 3.4313 9 30.8813

9 c22
f c2

4 0.45454 3 13.3636 1.6 0.125 0.25 0.25 0.0625 1.5 3.4313 9 30.8813

c22
f c3

4 0.45454 3 13.3636 1.6 0.125 0.25 0.25 0.0625 2 4.575 6 27.45

10 c6 f c2 4 0.36363 3 13.0909 0.8 0.0625 0.0625 0.25 0.0625 1.5 1.8563 9 16.7063

11 c6 f c1 4 0.36363 3 13.0909 0.8 0.0625 0.0625 0.25 0.0625 1.5 1.8563 7 12.9938

12 c4 f c7 4 0.18181 3 12.5454 0.8 0.0625 0.125 0.1875 0.0625 2 2.475 9 22.275

13 c4 f c1 4 0.18181 3 12.5454 0.8 0.0625 0.125 0.1875 0.0625 1.5 1.8563 6 11.138

14 c8 f c4 4 0.09090 3 12.2727 0.8 0.0625 0.0625 0.25 0.0625 2 2.475 9 22.275

15 c8 f c5 4 0.09090 3 12.2727 0.8 0.0625 0.0625 0.25 0.0625 2 2.475 9 22.275
c8 f c1 4 0.09090 3 12.2727 0.8 0.0625 0.0625 0.25 0.0625 2 2.475 6 14.85

16 c7 f c1 4 0.09090 3 12.2727 0.8 0.0625 0.0625 0.0625 0.25 0.5 0.6183 1 0.6188
c7 f c6 4 0.09090 3 12.2727 0.8 0.0625 0.0625 0.0625 0.25 0.5 0.6183 1 0.6188
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Table 5. The ranks of functional failures with major degradation.

Rank Severity Occurrence Detection

cim cin fi Se f f λmo λma λdt λev α O D O · D

1 c8 f m2 4 0.0909 3 12.2727 0.8 0.0625 0.0625 0.25 0.0625 2 2.4750 10 24.75
c8 f m5 4 0.0909 3 12.2727 0.8 0.0625 0.0625 0.25 0.0625 2 2.4750 10 24.75

2 c10 f m3 4 0.8182 2 9.6364 1.2 0.0625 0.0625 0.25 0.25 2 3.65 4 14.6
c10 f m4 4 0.8182 2 9.6364 1.2 0.0625 0.0625 0.25 0.25 2 3.65 4 14.6
c10 f m5 4 0.8182 2 9.6364 1.2 0.0625 0.0625 0.25 0.25 2 3.65 4 14.6

3 c1 f m1 4 0.5455 2 9.0909 4 0.0625 0.1250 0.25 0.25 2 9.3750 10 93.75
c1 f m2 4 0.5455 2 9.0909 4 0.0625 0.1250 0.25 0.25 2 9.3750 10 93.75
c1 f m5 4 0.5455 2 9.0909 4 0.0625 0.1250 0.25 0.25 2 9.3750 10 93.75

4 c21 f m5 4 0.5455 2 9.0909 1.6 0.1250 0.25 0.25 0.0625 2 4.5750 10 45.75

5 c21 f m1 4 0.5455 2 9.0909 1.6 0.1250 0.25 0.1875 0.0625 2 4.45 10 44.5
c21 f m2 4 0.5455 2 9.0909 1.6 0.1250 0.25 0.1875 0.0625 2 4.45 10 44.5
c3 f m1 4 0.5455 2 9.0909 1.6 0.0625 0.25 0.25 0.0625 2 4.45 10 44.5
c3 f m2 4 0.5455 2 9.0909 1.6 0.0625 0.25 0.25 0.0625 2 4.45 10 44.5
c3 f m5 4 0.5455 2 9.0909 1.6 0.0625 0.25 0.25 0.0625 2 4.45 10 44.5

6 c22 f m1 4 0.4545 2 8.9091 1.6 0.1250 0.25 0.25 0.0625 2 4.575 10 45.75
c22 f m2 4 0.4545 2 8.9091 1.6 0.1250 0.25 0.25 0.0625 2 4.575 10 45.75
c22 f m5 4 0.4545 2 8.9091 1.6 0.1250 0.25 0.25 0.0625 2 4.575 10 45.75

7 c6 f m5 4 0.3636 2 8.7273 0.8 0.0625 0.0625 0.125 0.0625 2 2.225 10 22.25

8 c4 f m1 4 0.1818 2 8.3636 0.8 0.0625 0.125 0.1875 0.0625 2 2.475 10 24.75
c4 f m2 4 0.1818 2 8.3636 0.8 0.0625 0.125 0.1875 0.0625 2 2.475 10 24.75
c4 f m5 4 0.1818 2 8.3636 0.8 0.0625 0.125 0.1875 0.0625 2 2.475 10 24.75

9 c9 f c1 2 0.2727 3 6.8182 0.4 0.0625 0.125 0.125 0.0625 1.5 1.1625 10 11.625
c9 f c2 2 0.2727 3 6.8182 0.4 0.0625 0.125 0.125 0.0625 1.5 1.1625 10 11.625

10 c9 f c6 2 0.2727 3 6.8182 0.4 0.0625 0.125 0.125 0.0625 0.5 0.3875 10 3.875

11 c5 f c3 2 0.1818 3 6.5455 0.8 0.1250 0.125 0.125 0.0625 2 2.475 10 24.75

12 c5 f c1 2 0.1818 3 6.5455 0.8 0.1250 0.125 0.125 0.0625 1.5 1.8563 10 18.5625

13 c7 f m1 3 0.0909 2 6.1818 0.8 0.0625 0.0625 0.0625 0.25 2 2.475 10 24.75
c7 f m2 3 0.0909 2 6.1818 0.8 0.0625 0.0625 0.0625 0.25 2 2.475 10 24.75
c7 f m5 3 0.0909 2 6.1818 0.8 0.0625 0.0625 0.0625 0.0625 2 2.1 10 21

14 c9 f m1 2 0.2727 2 4.5455 0.4 0.0625 0.125 0.125 0.0625 2 1.55 10 15.5
c9 f m2 2 0.2727 2 4.5455 0.4 0.0625 0.125 0.125 0.0625 2 1.55 10 15.5
c9 f m5 2 0.2727 2 4.5455 0.4 0.0625 0.125 0.125 0.0625 2 1.55 10 15.5

15 c5 f m1 2 0.1818 2 4.3636 0.8 0.1250 0.125 0.125 0.0625 2 2.475 10 24.75
c5 f m2 2 0.1818 2 4.3636 0.8 0.1250 0.125 0.125 0.0625 2 2.475 10 24.75
c5 f m5 2 0.1818 2 4.3636 0.8 0.1250 0.125 0.125 0.0625 2 2.475 10 24.75
c5 f m5 2 0.1818 2 4.3636 0.8 0.1250 0.125 0.125 0.0625 0.5 0.6188 10 6.1875

5. Discussion

The ranking method in this study allowed for the segregation of those failures that
can potentially occur and leave the valve component unable to perform the intended
task. However, some failures have the same value of severity (Se) inside the assumed
categories. The adopted product of occurrence (O) and detection (D) as an additional
evaluating criterion did not allow for distinguishing their ranks. This indicates that another
factor apart from those presented in this study would need to be employed. Another
solution might be a modification of the detection factor (D), which remained unchanged,
and problems with uncertainties related to linguistic conversion to quantitative data remain
relatively high. The presented method uses factors based on failure history and research of
similar but not strictly identical objects; therefore, it is suitable during the design process
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or initial stage of failure analysis. Additionally, it can be combined with other tools and
methods such as root cause analysis (RCA) or fault tree analysis (FTA). As was mentioned
earlier, a ranking for failures with minor degradation of the valve’s intended function is
the same as for major degradation. The only difference is the intensity of failure. As the
majority of failures in Table 5 are caused during the normal operational condition, it is
certain the degradation of the valve’s main task will depend on the intensity of wear or
erosion of valve components.

Another feature that can be observed is the source of the failures which stop the valve
from performing its task. All of those failures are mainly caused during assembling, main-
tenance work, or operation outside specifications. Analogously, those failures which cause
major or minor degradation of the valve are mainly produced during normal operation.

The presented method can be easily extended to any fluid power components, however,
we are unable to perform FMEA for electrical/electronic components. It can be used only
for purely mechanical or hydromechanical components. Proposed subfactors in occurrence
(O) were defined only as typical for mechanical or hydromechanical failures.

The severity values Se can be set arbitrary with any values; the proposed methods only
prioritize failures for related components inside categorized failures on those which stop
the valve from performing its task and those which cause a major or minor malfunction.

Comparison with the Traditional FMEA Risk Assessment

The Table 6 presents a risk analysis using the traditional approach for selected failures
and related components by invited experts. The risk has been expressed as the RPN
(product of severity (S), occurrence (O), and detection (D)) and by using action priority (AP).

Table 6. The RPN and AP.

Failure/Component S O D RPN AP

c1 f c1 10 3 3 90 L
c7 f c6 10 1 1 10 L
c1 f c2 10 3 6 180 H
c21 fc1 10 3 9 270 H
c21 f c2 10 3 9 270 H
c21 f c3 10 5 6 300 H
c22 f c1 10 3 9 270 H
c22 f c2 10 3 9 270 H
c22 f c3 10 5 6 300 H
c21 f m1 8 7 10 560 H
c21 f m2 8 7 10 560 H
c22 f m1 8 7 10 560 H
c22 f m2 8 7 10 560 H

According to the table, the highest RPN value was reached for failure wear f m2 and
erosion f m1 for the components pistons 1 c21 and piston 2 c22. For both, the action priority
(AP) is high (H). This is overestimating those failures, which can cause a major or minor
malfunction in the valve. In contrast, the failure fracture f c1 for the body c1 and thread
stripping f c6 for plug c7 are underestimated. Their RPN values are lower than other
failures, and action priority (AP) is low (L). Those failures, when they occur, stop the
valve’s operation.

6. Conclusions

Despite the continuous improvement of FMEA and its new standards, many problems
remain unresolved. The proposal of risk assessment presented in this paper and the
assessment of the likelihood of potential defects allows minimizing the uncertainty of the
gathered data.
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The proposed method categories failures and relevant components in the aspect of
their influence on the ability to perform the intended task. The method presented in this
paper is universal and can be used in any component of the fluid power system.

The proposed method also identifies failures that can cause critical failure to the
system, which would be neglected by the traditional FMEA method or even the latest one
implemented in the industry.

The proposed methods do not require computationally extensive tools or simulational
methods. In principle, it is very similar to the traditional FMEA method. The proposed
failures and component categorization make it so the proposed method can be adjusted to
individual needs and valued with arbitrary weights.

The presented method has shown its superiority over the recent AIAG and VDA
FMEA standard and the traditional FMEA framework. Some of the failures that can occur
on main valve components would not be recognized as critical to the system.

An extension of the presented method might be a redefinition of the detection factor
to minimize the still relatively high uncertainties and implement new risk factors such as
the cost of manufacturing or repairs.
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Abstract: The automated evaluation of machine conditions is key for efficient maintenance planning.
Data-driven methods have proven to enable the automated mapping of complex patterns in sensor
data to the health state of a system. However, generalizable approaches for the development of such
solutions in the framework of industrial applications are not established yet. In this contribution,
a procedure is presented for the development of data-driven condition monitoring solutions for
industrial hydraulics using supervised learning and neural networks. The proposed method involves
feature extraction as well as feature selection and is applied on simulated data of a hydraulic
press. Different steps of the development process are investigated regarding the design options and
their efficacy in fault classification tasks. High classification accuracies could be achieved with the
presented approach, whereas different faults are shown to require different configurations of the
classification models.

Keywords: condition monitoring; fault detection and diagnosis; industrial hydraulics; hydraulic
press; supervised learning; neural networks; feature extraction; feature selection

1. Introduction

Over the lifetime of an industrial machine, wear and tear of various components of the
system is inevitable. Especially in applications that involve the transmission of high power
under rough conditions, as typically present in hydraulics, the health state of machine
elements will degrade over time. In order to maintain high machine availability and process
quality, maintenance actions are required. However, the task of planning maintenance
actions can be challenging for machine operators when a balance must be met between
premature downtimes due to maintenance work and downtimes due to decreased process
quality or machine damage. To plan maintenance periods efficiently and detect looming
failures at an early stage, methods of condition monitoring can be applied. The objective of
condition monitoring is to obtain an estimate of the current machine health status through
the automated evaluation of operation data gathered from a machine [1].

In the field of hydraulics, different approaches for condition monitoring have been
investigated. Solutions studied and suggested in the literature range from rule-based sys-
tems to model-based approaches, to purely data-driven approaches [2,3]. Most recently, the
increasing integration of measurement technology and information technology in industrial
products [4] turned the focus to another group of methods, the data-driven approaches.
These methods, often summarized by the term machine learning, aim to algorithmically
extract a model from data, which maps patterns in recorded data to corresponding machine
health statuses. In the case of methods of supervised learning, the health state of a machine
can be determined based on the algorithmic processing of observed sets of sensor and
control signals [5]. Moreover, given the labeling of the data, the cause of deviating machine
behavior can even be traced down to faults in the components of the system.

However, challenges in the application of data-driven approaches for condition mon-
itoring still exist. One major issue is the lack of methods for the general and generic
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development of data-driven solutions. Another challenge is the requirement of com-
prehensive data. To obtain robust models, the training data used should cover a broad
range of possible operating scenarios and machine configurations. Additionally, machine
learning-based approaches are regarded as black-box models, which hardly provide human
inspectors an insight into the process of decision making learned by such models [6].

In this contribution, a method for developing data-driven condition monitoring solu-
tions for industrial hydraulics is presented. For this, a feature-based approach of supervised
learning is applied, which allows the generic extraction of features from multivariate, cyclic
and non-stationary time series data. Moreover, the presented procedure includes a feature
selection step, which helps in identifying relevant data characteristics and gives an insight
into the effect of faults on observable measures of the system. For the setup and training of
classification models, a flexible approach is suggested, which allows the modular setup
of classification models for individual machine and component faults. Investigations are
carried out on a simulation model of a hydraulic press test bench, such that the issue of
data availability is not a limiting factor in this study.

2. Related Work and State of the Art

In this section, an overview of previous work on condition monitoring in hydraulic
applications is given. Subsequently, the general concept of neural networks is described
with respect to relevant design aspects for the setup and use in a fault classification solution.

2.1. Condition Monitoring in Hydraulics

In general, applying machine learning for the condition monitoring of hydraulic
applications has proven to yield satisfactory results [2,7,8]. Most publications in this field
focus on the use of data-driven techniques for monitoring single hydraulic components
such as pumps and valves [9–12]. The algorithms mainly used in these studies are based on
variations of neural networks, which are used to process raw time series for the inference
of the health states of the components. In [13], features are extracted from the raw time
series in order to detect anomalies in the operation of a speed-variable pump by the use of
methods of unsupervised learning. A similar feature-based approach is pursued in [14]
in the framework of a systematic investigation of techniques of supervised learning for
monitoring an axial piston pump. As typically only a few sensors are applied at the
component level, data are scarce in these use cases, such that mostly only one single sensor
recording can be considered. On the contrary, applying condition monitoring on a system
level enables to include further sensor data available in the system. Hence, a component
fault cannot only be inferred directly from data acquired on that component, but can also
be inferred from indirect effects on other components and the overall system behavior.
This concept is successfully applied in [15,16] for hydraulic system test benches by also
using a feature-based approach. The features mostly used are measures from descriptive
statistics, such as the mean, median and variance of a signal, while, for rotating machinery,
features from the frequency domain are often considered [15]. Alternatively, features can be
manually defined, as in [17]. In [18], the authors have investigated refinement strategies of
generic feature generation, where including process knowledge into the feature generation
was shown to improve the detection of faults. Furthermore, in [14] and [16], a feature
reduction is performed by applying filter methods and analytical methods of principal
component analysis, respectively. While a significant reduction in features can be achieved
with a principal component analysis or a linear discriminant analysis, the resulting feature
sets are not interpretable by a human inspector after the transformation [19].

2.2. Design Considerations for Neural Networks

In contrast to conventional approaches, data-driven methods depend less on domain-
specific knowledge but extract the knowledge implicitly or explicitly from data. In the
field of machine learning, this process of knowledge extraction is referred to as model
training, where the model is a mathematical structure that is fit to reproduce a desired
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input–output behavior. The type of model mainly considered in this study is feedforward
neural networks in the form of multilayer perceptrons, as shown in Figure 1.

Figure 1. Feedforward neural network with sic nodes in the input layer, three hidden layers and one
node in the output layer.

Feedforward neural networks consist of neural units sequentially stacked in layers,
where the outputs of a preceding layer form the inputs for the subsequent layer. In regular
fully connected neural networks, the outputs of all units of a preceding layer are connected
to each neural unit of the next layer, where each connection is attributed a weight parameter.
Within the units, the respective input values are multiplied with the corresponding weight
parameter, summed up and passed through an activation function. The main purpose of
the activation function is applying a transformation to the data between the layers and
using nonlinear activation functions to enable nonlinear mappings between input samples
and the output of the network [20]. Accordingly, typically used activation functions are
the sigmoid activation function, tanh activation function or a rectified linear activation
function (ReLU).

The layers located between the input layer and the output layer of the network
are referred to as hidden layers. Theoretically, using one hidden layer with a nonlinear
activation and an arbitrary high number of nodes in the hidden layer allows to approximate
any given input–output relationship [21]. Accordingly, combining multiple layers linearly,
as done in a multilayer perceptron, preserves this characteristic of a universal approximator.
Moreover, combining multiple layers adds to the representational capacity of a neural
network, which, in turn, can allow to use less nodes in the network in total compared to
the network with a single hidden layer [20].

In order to obtain a desired input–output mapping from a neural network, the weight
parameters of the model are adjusted algorithmically during the model training. For this,
each training sample is first passed to the input of the model in a forward pass, where
the model outputs a value. After this, the deviation between the model output from the
forward pass and the desired output is computed according to a predefined loss function.
Subsequently, in the reverse pass, the gradient of the loss function is computed with respect
to the model weights, so that it can be inferred which model weights to adjust in order to
minimize the loss. While the reverse pass is performed by generic gradient-descent-based
algorithms, the selection of the loss function is linked to the format of the model output
of the model, i.e., whether continuous values or discrete class labels are predicted [22].
In contrast to the weight parameters of the model, the structural parameters (number of
layers, number of nodes and activation functions) and fitting parameters (loss function
and optimization algorithm) remain fixed during training. Therefore, these parameters are
referred to as the hyperparameters of a model. Applying neural networks hence requires
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to define these hyperparameters for the specific problem at hand. As no general rule
exists for setting the hyperparameters of neural networks, especially for the structural
hyperparameters, they are often determined based on experience or by implementing and
comparing several setups. The latter approach is also referred to as grid search.

Furthermore, methods of supervised learning are based on fitting models to training
data, for which the expected output of the model is known. In the case of condition
monitoring, this can be any indicator of the machine health status, which, in turn, can
be represented by a single value or be composed of multiple values. The former, the
single-value case, is referred to as single-target prediction, while the latter case is referred
to as multi-target prediction. Furthermore, in the case of classification, where the task is to
predict discrete classes for a set of inputs, a distinction can be made based on the number
of possible classes that each target can represent. In the most basic case, targets are binary
values, but cases of multiple classes are possible as well.

2.3. Feature Representation of Time Series Data

As the number of input nodes of a neural network is fixed, the dimensionality of
the input data must be uniform among all data instances, too. However, time series
data, as typically acquired from sensors in industrial machines, can have varying lengths,
depending on variations in the process or the sampling rates of different sensors. Moreover,
the longer the time series, the more input nodes are required, and the number of parameters
of the neural network unfavorably increases. Therefore, describing a time series by a fixed
number of representative characteristics is one common means to obtain the compatibility
of time series and a fixed number of model inputs [22]. These characteristics are referred
to as features and can be either defined manually [19], by the use of generic descriptive
measures [23], or derived by transformation of the data learned by another machine
learning model [24].

3. Materials and Methods

In this section, the considered hydraulic system is described and the developed
approach for generating fault classification models is presented. This includes the steps
of data generation, feature extraction and selection, as well as the process of model setup,
training and evaluation.

3.1. Hydraulic Press

Representative of an industrial hydraulic system, a hydraulic press is considered in
this study. Figure 2 shows the physical machine, along with the corresponding hydraulic
circuit diagram. The system mainly comprises a position-controlled cylinder drive. The
hydraulic power is supplied by a pump and conducted to the double-acting hydraulic
cylinder (CY) through a proportional 4/3-way directional control valve (PV). Two switching
valves (SV1 and SV2) allow to set the system to idle circulation and to lock the ram in
position, respectively. The pump provides a constant volumetric flow of approximately
19 L/min at a maximal system pressure of 200 bar. The hydraulic cylinder has a nominal
piston diameter of 80 mm and is coupled to a guided ram, which finally acts against a
load force. The load force represents the reaction force of a workpiece and is provided by
a secondary circuit in the physical test bench. During operation of the press, pressures
are measured at the main cylinder and the power supply. Additionally, the position of
the cylinder is recorded, as well as the volumetric flow entering the 4/3-way directional
control valve and the control signals fed to the valves.
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Figure 2. Hydraulic press test bench and its hydraulic circuit diagram.

The function of the system is to perform working cycles, in which the ram is moved
to a defined position against the load force. At the beginning of the working cycle, the
system is in idle mode, where the switching valve SV1 activates idle circulation of the
pump and the switching valve SV2 locks the ram in the top position. Then, starting from
the top position, SV1 and SV2 are switched and the main cylinder extends towards the
workpiece in rapid traverse. During this phase, neither an external load nor a limitation of
the velocity is active. As the ram approaches the workpiece and reaches a defined distance
from it, the velocity is restricted through limiting the control signal of the valve PV and the
volumetric flow to the cylinder, respectively. As the ram is in contact with the workpiece,
an external load acts against the cylinder and increases linearly over the stroke of the
cylinder. In this load phase, the system is given a fixed time to reach the set value, which
depends on the desired target position of the ram. After this time, the controller initiates
the backstroke in open-loop control and the cycle ends with another idle phase. Figure 3
shows the progression of cylinder position, velocity and load force over one working cycle
of the press.

Figure 3. Simulated working cycle of the hydraulic press in regular operation.
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For the generation of the large amounts of data required in this study, a corresponding
simulation model of the system is set up as a lumped parameter model using the simulation
software SimulationX (software version 4.2) [25]. Hydraulic components in the simulation
model are parametrized according to nominal data sheet specifications. The pump is
modeled with a pressure-dependent volumetric loss, while no information on hydro-
mechanical parameters could be derived from the pump data sheet. Furthermore, the
dynamic characteristics of the pump and the driving electric motor are neglected. A linear
opening characteristic is defined for the proportional valve, while the relationship between
the spool position and control signal is modeled by a second-order differential equation.
Pressure losses in the piping are neglected. However, the capacitance of conductors is
considered where hoses or long pipes are installed in the real system. This is especially
the case for the hosing and piping from the hydraulic power supply to other parts of
the system.

To enable the effective training of a fault classification model from data, the training
data ideally comprise all possible cases of operating scenarios and fault conditions. Hence,
besides the regular operation of the press, operation under fault conditions must be em-
ulated in the simulation model as well. Here, faults are emulated by introducing fault
models into the lumped parameter simulation, which then are adjusted in intensity by
varying the parameters of the fault models. The considered component faults are listed in
Table 1. Leakages at the cylinder are modeled as pressure- and velocity-dependent flow
through circular gaps, while the leakage at a connector of the hydraulic power supply is
modeled by a pressure-dependent leakage factor. Increased friction at the main cylinder is
modeled as an increased friction level, which is adjusted by setting the static friction force,
whereas the dynamic friction force is lower than the static friction force by a constant factor.
A worn valve spool is modeled by the valve spool overlap, while a sensor offset fault is
introduced by adding an offset to the true sensor value. More detailed descriptions of the
fault models used are given in [26].

Table 1. Faults of the hydraulic system considered in this study, along with the corresponding model
parameters of the simulation model and their ranges of variation.

Fault Symbol Model Parameter Parameter Range Fault Threshold

Cylinder, Internal Leakage QCY,Li Gap height piston sealing 1–100 μm >25 μm
Cylinder, External Leakage QCY,Le Gap height rod sealing 0.5–75 μm >20 μm
Cylinder, Increased Friction FCY,Fr Static friction force 500–5000 N >1500 N

Cylinder, Position Sensor Offset xCY,o f f Offset value 0–410 mm >1 mm
Proportional Valve, Worn Control Edges y0, PV Valve spool overlap −(2–10)% <−4%

Hydraulic Power Supply, External Leakage QPS,Le Leakage factor 0–0.1 L/(min·bar) >0.0005 L/(min·bar)

3.2. Data Generation and Labeling

A dataset is generated from the simulation model by means of a variational study,
where model parameters are varied. For this, a sampling scheme must be defined for the
variable parameters of the simulation model. Here, the basis of the sampling scheme is a
Latin Hypercube design. It is generated by creating ten random sampling schemes and
choosing the design that best fulfills the maximin criterion. Accordingly, the scheme with
the largest minimal distance between samples in the parameter space is selected. The
eight-dimensional parameter space is formed by the six fault-indicating parameters and
two process parameters, namely the target position of the press and the load force. Both
process parameters are varied in three different levels of 290 mm, 310 mm and 340 mm
and 40 kN/mm, 60 kN/mm and 80 kN/mm, respectively. Hence, in the obtained dataset,
different fault intensities, fault combinations and operating conditions are represented. The
temperature, however, is kept constant at 40 ◦C in all simulation runs.

While a Latin Hypercube design generally aims at sampling uniformly from the
parameter space, different regions in the design space can be of different relevance for a
fault classification. On the one hand, some fault cases and fault combinations can be of
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low practical relevance, such as the simultaneous occurrence of a high fault intensity for
all considered faults. On the other hand, the severity of some of the considered faults is
non-linearly related to the fault-indicating parameter. In this case, placing the samples
uniformly over the range of the fault-indicating parameters, a non-uniform representation
of fault severities would be obtained in the dataset. This can be illustrated by the example
of the internal leakage at the main cylinder of the press, which is modeled as flow through
a circular gap and adjusted by setting the height of the gap. As Figure 4 shows, the leakage
flow non-linearly increases with increasing gap height. As a result, the range of the gap
height settings, which are considered to not represent a fault, is smaller than the range of
settings that represents a fault. Consequently, in this case, uniform sampling leads to a
higher representation of settings that represent a fault. Accordingly, an adjustment of the
distribution of sampled points is required, to obtain a balanced representation of different
fault states. For the given reasons, the density of samples is manually reduced in practically
less relevant regions of the parameter space, while, in regions of low fault settings, the
density of samples is increased by removing or adding random samples in these regions.
Finally, by following the described sampling scheme, a variational study is performed with
the simulation model and a dataset of 200,000 data instances is generated.
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Figure 4. Example of non-uniform class distribution over the range of fault-indicating parameters.

For the application of methods of supervised learning, the generated data instances
must be provided along with their class labels, which, in the framework of condition moni-
toring, indicate the fault state of the considered system. Here, the labels are defined for the
single-target classification of binary classes. In the process of simulative data generation,
continuous model parameters are used to indicate and adjust the fault intensities. Now,
these fault-indicating parameters are transformed into categorical class labels by binning
parameter ranges to classes of “fault” and “no fault”. The threshold values, which define
whether a certain degradation level is considered a fault or not, depend on the specific
application and the tolerances allowed therein. In this study, the threshold values listed in
Table 1 are used. For the three different leakage faults, thresholds are set under considera-
tion of the leakage flows resulting at the respective fault intensities. The defined thresholds
of the gap heights, which mark the beginning of a fault for the internal and external leakage
at the cylinder, produce volumetric leakage flows of 0.36 L/min and 0.1 L/min, respectively,
at 40 ◦C and a differential pressure of 150 bar. The threshold value for the leakage factor,
which marks the beginning of a fault of external leakage at the hydraulic power supply, is
equivalent to a leakage flow of 0.1 L/min at 40 ◦C and the maximal pressure of 200 bar. For
the other three faults, the thresholds are determined heuristically.

Another issue that arises during the variational study is the setting of the initial
conditions for the simulation runs. Because model parameters are constantly varied
between simulation runs, a single initial system condition, which is valid for all runs,
cannot be determined. In order to circumvent this issue, the simulated press cycle is
considered to represent one cycle within a series of multiple press cycles. As a result, the
initial state of the system is determined by the state at the end of the previous cycle. To
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achieve this, every simulation run is started with the final second of the control sequence of
the working cycle, instead of only simulating the actual working cycle. Afterwards, the first
second of the simulated cycle is removed after the data are generated. Consequently, setting
the initial conditions of the simulation is no longer critical while performing the variational
study. The described approach and its effects are shown in Figure 5 by the example of the
pressure at the rod side of the hydraulic cylinder. When only simulating the actual working
cycle, the progression of the rod-side pressure depends on the selection of the initial value,
as Figure 5a shows. In contrast, Figure 5b shows that starting the simulation run with
the ending sequence of a cycle allows to obtain results independent of the selected initial
condition, when the first simulated second is removed afterwards.

(a)ȱ (b)ȱ

Figure 5. Cylinder position, cylinder pressures and valve control signals simulated under fixed
initial conditions while (a) starting the simulation with the actual control sequence of the press
cycle and (b) starting the simulation with the ending sequence of a press cycle prior to the actual
control sequence.

3.3. Feature Extraction and Selection

Before using the generated data for training a fault classification model, the raw time
series are transformed into a fixed number of features. For this, the python-based open-
source package tsfresh is used, which provides the calculation of a large variety of features
for time series [23]. As the features must be calculated for each of the eight subsignals
of the 200,000 multivariate time series, the following base set of 16 features with low
computational costs is extracted:

• minimum;
• maximum;
• mean;
• median;
• standard deviation;
• variance;
• skewness;
• kurtosis;
• first location of minimum;
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• first location of maximum;
• last location of minimum;
• last location of maximum;
• sum of values;
• absolute energy (sum over squared values);
• absolute sum of changes (sum over absolute values of consecutive changes);
• mean absolute change (mean over absolute values of consecutive changes).

Extracting this base set of features for a time series yields a feature vector of 128 features
for one data instance. Generally, the resulting feature vectors only comprise subsignals
recorded during data generation. However, derivations and transformations of the raw
data often can reveal additional information about the characteristics of a signal. Moreover,
the extracted features only represent characteristics over complete working cycles and
thus only carry information on the aggregated effect of a fault on the observed data. In
contrast, a conventional, visual inspection of sensor data by a human expert would typically
involve a detailed inspection of anomalies in specific segments of the working cycle, such as
checking for leakages in idle mode or the maximal cylinder velocity in rapid traverse. Such
short-term effects can even be attenuated, when computing features over complete working
cycles. Consequently, in this study, the state-of-the-art feature extraction is extended by
incorporating further information into the feature extraction, which is typically available or
can be acquired easily.

The first step of the extension consists in adding information about the progression of
the recorded subsignals over time. This information is obtained by computing the first time
derivatives of the subsignals and adding them to the time series as further subsignals. As a
result, the number of subsignals is doubled and the number of extracted features per time
series increases accordingly. The second step of the extension focusses on accentuating the
characteristics of the subsignals in specific segments of the working cycle. For this, each
time series is divided into segments of constant operation phases. These are the idle phases
at the beginning and end of the cycle, rapid traverse, load phase and the backstroke. The
transitions between operation phases are inferred from control signals given by the machine
control. Subsequently, the same set of features that is extracted for the complete time series
is again extracted for each subsignal in each of the defined segments, as Figure 6 illustrates
for the features “maximum” and “minimum”. In the framework of this contribution, the
originally generated feature set is referred to as global features, while the newly added
features are referred to as segment features. The length l of the feature vector that represents
a single data instance is again increased and now given by Equation (1), where nsubsignals,
n f eatures and nsegments denote the number of subsignals, features and segments, respectively.
Altogether, extracting features from the full time series and its five segments results in a set
of 1536 features.

l = nsubsignals · nfeatures · (1 + nsegments) (1)

As a result of the extended feature extraction, the number of features is increased,
with the aim to also increase the amount of extracted information. However, not all the
additionally generated characteristics can be assumed to be useful for fault classification.
Concurrently, a concise set of features without irrelevant and redundant information is
preferable for the efficient and robust training of most machine learning models and
algorithms [19]. Moreover, a small set of only relevant features enables a human inspection
and comprehension of the information fed to a classification model and consequently leads
to higher transparency of the inference process. Therefore, feature selection follows, to
reduce the set of features to those useful for the respective fault classification. This is
achieved by using a wrapper method with decision tree classifiers. This means that a
classification model is trained with the primary purpose of accessing the features implicitly
selected within the model.
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ȱ

Figure 6. Concept of adding segment features to the base set of global features shown for two
subsignals and the features “maximum” and “minimum”.

A decision tree classifier is a machine learning model that aims at hierarchically
dividing a given dataset into groups of homogenous classes [27], which, in this case, are
the classes “fault” and “no fault”. The decision rules derived during training are based on
defining threshold values for certain features, which then allow to classify a data instance.
After training, the features and the corresponding threshold values of the different decision
nodes can be inspected. Subsequently, it can be comprehended which features enable the
effective separation of the data instances. Figure 7 shows the first two levels of a decision
tree for the classification of internal cylinder leakage. Moreover, decision trees, and their
underlying algorithm, show low sensitivity of classification performance to the size of
the feature sets that they are trained with [19], which makes them well suited for the task
of processing the initially large feature set. To mitigate the tendency of decision trees to
overfit, the maximum number of levels of the trees is limited. A maximum of five levels is
heuristically found to provide a low variance of classification accuracy with no indication
of overfitting.

Figure 7. First two levels of a decision tree for the classification of internal leakage at the cylinder.
Threshold values relate to features scaled by means of standardization.

As each of the considered component faults of the hydraulic press has a different
impact on the machine behavior, the feature selection procedure is repeated for each of
the considered faults. Furthermore, the resulting sets of selected features can depend on
the specific set of training data used during selection. Random elements included in the
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CART algorithm, which is here used for training the decision trees, further add to the
stochastic variation of the training results. Therefore, the feature selection is performed in
the form of a 5-fold cross-validation. For this, the training and testing of each decision tree
is repeated five times, using different excerpts of the data for training and testing in each
repetition. Finally, the union set of features selected in all repetitions is formed and used
for the training the final classification models. Figure 8 shows the procedure of feature
extraction and cross-validated feature selection. The data scaling is not illustrated therein,
but standardization is performed within the cross-validation for each training and testing
split individually.

ȱ
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Figure 8. Process of feature extraction and cross-validated feature selection.

3.4. Model Setup, Training and Evaluation

Apart from the decision tree classifiers used during feature selection, the final fault
classification is realized using feedforward neural networks. The problem of classifying
the machine state is set up as a composition of single-target classifications with binary
targets. This means that a model for binary classification is set up and trained for each of the
considered component faults individually. This allows us to build smaller models, which
potentially can be trained more efficiently and transparently. Moreover, modular fault
classification models can be generated independently and on demand, while multi-target
classification would require the a priori definition of all possible fault cases that can be
expected in a system. Furthermore, using a separate classifier for each fault allows to
obtain a diagnosis without the issue of an exponential increase in the number of class
labels with an increasing number of faults, as would be the case in multi-target, multi-class
classification. However, one disadvantage of the considered setup is that interdependencies
between fault occurrences cannot be considered by the models.

The hyperparameters of the feedforward neural networks comprise the structural
hyperparameters of the network, such as the number of hidden layers, number of nodes per
layer and activation function of each layer, as well as fitting hyperparameters such as the
loss function and the learning rate. As with the definition of the labels described previously
in this section, the definition of the fitting hyperparameters depends on the definition of the
problem at hand. Given that a binary classification is the targeted task, options for selecting
the loss function are narrowed down to loss metrics, which are suitable for evaluating the
outputs of the model against binary labels. Here, the binary cross-entropy is used as a
loss metric. Furthermore, the selection of a learning rate can be simplified to only defining
a starting learning rate when a state-of-the-art optimization algorithm with an adaptive
learning rate is used. The Adam algorithm is used in this study, with a default setting of the
starting leaning rate of 0.001.

Similarly, the numbers of nodes on the input layers and output layers of the neural
networks are predetermined by the number of features fed to the models and the number
of labels to predict, respectively. While the input layer is set to have a ReLU activation
function, a sigmoid activation function is used in all hidden layers and the output layer.
Further structural hyperparameters of the neural networks, which are the number of hidden
layers and the number of nodes therein, are determined by means of a grid search. Different
model structures are set up and trained so that the best model structure of the considered
configurations can be identified for each fault case. The scheme of the grid search and the
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concept of varying the model structure are shown in Figure 9. The scheme shows that three
different numbers of hidden layers and four different settings of the maximal number of
nodes are varied. For a given number of hidden layers, the first hidden layer is constructed
with the maximal number of nodes defined. Then, in each subsequent layer, the number of
nodes is halved.

Figure 9. Applied scheme of grid search and corresponding model hyperparameters.

As with the feature selection step, each model configuration considered in the grid
search is trained and tested with different excerpts of the data within a 5-fold cross-
validation. A further test set, which is held out from the whole process of feature selection
and model tuning, is finally used to evaluate the performance of the models selected in
the grid search. The test set comprises around 40,000 working cycles, which is 20% of the
available data. This form of validation procedure is referred to as the three-way holdout
method and is required to obtain an unbiased, final estimate of the model performance,
as the test data used in the cross-validation loop were already involved during feature
selection and grid search [28]. The classification performance of the models is evaluated
using the balanced accuracy. The balanced accuracy is defined as the mean value of the
true-positive rate and the true-negative rate and thus gives a balanced estimate indepen-
dent of the class distribution of the data [29]. The applied procedure of the cross-validated
grid search is illustrated in Figure 10.
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Figure 10. Procedure of cross-validated grid search and final evaluation of models following the
three-way hold-out method.
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4. Results

4.1. Results of the Grid Search

The mean classification accuracies of the best models identified in the grid search
are shown in Table 2 for the different faults, for different feature sets, as well as with and
without feature selection. Table 3 lists the corresponding structures of these models. For
the faults of internal cylinder leakage QCY,Li, the position sensor offset xCY, o f f and the
external leakage at the hydraulic power supply QPS,Le, high classification accuracies around
99% are already obtained with the base set of global features. This range of accuracies is
obtained for these faults with all tested structural configurations of the neural networks,
with no clear dependence on model size and a maximal deviation between the best- and
worst-performing models of less than 1% across all feature sets. Therefore, the smallest
possible model structure (one hidden layer with eight nodes) is also considered the best-
performing model for these faults. A marginal increase in the model performance can
be observed for these three faults when extending the feature sets and applying feature
selection. For the fault of worn control edges on the proportional valve y0,PV , a similar trend
is observed when increasing the feature set, while the feature selection does not always
lead to improved maximal performance. Regarding the model size, however, the feature
selection leads to the same effect as stated above for other faults, where the difference
in performance between model sizes becomes marginal and the smallest models can be
regarded as the best-performing models for a specific configuration. Using an increased set
of features clearly improves the performance of the classifiers for the faults of increased
friction at the cylinder FCY,Fr and an external leakage at the cylinder QCY,Le. The prediction
of increased friction appears to benefit from added derivative and segment features likewise.
In contrast, for the external leakage, the information added by segment features appears to
mainly induce the improvement, especially when no feature selection is applied. Moreover,
for both latter faults, the best-performing models have larger network structures when
feature selection is considered. While the achieved maximal accuracies can be considered
high performance scores for the increased friction and the external cylinder leakage, the
models cannot fully resolve the targeted input–output relationship with the given data and
considered model structures.

Table 2. Mean classification accuracies obtained with the best model during the grid search with and
without feature selection, for different feature sets and for different faults. Best results for each fault
are highlighted in bold.

Increased Cylinder Friction
FCY,Fr

Internal Cylinder Leakage
QCY,Li

External Cylinder Leakage
QCY,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global 93.60% 93.57% 98.65% 99.29% 78.72% 78.81%
Global + derivative 95.51% 94.97% 98.44% 99.13% 78.68% 82.32%
Global + segment 96.87% 95.91% 99.26% 99.45% 88.69% 86.52%

Global + segment + deriv. 96.81% 97.09% 99.21% 99.51% 88.38% 89.69%

Position Sensor Offset
xCY,off

Worn Control Edges Prop.
Valve y0,PV

External Leakage at Hydr.
Power Supply QPS,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global 98.51% 99.68% 96.62% 96.42% 99.69% 99.78%
Global + derivative 98.06% 99.64% 96.69% 96.44% 99.71% 99.82%
Global + segment 99.28% 99.83% 98.57% 98.93% 99.70% 99.83%

Global + segment + deriv. 99.10% 99.67% 98.38% 98.94% 99.70% 99.85%
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Table 3. Structure of the hidden layers of the best models obtained from the grid search with and
without feature selection, for different feature sets and for different faults.

Increased Cylinder Friction
FCY,Fr

Internal Cylinder Leakage
QCY,Li

External Cylinder Leakage
QCY,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global (256) (512, 256) (8) (8) (256) (256, 128)
Global + derivative (64) (256) (8) (8) (64, 32, 16) (512, 256)
Global + segment (64, 32) (512, 256) (8) (8) (64, 32) (512, 256)

Global + segment + deriv. (256, 128) (256, 128) (8) (8) (64, 32, 16) (512, 256, 128)

Position Sensor Offset
xCY,off

Worn Control Edges Prop.
Valve y0,PV

External Leakage at Hydr.
Power Supply QPS,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global (8) (8) (512, 256, 128) (512, 256) (8) (8)
Global + derivative (8) (8) (256) (256) (8) (8)
Global + segment (8) (8) (64, 32, 16) (8) (8) (8)

Global + segment + deriv. (8) (8) (8) (8) (8) (8)

A final evaluation of the classification performance of the identified model structures
is performed on a held-out test set, which was not involved during the cross-validated
feature selection and grid search. This is carried out to validate that the trained models are
not overfitted to the training data and that the features selected during feature selection are
also important for classifying new, unseen data instances. For this, all the data, which were
partitioned into five subsets during cross-validation, are jointly used to train the models
that were identified as the best model structures during the grid search. The results are
given in Table 4 and show that, generally, the same scores are achieved as given in Table 2
and estimated during the cross-validated grid search. Moreover, the scores obtained on the
test set are mostly slightly higher, which can be attributed to the larger set of training data
used in this final evaluation.

Table 4. Classification accuracies obtained with the best model structure on the held-out test set with
and without feature selection, for different feature sets and for different faults. Best results for each
fault are highlighted in bold.

Increased Cylinder Friction
FCY,Fr

Internal Cylinder Leakage
QCY,Li

External Cylinder Leakage
QCY,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global 94.51% 93.37% 99.08% 99.17% 81.30% 72.94%
Global + derivative 96.38% 94.73% 98.94% 99.07% 77.73% 74.04%
Global + segment 97.62% 96.59% 99.46% 99.47% 91.89% 87.11%

Global + segment + deriv. 97.72% 97.64% 99.43% 99.47% 90.63% 90.17%

Position Sensor Offset
xCY,off

Worn Control Edges Prop.
Valve y0,PV

External Leakage at Hydr.
Power Supply QPS,Le

Feature Set
Without
Selection

With
Selection

Without
Selection

With
Selection

Without
Selection

With
Selection

Global 97.86% 98.98% 97.12% 97.13% 99.61% 99.66%
Global + derivative 98.53% 98.80% 98.00% 97.01% 99.68% 99.69%
Global + segment 99.49% 98.82% 99.13% 98.55% 99.75% 99.86%

Global + segment + deriv. 98.53% 98.74% 98.25% 98.79% 99.59% 99.76%
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4.2. Results of the Feature Selection

Apart from the effects discussed in the previous subsection, further effects of the
feature selection are described in the following. Table 5 shows the number of features
selected from the different feature sets for the different faults. Compared to the case of no
feature selection, the number of features is significantly reduced after selection in all the
listed cases. Moreover, considering the number of selected features across feature sets, for
most faults, the number of selected features steadily increases when increasing the feature
set before selection. The main increase in the number of selected features compared to the
base set of global features is obtained by adding segment features, which is in alignment
with the increase in performance induced by the segment features observed in the previous
subsection. The exception is the fault of increased friction FCY,Fr, where a higher number of
features is selected that represent trend information of the time series.

Table 5. Number of features before and after feature selection for the different feature sets and
different faults.

Number of Selected Features

Feature Set
All Faults

Before Selection
FCY,Fr QCY,Li QCY,Le xCY,off y0,PV QPS,Le

Global 128 40 29 36 14 21 28
Global + derivative 256 38 36 39 14 26 39
Global + segment 738 25 57 46 20 46 42

Global + segment + deriv. 1536 39 59 52 22 51 42

A benefit of a reduced set of features is that it enables to inspect features manually.
This allows us to gain an insight into the process of fault inference and into the general
system behavior under faults. Moreover, using decision trees for feature selection, the
selected features are provided with relative importance, which indicates which fraction of
the data instances could be separated into classes of “fault” and “no fault” by using this
feature. Accordingly, a ranking of the features is obtained, in addition to the reduction.
However, as the feature selection is performed in a cross-validation loop and union sets
of selected features are formed afterwards, the ranking information is not maintained
after this step. Therefore, the ranking information is acquired from a single run of the
cross-validation loop. In Table 6, the three most important features selected for each of the
considered faults are listed. The subsignals can be found in the hydraulic circuit diagram
in Figure 2.

Table 6. Three most important features identified through feature selection for each fault.

Fault Subsignal Features

FFr pPiston median—segment IV
pRod minimum of derivative—segment IV
pRod standard deviation of derivative—segment III

QCY,Li pPiston minimum—segment I
QPV maximum of derivative—segment I
QPV absolute sum of changes—segment V

QCY,Le pPiston minimum—segment III
pRod maximum—segment III

pPiston standard deviation—segment II

xCY,o f f xCY minimum—segment I
xCY median—segment I
xCY minimum
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Table 6. Cont.

Fault Subsignal Features

y0,PV QPV maximum—segment III
QPV maximum of derivative—segment III
QPV median

QPS,Le QPV minimum—segment I
pPS absolute sum of changes—segment I
QPV mean absolute change—segment V

To check the plausibility of the selected features, an exemplary visual inspection of
the respective subsignals is performed. Figure 11 shows the progression of the pressures
recorded at the hydraulic cylinder in regular operation, as well as under the influence of
an internal cylinder leakage QCY,Li. For the detection of this fault, the minimum of the
pressure on the piston side of the cylinder in the idle phase at the beginning of the press
cycle (segment I) is selected as the most important feature. This is in accordance with the
observed subsignals shown in Figure 11. An internal leakage clearly alters the pressure
progression in the idle phases at the beginning and end of the press cycle. Moreover, an
internal leakage leads to an increased pressure level at the piston side and thus to an altered
minimum value of this pressure. This increase is induced by the pressure equalization
between the two cylinder chambers, which is enabled by the existence of a leakage gap. An
example for the effect of an external cylinder leakage QCY,Le on both cylinder pressures is
shown in Figure 12. For this fault, the minimum value of the pressure on the piston side
during the load phase (segment III) is selected as the most important feature. Again, the
selection of this feature appears plausible, as this characteristic of the rod-side pressure is
uniquely impacted by the occurrence of the external leakage. Additionally, the drop in the
rod-side pressure in segments I and V is strongly affected by the external leakage. However,
the fact that this symptom is also observed with an internal cylinder leakage explains why
this feature was not selected as important indicator of an external cylinder leakage.

ȱ

Figure 11. Simulated effect of an internal cylinder leakage on the cylinder pressures.
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Figure 12. Simulated effect of an external cylinder leakage on the cylinder pressures.

5. Discussion

Overall, the results show that the generic development procedure applied in this study
allows to effectively develop fault classification models for the condition monitoring of
a hydraulic press. In general, the results show that different faults in the system require
different model structures and information for their effective classification. Especially for
the faults of the internal leakage at the cylinder, the offset at the position sensor and the
external leakage at the hydraulic power supply could be inferred with a base set of generic
features and small neural network structures. This indicates that the occurrence of these
faults uniquely impacts a small set of features, independently of other faults and operating
conditions. For the other faults, the presented approach of extended feature extraction
was shown to clearly impact the performance of the respective classification models. The
difference in required features and obtained model sizes indicates the sensibility of the
applied approach in performing single-target classifications for each fault individually,
instead of defining a multi-target task to predict all faults concurrently.

In contrast to extending the feature set, the feature selection does not clearly affect the
maximal model performance, regardless of the feature set and fault considered. The feature
selection, however, impacts the sizes of the model structures of the best-performing models.
Except for the fault cases, where the smallest considered model structure was sufficient, the
best-performing models had larger network structures when feature selection was applied.
The results indicate that the feature selection yields larger models, when the relationship
between features and the existence of a fault cannot be fully resolved. This is particularly
indicated by the results for the fault of worn control edges of the proportional valve, shown
in Tables 2 and 3. As the feature set is increased and the classification accuracy approaches
a level of 99%, the difference in performance between different model structures diminishes
and smaller models achieve the same performance as larger model structures. Another
aspect to consider is that, in the grid search, only the structure of hidden layers was varied,
while the number of input layers depended on the size of the feature vector fed to the
model. Consequently, a larger set of features at the input also adds a larger number of
model parameters to start with.

Finally, the feature selection provides an insight into the development workflow
and increases the transparency of the data-driven development. This is especially the
case when human-interpretable features are extracted from the raw time series data. For
the examples of an internal and external cylinder leakage, it was shown that the feature
selection provided plausible information on symptoms uniquely caused by certain faults.
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Abstract: In recent years, the development of hydraulic variable displacement axial piston machines
has been focused in two main directions: improvement of their construction and improvement
of their displacement control methods. The goal of both directions is to increase the efficiency of
the machines. Increasing their efficiency is key to improving the efficiency of the entire hydraulic
system, whether they are used as pumps or hydraulic motors. This motivates the present work,
which essentially contains a developed embedded control system designed for a known type of open
circuit axial piston pump. The developed solution is implemented on a laboratory test rig. A detailed
description of the hydraulic system in the context of pump displacement control is presented, as well
as the developed system architecture for its control. The control system is based on a linear-quadratic
Gaussian (LQG) controller. The controller is synthesized on the basis of a model obtained by means of
identification based on experimental data. The designed controller is validated through experimental
studies, enabling the analysis of its performance.

Keywords: linear-quadratic Gaussian controller; axial piston pump; embedded control

1. Introduction

Axial piston displacement machines are widely used in hydraulic drive systems [1].
The reason for this is a number of advantages compared to other types of hydraulic dis-
placement machines. These advantages are mainly expressed in the following aspects: high
density of transmitted power per unit of weight with relatively compact overall dimen-
sions, low level of flow rate fluctuations, workability with relatively higher pressure, the
possibility of variable displacement control according to different control laws, possibility
to work in both open and closed-loop circulation, etc. The last of the listed advantages
proves their applicability for both mobile and industrial applications [2]. Of course, their
relatively high cost is often pointed out as a significant drawback, which is justified by the
need for greater power of the hydraulic drive.

These advantages, in addition to expanding the range of applicability of axial piston
machines, have motivated scientific research in the last few decades [3–6]. This makes
variable displacement axial piston machines an object not only of application but also of
scientific interest.

It is pertinent to note that the development of software products for performing simu-
lations in various types of hydraulic elements, devices and machines facilitates scientific
research for the purpose of constructive improvements [3]. A number of scientists from var-
ious institutes and development units, scientific–educational, have determined constructive
qualitative improvements on the basis of in-depth simulation studies, making a connection
between the structural parameters and the flow parameters in axial piston machines [1,7–9].
Less research exists on the aspect of improving the regulation of the displacement volume,
especially in pumps of this type [10]. In retrospect, a significant impetus was first provided
by the development of high response proportional electro-hydraulic spool valves, which
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replaced conventional hydraulic controllers [11,12]. Then, along with the development of
proportional hydraulic technology, so-called secondary control systems were also devel-
oped [13,14]. As is known, axial piston machines are mainly used in these systems, and
their efficiency depends on the strategy by which they are controlled [15]. In the last two
decades, there has been a growing number of applications of non-conventional controllers
for axial piston pump control [16–18].

Looking at the development of control systems applied in various fields of technology,
it can be seen that research is mainly focused on embedded systems and the implementation
of complex control laws through programmable platforms [19,20]. The authors have
accumulated experience in the implementation of this type of control systems for plants of
different natures, particularly hydraulic drive systems.

This motivates the present work, which essentially contains a developed embedded
control system designed for a known type of open circuit axial piston pump. The developed
solution is implemented on a laboratory test rig. A detailed description of the hydraulic
system in the context of pump displacement control is presented, as well as the developed
system architecture for its control. The main goal is to design a linear-quadratic Gaussian
(LQG) controller. The controller is synthesized on the basis of a model obtained by the “black
box” system identification approach based on experimental data. The designed controller is
validated through experimental studies enabling the analysis of its performance.

2. System Description

For the purpose of system identification and the subsequent development of embedded
controllers, a laboratory test rig for the study of open circuit axial piston pumps with
proportional valve control is developed and implemented [4]. The hydraulic circuit diagram
of the test rig is shown in Figure 1, and its photo is presented in Figure 2. The system is
based on a well-known model pump, A10VSO (Bosch Rexroth company). The regulation
of the displacement volume of this type of pump is well known in the theory and practice
of hydraulic drives [2]. It is based on two main approaches. The first consists of using a
conventional hydraulic controller of type DR, DFR, DFLR, etc. These controllers are directly
coupled to the pump casing and perform their regulating function (of pressure and flow
rate) according to a certain law depending on their schematic and constructive solution. The
other approach for their regulation consists of the use of a hydraulic valve that is specially
developed for this type of pump with proportional electric control, which is mounted on
the same plate of connection intended for the listed conventional controllers [21]. In this
way, through integrated electronics or an external card type VT-5041, control of the spool of
this valve is performed, and, in turn, the displacement volume of the pump is changed via
the main energy parameters, pressure and flow rate [21,22]. In practice, this approach is
designed to implement secondary control; however, it requires the use of a variant of the
same pump that has a swash plate swivel angle sensor and the ability to change the angle of
the swash plate in the opposite direction to work in the motor mode of operation. Inevitably,
this modernization approach has a significantly higher cost but with an expanded range of
applications. In this aspect, the developed control solution incorporates both regulation
approaches. However, a pump is used without a swivel angle sensor and without the
possibility of operation in motor mode. On the other hand, both types of controllers are
used, connected in parallel by means of an additional developed mounting hydraulic
block with a built-in check valve. It must be noted that this cannot be used for secondary
control. Its advantage is that it can implement a hydraulic system with speed and load
feedback based on a variable displacement axial piston pump of the most common type. A
detailed description of the system was carried out in a previous publication [4]. Here, only
a brief presentation is made, emphasizing the mentioned advantages and disadvantages
compared to solutions imposed in practice.
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Figure 1. Hydraulic circuit diagram of a test rig for the axial piston pump investigation.

 

Figure 2. Photo of the test rig.

As mentioned above, the system consists of a variable displacement axial piston type
A10VSO designed for open-circulation hydraulic drive systems. The pump has an 18 cubic
centimeters displacement volume. It is equipped with a hydraulic pressure controller
whose designation is better known as DR. Parallel to it is a proportional hydraulic valve
VT-DFP (Bosch Rexroth Company) designed only for this type of pump and having a
built-in spool position sensor. Control of this type of valve is realized by a selective external
electronic amplifier type VT-5041, of which only the valve spool position feedback function
and the power stage are used to power its proportional solenoid [23]. Classically, the system
structure is presented in Figure 3. In the developed solution, an electronic amplifier is used
to receive a reference signal from a PLC MC012 [24]. The system software is distributed
between the industrial controller and the desktop workstation to allow rapid prototyping
of the different types of identification experiments and embedded controllers. This is
another advantage of the system as it makes it possible to realize advanced control laws,
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not just conventional PID controllers and their varieties established in hydraulic drives.
The distributed system is based on a real-time communication channel between the PLC
and the workstation running a Simulink® model (Mathworks). Communication is carried
out via a USB/CAN network in blocking mode with a synchronization packet emitted from
the industrial controller with a sample time of 10 milliseconds. This sampling period is fast
enough to allow precise control of the pressure and flow rate.
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Controller
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Figure 3. Hydraulic circuit diagram of a test rig for investigation of the axial piston pump.

3. System Identification

To employ the linear quadratic control method, a linear time-invariant state space
representation of the axial piston pump is required. Generally, two approaches are available
to build a state space model, either through the application of first principle physical
laws [25] and the consecutive estimation of model parameters (“gray box” model), or
alternatively, the application of “black box” system identification techniques [26,27]. The
“gray box” approach requires a detailed understanding of the internal construction of the
axial piston pump, as well as the exact measurement of geometrical and physical variables.
Even though that approach is beneficial for advancing construction aspects of the axial
piston pump machine by reaching a high-fidelity simulation model, it does not guarantee
successful control system design. As we know, the purpose of control-oriented models is
to focus on the numerical signal transformations between manipulated and performance
variables because the controller will aim to invert these transformations in order to achieve
the desired behavior of the system. Certainly, input–output transformation can be obtained
from a high-fidelity physical model of the system; however, a lot of non-control-related
information will also be incorporated into the physical model. Hence, considering the
amount of effort and experimental work necessary to achieve precise physical modelling,
in most situations, control engineers prefer the estimation of black box functional models.
Additionally, digital controllers require discrete-time representation of the system dynamics,
which can be naturally achieved by selecting a discrete-time structure for the representation
of the black box model. The key elements in black box system identification are the model
structure, identification experiment and estimation method.

For the purpose of axial piston pump control, the selected model structure is a discrete-
time state space model in controllability canonical form (Cauchy representation):

x(k + 1) = Fx(k) + Gu(k) + Ke(k), (1)

y(k) = Cx(k) + Du(k) + e(k), (2)

where x = (x1, x2, . . . , xn)
T is a state vector, u(k) is the PWM signal applied to a propor-

tional spool valve, y =
(
yq, yp

)T is the output signal, yq is the pump flow rate, yp is the

pump pressure and e =
(
eq, ep

)T is the residual error with respect to pump flow rate
(eq) and ep pump pressure. F, G, K, C, D are model parameters which are matrices with
appropriate dimensions. To obtain model parameters, open loop identification experi-
ments are performed for variable loading conditions according to the scheme presented in
Figure 4. The discrete-time experiment is carried out with sample time Ts = 0.01 s, which
is sufficiently small for this type of dynamic system. The identification input signal is a
white Gaussian noise that is applied as a PWM voltage signal to a proportional valve.
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Figure 4. Structure scheme of open loop identification experiment.

The measured output signals are pump flow rate and pump pressure. The date set
obtained after the experiment in the presence of full loading (the loading throttle valve
depicted in Figure 1 is approximately close) is depicted in Figures 5–7.

Figure 5. PWM voltage signal proportional to valve used for identification experiment.

Figure 6. Pump flow rate signal used for identification experiment.
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Figure 7. Pump pressure signal used for identification experiment.

The first 1000 points are removed from the data set in order to exclude transient
responses. The remaining data are centered and divided into two data sets, the first is used
for parameter estimation, and the second is used for model validation. Due to the absence
of accurate information for the order of models (1) and (2), the models of the 1st to 10th
order are estimated.

The Hankel singular values of models from the 1st to 10th order are depicted in
Figure 8. As can be seen from the figure, the appropriate model order is the 5th, but the
model of the 6th order has singular values close to the ones of the 5th order model. The
Hankel singular values test provides only initial information about the supposed model
order and cannot be used alone to determine the appropriate model. Thus, the models of
the 4th, 5th, 6th and 8th orders are estimated. The comparison of measured outputs and
those simulated by estimated model outputs are presented in Figure 9. As can be seen
from the pump flow rate, the FIT between the measured and simulated signals is almost
the same for all models. However, for the pump pressure, the FIT between the measured
and simulated signal for the models of the 5th, 6th and 8th orders is significantly large
compared to the one for the 4th order model.

Figure 8. Hankel singular values of estimated models.
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Figure 9. Comparison of model outputs and measured outputs.

The models of the 5th, 6th and 8th orders passed residual correlation tests (Figure 10).
As can be seen, the residual error for both outputs is white Gaussian noise. This indicates
that the obtained parameter’s estimates are unbiased. Additionally, the residual error is
uncorrelated with input signals which shows that the model sufficiently describes the
pump dynamics for both channels.

Figure 10. Residual correlation test of 6th order model.

The 6th order is most appropriate due to the fact that it also has good performance in
the case of non-loading conditions (the loading throttle valve is fully open). This can be seen
from the frequency responses of estimated models in non-loading conditions, which are
depicted in Figure 11. It is seen that in a high-frequency range, the responses of the 6th and
8th model orders are close, whereas the response of the 5th order model is approximately
the same as the 4th order model.
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Figure 11. Comparison of frequency responses of 4th, 5th, 6th and 8th order model in case
of non-loading.

The step responses along their confidence intervals with respect to pump flow rate
and pump pressure for the 4th and 6th model orders are depicted in Figure 12. It is seen
that the confidence intervals are small.

Figure 12. Comparison of magnitude frequency of 6th order model.

The matrices of the estimated 6th order model take the values:

A =

⎛
⎜⎜⎜⎜⎜⎜⎝

0 1 0 0 0 0
0 0 1 0 0 0

−0.3 0.43 0.84 −0.01 0.04 −0.03
0 0 0 0 1 0
0 0 0 0 0 1

0.57 −11.17 10.83 0.72 −1.62 1.9

⎞
⎟⎟⎟⎟⎟⎟⎠

, B =

⎛
⎜⎜⎜⎜⎜⎜⎝

0.005
0.161

0
0.209
0.046
0.058

⎞
⎟⎟⎟⎟⎟⎟⎠

,

K =

⎛
⎜⎜⎜⎜⎜⎜⎝

0 0.075
0.082 −0.015
0.031 0.031
0.423 0.099
−0.033 0.259
0.141 −0.029

⎞
⎟⎟⎟⎟⎟⎟⎠

, C =

(
1 0 0 0 0 0
0 0 0 1 0 0

)
and D =

(
0
0

)
.

(3)
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4. LQG Control Design

The structure of the designed control system is depicted in Figure 13. The purpose
of the controller design in this research is to regulate the flow rate yq of the axial piston
pump to the desired reference value rq with maximal steady-state accuracy and minimal
settling time. Several problems arise in the control of axial piston pumps. First, the pump
is based on a single input multiple output (SIMO) model. It can be established through
the controllability test that we can regulate both pressure yp and the flow rate yq to desired
values, if and only if they lie in a common equilibrium manifold yp = f

(
yq
)
. However,

due to the uncertainty in the system dynamics, the exact analytical form of the manifold
is not established; hence, we can either regulate the pressure or the flow rate alternately.
The second problem arising from the control design is the inherent uncertainty in the
identified pump model. This uncertainty can be characterized by the limited size of the
identification data, the presence of uncontrollable disturbances acting on the plant and the
non-stationarity of the pump dynamics with the selected operating point. The operating
point is selected in our experiment by the level of closing of the precise resistance throttle
valve bypassing the pump. Hence, the third problem with the present system is that due
to uncertainty, it requires a feedback controller. However, due to the static nature of the
plant model, we need to extend the feedback loop with an additional integrator element to
guarantee reference tracking in the presence of output loading disturbances.

rq ∫ u yq

yp

kx

Pump
Model

Kalman
Filter

- -
ki

x

Figure 13. Structure of closed-loop system with LQG controller and Kalman filter.

The linear quadratic control approach is derived from the key results of optimal control
theory, where a quadratic cost functional is minimized with respect to the realization of
the control signal. The benefit of the LQR optimal solution is that it can be represented as
a function of the Lagrange multiplier costate vector which is coupled to the system state
vector through the solution of the differential Ricatti equation [28]. The quadratic cost
function for the closed-loop pump model is selected as

J(u) =
∞

∑
k=0

xT [k]Qxx[k] + ru[k]2 + wIy Iy[k], (4)

where x[k] =
(
xq[k] x2[k] x3[k] xp[k] x5[k] x6[k]

)T is the state vector of the identified
pump model, Qx ∈ R

6×6 is the positive definite real matrix weight of the state vector
components and their correlations and r ∈ R is the weight gain for the amplitude of the
control signal. In the cost function, we also include the signal Iy[k] weighted with Qy ∈ R,
which represents the integrated output error with respect to the flow rate:

Iy[k] =
k

∑
i=0

TS
(
rq[k]− yq[k]

)
=

k

∑
i=0

TSeq[k]. (5)

For calculation purposes, the integrated signal is represented as a finite difference
equation for a first-order Euler approximation of the integration operation in continuous
time as

Iy[k] = Iy[k − 1] + TSeq[k]. (6)
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The weighting matrix Qx, together with r and wIy , are tunable parameters reflecting
performance requirements for the closed-loop system. However, due to the implicit repre-
sentation of the physical state variables in the state vector, it is not obvious how to select
the components of the matrix Qx. Hence, we employ mapping with matrix C between the
output and the state variables to translate the tuning of Qx into the output space as

yT [k]Qyy[k] = xT [k]
(

Cq
T 0

0 Cp
T

)
Qy

(
Cq 0
0 Cp

)
x[k] = xT [k]Qxx[k], (7)

where the matrix Qy ∈ R
2×2 is a corresponding weighting matrix in the output space of the

model. Since the physical meaning of the output signals is established as y =
(
yq yp

)T ,
we can specify the matrix Qy = diag

(
wq, wp

)
, where wq represents the cost weight for the

flow rate channel and wp represents the cost weight for the pump pressure channel. In this
mapping, the matrix

Qx =

(
Cq

TwqCq 0
0 Cp

TwpCp

)
. (8)

Considering that in the identified model, matrices Cq and Cp contain just one non-zero
element, i.e., a unit corresponding to the state for the output signal, we see that with such a
weighting matrix, we put weight on only two of the states and the rest are left outside of
the cost function, or we do not care for their amplitude, since they do not carry an explicit
physical meaning.

Equivalently, we can extend the state vector of the plant model, including the integrator
state Iy[k], as

xext =

(
Iy
x

)
, (9)

and then the plant model matrices F and G will become

F =

⎛
⎝1 −TSCq 0

0 Fq Fqp
0 Fpq Fp

⎞
⎠, G =

⎛
⎝ 0

Gq
Gp

⎞
⎠. (10)

Additionally, the state weighing matrix for the extended state vector will become

Qext =

(
wIy 0
0 Qx

)
. (11)

Following the methodology for LQR design, we look for a linear state feedback
controller gain such that the control signal is

u[k] = −Kpx[k] + kieq[k] = −Kextxext[k], (12)

where Kp ∈ R
1×6 is a row vector with proportional gains multiplying the state vector, and

ki ∈ R is the integral gain multiplying the reference tracking error eq[k] for the flow rate,
then Kext =

(
ki Kp

)
. According to ref. [28], these gains can be obtained as

Kext =
GT PF

GT PG + r
, (13)

where the denominator is scalar because the system has a single input. The matrix P is a
positive definite solution of the infinite time algebraic Ricatti equation

FT PF − P − FT PG
(

GT PB + r
)−1

GT PF + Qext = 0. (14)
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The numerical values we select for the integrated error wIy = 500, the flow rate channel
wq = 0.001, the pump pressure wp = 0.001 and the control signal amplitude r = 0.001 lead
to the following solution for the state feedback

ki = 637.7478, (15)

Kp = (−1.27, 19.9, 28.91,−0.88, 1.77,−0.92). (16)

As can be seen, the integral gain of 637 dominates the controller response, followed
by the gain of 28.9 for the third state variable, representing the delayed flow rate output
yq[k − 2], followed by the gain of 19.9 for the yq[k − 1].

The key problem with the practical implementation of the LQR controller is that the
internal state vector of the system x[k] is generally inaccessible for direct measurement.
Hence, it must be estimated by a calculated value x̂[k] from the previous values of the
measurable system signals (the input and output plant channels). To produce the state
vector estimate, we employ the stationary Kalman filter algorithm, which minimizes the
variance E

(
(x[k]− x̂[k])2

)
of the estimation error over all initial conditions and realizations

of the model residuals eq[k] and ep[k], which are assumed to behave as Gaussian white-noise
processes with unit variance. In addition, an unbiased estimate is usually required, meaning

E{x̂[k]} = E{x[k]}. (17)

The Kalman filter algorithm has many modifications [29] depending on the model
of the process and the assumptions about the statistical distribution of the noise and
disturbances. The model of the axial piston pump is a linear time-invariant system with
stationary noise action on the state and output. Hence, we design the state observer
algorithm as

x̂[k + 1] = Fx̂[k] + Gu[k] + L(y[k + 1]− CFx̂[k]− CGx̂[k]), (18)

where L ∈ R
6×2 is the filter gain matrix calculated to minimize the state error variance. The

filter gain is calculated as

L = DCT
(

CDCT + 0.01I2

)−1
, (19)

where Ve = E
(
eeT) ∈ R

2×2 is the variance of models’ (1) and (2) residuals, and D is the
error covariance matrix calculated as a solution of the algebraic Ricatti equation,

D = FDeFT + KVeKT . (20)

The resultant filter gain matrix obtained from the identified model becomes

L =

⎛
⎜⎜⎜⎜⎜⎜⎝

0 0.07
0.08 −0.02
0.03 0.03
0.42 0.1
−0.03 0.26
0.14 −0.03

⎞
⎟⎟⎟⎟⎟⎟⎠

. (21)

The first column from the filter gain matrix corresponds to the flow rate channel and
the second column corresponds to the pressure output signal. The filter gain depends on
how much information is carried from each state to the output signal and how much we
can trust the output signal given the present level of external noise variance. Therefore, the
higher gains in matrix L indicate that the respective state variable will be more strongly
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compensated by the output estimation error. The optimal error covariance matrix obtained
from the solution of the Ricatti equation is

D = 10−4 ×

⎛
⎜⎜⎜⎜⎜⎜⎝

2 0 1 −2 2 −1
0 2 1 3 −1 0
1 1 1 0 0 0
−2 3 0 40 11 13
2 −1 0 11 24 12
−1 0 0 13 21 21

⎞
⎟⎟⎟⎟⎟⎟⎠

. (22)

As can be seen from the diagonal elements, the variance of the first three states
determining the flow rate output signal of the model is 10 times lower than the variances
of the pressure determining states. The same is true for the cross-correlations between the
errors of the estimated states. The fundamental mechanical constraints can explain that in
the pump, when provided with a fixed input signal to the proportional valve, the swash
plate swivel angle will determine a fixed displacement volume leading to a fixed flow rate
in dependence on the shaft rotation speed. On the other hand, the pressure in the system
will be more strongly dependent on the externally attached loading system to the pump
and not so much on the input signal u(t). Hence, the variance in the estimated pressure
states will become higher. Another observation from the state covariance matrix is that the
3rd and 6th states have lower variances than the 1st and 2nd or 4th and 5th states. This can
be related to the casual relationships between those states if one observes the structure of
matrix F.

Figure 14 presents the closed loop system frequency responses with the designed
linear quadratic regulator and Kalman filter. The output sensitivity function characterizes
the ability of the closed loop to attenuate the loading disturbances. We see that the designed
regulator dampens the amplitudes of the output disturbances up to 100 times in the low-
frequency domain and around 10 times in the middle frequency up to 2 rad/s. From the
complementary sensitivity function, we can say that the bandwidth of the closed loop is
around 10 rad/s which is acceptable for a regulated pump, considering the capabilities of
the employed actuator and flow meter. Figure 14 also shows the control signal sensitivity.
As expected, it is higher in the low-frequency range and lowers down in the high frequencies
to prevent amplification of measurement noise in the actuator command.

Figure 14. Sensitivities of closed-loop system with LQG controller and Kalman filter.
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5. Experimental Validation of Designed Controller

This section presents the experimental results measured with the designed controller
in a hardware in the loop (HIL) experiment with the MC012 microcontroller. The loading
system for the pump is represented by a variable throttle valve bypassing the output of
the pump to the tank, which is presented in the hydraulic circuit diagram in Figure 1. The
opening of the loading throttle valve can be manually selected by a precision micrometer
scale from 0 to 5 mm. We test the performance of the LQG controller for loading throttle
valve openings of 2 mm, 3 mm, 4 mm and 5 mm. The recorded signals are the output
pump pressure, output flow rate, LVDT feedback from the pump proportional valve and
control signal sent to the electronic amplifier. The experimental results are summarized in
Figures 15–18.

Figure 15. Experimental results for loading condition 2.

Figure 16. Experimental results for loading condition 3.
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Figure 17. Experimental results for loading condition 4.

Figure 18. Experimental results for loading condition 5.

For the minimal opening of the loading valve of 2 mm, the closed loop pump system
will experience maximal loading as pressure. In such conditions, the reaction force on
the swash plate from the output pressure will be maximal, and the control effort from the
actual will be required to compensate for the variations in the flow rate. To examine the
system during such conditions, we apply a reference flow rate of 14 L per minute and a
step reference jump to 17 L per minute for a period of 2.5 s. As can be seen in the figure, we
note a very fast system response below 100 ms. The flow rate is held around the reference
value with random deviations of +/− 0.5 L per min. Part of these observed variations
can be attributed to the sensor noise and imprecision. As noted in the introduction, we
employ a low-cost flow rate meter based on an orbital hydraulic motor and a hall sensor.
Measurement is based on the capturing of the impulses period from the Hall sensor with a
precision of 100 ns. Hence, this measurement technique will introduce some limitations to
the maximal accuracy we can obtain for the flow rate. Another component of the observed
flow rate variations can be attributed to the actual irregularities in the flow through the gear
flow meter. During these high loading experiments, we observe very demanding conditions
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for the system with pressure in the range of 80 to 120 bar, providing a power output of
around 2 kW. Since the electrical motor driving the pump shaft is an unregulated three-phase
induction machine, such a high load will lead to variation in the rotational speed of the
motor, reflecting directly on the generated flow rate by the pump. Even in such high loading
conditions, the designed control system is able to keep the mean value of the flow rate signal
around the reference value without much amplified noise in the control signal.

Figure 16 examines the transient behavior for lower loading corresponding to the
opening of the loading throttle valve of 3 mm. The pressure during this experiment is
around 50 bars, which corresponds to the output power of the pump of around 1.5 kW. The
reference signal of the controller is a step from 19 L per minute up to 24 L per minute. The
transient response and accuracy of the regulations are comparable to the case of a 1.5 kW
operating point with a settling time below 100 ms. It is interesting to note that with an
increase in flow rate through the pump, increasing the pressure and the output power,
the amplitude of flow rate variations increases. This can be taken as a confirmation of
the hypothesis that flow rate variations are due to increased load on the induction motor
causing the instability of its rotational speed.

Figure 17 examines the reference tracking performance for the case of a 4 mm opening
of the loading throttle valve. In this case, we set the reference step levels between 21 L/min
and 26 L/min. The operating pressure in these conditions is between 20 to 30 bars, pro-
viding a power output for the pump of around 1 kW. In these conditions, the settling time
is increased to around 100 ms. Due to decreased pressure in the system, the reaction of
the swash plate to change in the actuating piston becomes slower; hence, the transient
responses are delayed. However, such a scale of the response is within sufficient limits
for the practical application of the controller. The flow rate variations, in this case, are
comparable to the case with the opening of the loading valve up to 3 mm. Similar to the
previous case, the amplitude of the variations increases with the increasing flow rate, hence
the increased power output of the pump.

The last examined loading condition (Figure 18) corresponds to a 5 mm opening of
the loading valve, which can be characterized as minimal loading. During the experiment,
the reference step is from 22 L per minute to 27 L per minute. The settling time is around
200 ms, which again is increased because of the decrease in the pressure in the system,
reducing the forces acting on the action valve to move the swash plate. It is worth noting
that, in these cases of loading, minimized variations of the stationary flow rate around the
reference are observed. The pressure in the system is around 20 bar which corresponds
to power output below 1 kW. In this case, the loading of the induction motor driving the
pump is reduced, and its rotation speed is more stable, which minimizes the variations in
the flow rate.

Experimental results for the flow rate regulation prove the experimental stability and
performance of the designed LQG controller. The controller is examined for four operating
points in the full range of loading conditions for the pump between 14 to 26 L per minute.
Even though the identified model is for a single operating point, the closed loop system is
able to maintain the reference tracking performance, which is an indication of its robustness.

Figure 19 compares the resultant pressures in the system for the four operating points
selected by opening the loading throttle valve. As can be expected with the increase in
flow rate, the pressure in the system is increased too. It is notable that for the highest
loading conditions, the oscillations in pressure are much more pronounced. Hence, it is
not recommended to operate the closed loop system at such high pressure for prolonged
intervals. The working envelope of the designed closed loop system can be characterized
by a flow rate range between 14 and 26 L/min and a pressure range between 20 to 80 bar.
Another thing which can be noted in the figure is that there is a nonlinear relationship
between the opening of the loading valve and the mean value of the pressure in the system.
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Figure 19. Comparison of pump output pressure for different loading conditions.

Figure 20 shows the control system from the LQG controller during the experiments.
The control signal sent to the valve is from 0 to 10V. Therefore, the negative values in the
figures are saturated at 0. The most important feature of the examined control signals is
that they do not amplify the sensor noise present in the output. This is because of the
application of the noise model from the system identification and because of the design
of the Kalman filter. Such output noises can be easily amplified by some classical control
algorithms, such as PID, leading to the overloading of the actuator valve. It is interesting to
note that the average value of the control signals for the selected operating points is not
much different, which is an indication that the identified model is able to carry information
not only for its operating point but for others too.

Figure 20. Comparison of control signals for different loading conditions.

Additionally, in Figure 21, we present the LVDT signal for the proportional valve
position during the examined loading conditions. The valve we use is bidirectional; hence,
we limit its range from 0 to 50% because in the pump we test, the swash plate can work
only on positive swivel angles. Alternatively, if the pump can be inverted to work as a
motor, the proportional valve operating range will be from 0 to 100%. In the figure, it is
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important to note that the proportional valve is fast enough to follow the dynamics of the
generated control signal from the controller.

Figure 21. Comparison of LVDT signals for different loading conditions.

As an additional experiment, we examine the performance of the pump for a fixed ref-
erence flow of 22 L per minute and with variable (dynamic) loading conditions simulating
a real application operation. The loading is modeled by manually decreasing the opening
of the loading valve from 5 mm to 1 mm. Figures 22 and 23 present the results of this
experiment. As can be seen in Figure 22, the flow rate is held steady by the control system
at 22 L/min for all loading pressures in Figure 23 from 20 to 100 bar. With the increase
in the loading of the pump and the required output power from the induction motor, the
oscillations in the flow rate begin to increase too.

Figure 22. Pump flow rate for 22 L/min setpoints.
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Figure 23. Output pump pressure for 22 L/min setpoints.

6. Conclusions

The main contribution of the article is the developed embedded system for control of
an axial piston pump with a proportional valve. In contrast with existing solutions, in this
work, the developed embedded system uses a pump that is not equipped with a swash
plate swivel angle sensor and rotational speed sensor. This solution is not appropriate for
secondary control but is appropriate for flow and pressure control of open-circuit hydraulic
drive systems. The proposed control solutions provide possibilities to implement not only
existing analogue PID controllers but also advanced control algorithms. First, the “black
box” model of the axial piston pump with proportional valve control is estimated from
experimental data. The results of validation tests show the model accuracy and its appli-
cability for controller design. The designed control system is based on a linear-quadratic
Gaussian (LQG) controller with a time-invariant Kalman filter that is implemented on a
laboratory test rig. A detailed description of the hydraulic system in the context of pump
displacement control is presented, as well as the developed system architecture for its
control. The designed control system is validated through experimental studies for various
loading conditions that enable the analysis of its performance.
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Abstract: The contact problem of a trochoidal gear is a drawback and a well-known performance
indicator of a gerotor pump. Although numerical simulations aid in the evaluation of contact stress,
the difficult task of determining geometrical parameters, operating conditions, and the number of
simulations to run falls to the designer. This paper presents the Taguchi techniques as an effective
simulation-based strategy to narrow down the geometrical parameter combinations, reducing the so-
lution space and optimizing the number of simulations. The work is first focused on the validation of
the proposed numerical model by means of published contact stress results of recognized researchers
in the field, as well as the unification of nomenclature and notation. Then, the Taguchi approach is
based on a sequence of four experiments, ranging from the screening case with two levels and seven
parameters to multiple levels and four parameters with three software input operating conditions
(temperature, torque, and friction coefficient) emulating noise effects. The contact stresses of 128 gear
sets, having common volumetric capacity and dimensional constraints to detach mechanical per-
formance from flow rate and casing, were analyzed. Results prove the feasibility of the proposed
methodology by identifying the most suitable gear set configuration and predicting the quantifiable
performances of a real-working gerotor pump.

Keywords: trochoidal profile; gear pump; gerotor technology; contact stress; finite element method;
design of experiments; Taguchi method; simulation-based design; process planning; fluid power

1. Introduction

Fluid technology, as a part of human activities, has become one of the important issues
in connection with environmental concerns. Hydraulic machines play an essential role
in fluid technology and will further accelerate their green transition in the coming years
with the improvement of models and simulations [1]. The gerotor pump is intended to
be a part of the solution in leading research technologies in industrial and aeronautical
areas, mechanical engineering, pharmacy, medicine and, more recently, in areas such as the
design of a virtual prototype to be used in the context of a Digital Twin tool [2].

Nowadays, attention has been focused on reducing energy loss and improving effi-
ciency, since any relatively small proportion of them is becoming crucial in any technology.
Improvement of electric consumption, heralded as the critical step in the reduction of trans-
portation’s impact on climate change, can be used as an example in the adapted Figure 1
from the work of Kawamata et al. [3]. Loss due to friction in the motor-based drive system
of an electric vehicle (EV) system is still responsible for approximately 10% of the total
global energy consumption. Loss due to aerodynamics is the most important factor of an
EV during operation compared with an internal combustion engine (ICE), but there is still
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room for improving the current levels of energy consumption by paying attention to these
slight proportions as loss due to friction.

Figure 1. Comparison of energy consumption loss between ICE vehicle and EV (adapted from
Kawamata et al. [3]).

Contact stresses and friction are key performance indicators of a trochoidal gear set
working as a gerotor pump. Over the years, from the work on the reduction in contact
stress in internal gear pumps by Colbourne [4] in 1976 up to recent works such as gap
estimation in ORBIT motors by Roy et al. [5,6] and the in-depth design concept of hydraulic
displacement units by Sliwinski [7], an important body of literature has been published
related to contact, deformation, clearance, and stress in the teeth of gerotor pumps. In fact,
“contact” and “stress” appeared among the top ten keywords in the list of the thirty most
frequently used keywords in the publications from 2009 to 2019 [8].

It should be pointed out that two researchers, Ivanović and Biernacki, have conducted
remarkable contact stress studies on gerotor pumps over the last twelve years. Ivanović and
the colleagues have explored this challenging area in analytical methods [9–11], wear rate,
friction, and stress index evaluation [12–16]. Biernacki and the colleagues have investigated
the field with an emphasis on new materials [17–21] and new concepts of design [22,23].
Both research groups have stood out and exceled in the area.

When the question of how to choose the gear set to improve performance indexes
arises, optimization has come to assist. Focusing on works of the past five past years,
Robinson and Vacca [24,25] and De Martin et al. [26] have published complete studies
in multi-objective optimization to traditional circular-toothed profiles. As a result, the
procedure pinpointed that the industry was able to find optimal solutions at almost the
same level as the state-of-the-art pump designs. A thorough study of commercial gear
sets of a company carried out by Tessari et al. [27] and Pulliti et al. [28] allowed them
to extrapolate an empirical formulation for the eccentricity, the initial parameter of the
optimization strategy to maximize volumetric efficiency.

Whenever the question of how to choose the geometrical parameters to design a new-
born trochoidal gear pump comes up, the answer is not straightforward and an intermediate
step amid the proceedings from academia and industry, between commercial gear sets
and optimization procedures, would be especially welcome. In addition, the designer’s
goal is not only to reduce the time and effort to set up the analysis, but also to diminish
and even remove the various costs associated with conducting any trial. Hence, numerical
simulation comes as a design aid. A new numerical simulation may confront a new
set of issues, such as how to evaluate the parameters, how many numerical simulations
to carry out, how to estimate parameter combinations, or how to link mechanical and
fluid-dynamic characteristics. The purpose of this paper is to attempt to address the
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above researcher’s questions from a practitioner’s perspective and the Taguchi method is
chosen to blend knowledge from commercial gear sets to numerical simulations. Another
important advantage of the Taguchi method is its accessibility to any end-user, becoming
an open tool not restricted by software.

The Design of Experiments (DoE) is a well-known and powerful tool [29]. The DoE
process is divided into three main phases as follows: (1) the planning phase: factors
and levels are selected, (2) the conducting phase: test results are collected, and (3) the
analysis phase: positive or negative information concerning the selected factors and levels
is generated based on phase (1) and (2). A full-factorial experiment, having an equal
number of test data points under each level of each factor, is acceptable when only a few
factors are to be investigated, but not very advisable when there are many factors [30].

The Taguchi approach is a holistic view based on the use of orthogonal arrays (OA)
to conduct small, highly fractional factorial experiments up to larger, full-factorial exper-
iments [31]. An alternative approach could be the use of Monte Carlo simulation, but it
requires a large number of testing conditions for an accurate estimation of the mean and
variance, which is expensive and time-consuming [29,32]. Each OA has a determined maxi-
mum possible resolution [33]. The selection of which OA to use predominantly depends on
(in order of priority): (i) the number of factors and interactions of interest, (ii) the number of
levels for the factors, and (iii) the desired experimental resolution or cost limitations. This
strategy will minimize the total number of tests to be conducted yet will yield meaningful
information at the same time. A lack of communication between the academics and special-
ists in industrial worlds is a cause that has restricted the application of the Taguchi method
on a larger scale [34]. To analyze the data and determine the optimum levels of selected
factors, the signal-to-noise (S/N) ratio was developed by Dr. Taguchi as a performance
measure to choose control levels that best cope with noise effects. All these uncontrolled
and unknown factors that actually vary from one degree to another, causing differences
from data point to data point, generate noise effects. Rather than assuming that error
variation is an aggregate of all these noise effects and equally distributed in all treatment
conditions, Taguchi parameter design utilizes these repetitions to aid in identifying what
levels of which control factors might have reduced variation.

To varying degrees of depth, the Taguchi method has been applied to volumetric
characteristics in a gerotor pump. Jung et al. [35] implemented the method for the design
of lobes with multiple profiles. The optimal design parameters obtained are promising in
the experimental results of volumetric performance, but unfortunately, the explanation of
the implementation is scarce and noise effects are not mentioned. Ivanović et al. studied
the selection of optimal parameters for the volumetric characteristics of a gerotor pump,
such as flow rate and volumetric efficiency, through a factorial design and response surface
methodology [36] and by using the Taguchi method [37]. Three tested geometries at three
different rotation speeds and pressures were established as influential parameters. In these
experimental works, a selection of noise factors is not reported. As a result, one important
contribution of the presented work is the use of several input parameters as noise factors to
assess the contact stress characteristics in a gerotor pump.

The application of the Taguchi method in software and computer design has been
reported. As an example, assistance for the management of defects found in software de-
velopment by quantifying performance has been proven [38]. The multitude of parameters
in Computer Aided Design (CAD) and Computer Aided Manufacturing (CAM) are also
benefited by the structured generation of a representative subset of them into a solution
space, as is shown in bevel gear machining simulations [39]. The mechanical performance
can be modeled mathematically by using the finite element methodology, which makes
the contact stress a prime candidate for designed experiments using the environment of
the software packages. Choudhury et al. [40] demonstrated the feasibility of this approach
by working with the mechanical design of an epicyclic gear train to find an optimized
set of various input factors for which the stresses are the lowest and, thus, the chances of
tooth failure are reduced. The simulated experiments can use the operating conditions to

203



Energies 2022, 15, 7138

emulate noise effects (prescribed factors in the software) in an outer array, in combination
with an inner array for only control factors (controllable parameters in the simulation).
Hence, the use of the Taguchi method in numerical simulation to assess the contact stress
characteristics of a gerotor pump is the other key contribution in the present research.

The methodology in this work follows three consecutive phases to achieve the goals:
the background of a trochoidal gear set, the verification of the contact stress numerical
simulation, and the Taguchi approach to a gerotor pump. Establishing the right blueprint
is a challenge unique to each phase. The first phase establishes the basic definition of a
trochoidal profile, the function of a gerotor pump, the selected gears from the literature
under study, the geometry generation, and the integration of nomenclature and notation.

The second phase aims to build a solid foundation on which the implementation of
the Finite Element Model (FEM) to evaluate contact stresses is supported by verification.
Hence, a set of simulations, along with their geometries, have been selected and extracted
from the literature, and the fundamental criterion was to be able to reproduce the results
since not all published articles provide the necessary technical data. The objective of this
approach is to reconstruct those simulations and corroborate the validity of the results
within reasonable bounds.

Once the outcomes are verified, the last phase involves a sequential simulation-based
design strategy of four Taguchi experiments turning out 128 numerical simulations: from
the screening case with two levels and seven parameters up to multiple levels and four
parameters with three noise factors. This innovative approach to the Taguchi method is the
study of the contact stress by using a software package that is feasible to emulate noise ef-
fects as input operating data for a set of gerotor geometries that have in common a constant
volumetric capacity and dimensional constraints. Hence, the outer noise (environmental-
related, such as temperature) and inner noise (function-related, such as torque and friction
coefficient) retain significance with the noise effects of the Taguchi method.

This paper endeavors to prove the reliability of the proposed methodology to predict
optimum settings in the geometry of gerotor pumps and be able to find gear sets in
industrial designs. This study looks to formulate its own approach that identifies the most
suitable gear set configuration and predicts the quantifiable performance of a real-working
gerotor pump, taking into account best practices in the design process to guide the designer
to make good decisions in the numerical simulation procedure.

2. Trochoidal Gear Set Background

A trochoidal gear set is a pair of gears, inner/internal and outer/external, with
trochoidal tooth profiles (see Figure 2 and check the Nomenclature section). The two gears
are mated so that each tooth/lobe of the internal gear is always in sliding contact with
a tooth of the external gear, and inter-tooth contact occurs. These points are known as
contact points. The pumping action is generated since the volume trapped between two
consecutive contact points varies, increasing and decreasing with the angular position of
the mated gears. This internal gear pump is well-known as the gerotor pump. For the
sake of simplicity, and because they can be found thoroughly in the literature, theoretical
analysis and formulae are not explicitly presented in this work; as a reference, see work [41].

2.1. Gear Sets under Study

Works from the literature were selected to validate the implemented numerical model.
The main criterion of election was that selected works should contain numerical mechanical
analyses, including an evaluation of the contact stress level. In addition, the researchers
of these selected works ought to have a long and solid career in the mechanical analysis
of trochoidal gear sets and gerotor pumps. Hence, the researchers Ivanović and Biernacki
fulfil more than enough of the above-mentioned selection criteria, and their studies selected
have been [13,14,17,23], respectively. In addition, a reference geometry with theoretical,
numerical, and experimental work is also added to the study [42].
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Figure 2. Basic geometric parameters of the trochoidal gear set.

The codification used in the present study to unify all gear sets follows the same
sequence as Per___: PZXeYYY. X is a figure coding the number of teeth of the outer gear
and YYY are three figures coding the non-decimal eccentricity value of the gear set (the
three digits without the decimal dot). This codification is illustrated in Table 1, along with
supplementary information.

Table 1. Gear sets under study (PZXeYYY, where X is the number of teeth of the outer gear and YYY
are the non-decimal eccentricity value).

Gear Set Researchers’ Work Analysis–Environment Observation

PZ7e377 Biernacki [23] FEM–ABAQUS The keyway is removed

PZ6e356/1375
PZ6e356/1575 Ivanović et al. [14] FEM–CATIA/FEMAP λ’ = 1/λ = 1.375

λ’ = 1/λ = 1.575

PZ9e285 Gamez-Montero et al. [42] FEM–GiD/COMET The shaft hole is
included

MZ9e855 Photoelasticity model Scaled 3:1 of PZ9e285

2.2. Nomenclature and Notation

Nomenclature and notation of the basic geometric parameters are not standardized,
and each researcher uses their own. The present study works with the GeroLAB nota-
tion [43], then the researchers’ geometries under analysis are contextualized in this specific
nomenclature and presented in Table 2.

2.3. Geometry Generation

Once basic geometrical parameters are decoded, as presented in Table 2, the full set
of trochoidal gears has to be generated. The well-known formulae for calculating the
trochoidal profiles of a gear set can be used by introducing these geometrical parameters
into specialized free software, such as GeroLAB (Terrassa, Spain) [44], which will calculate
and provide the technical drawings in CAD format. By importing the drawing into CAD
software (Vélizy-Villacoublay, France), a planar body of the geometry is created and
modified with the appropriate operations, such as splitting, adding, and assembling, to be
able to be imported into a mechanical simulation software.
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Table 2. Geometrical and technical parameters of gear sets (please refer to Nomenclature section and
Figure 2).

Input Gear Set
Variable/

Parameter
PZ7e377

PZ6e356/1375
PZ6e356/1575

PZ9e285 MZ9e885

GeroLAB 3:1 (PZ9e285)
Z [-] 7 6 9

e [mm] 3.77 3.56 2.85

S [mm] 11.11 9.79 (/1375)
14.06 (/1575) 10.85

DeRi [mm] 53.24 46.28 65.45
G [mm] 30.50 26.94 35.80
rc [mm] 0 0 0
H [mm] 10.40 16.46 9.25

Geometrical 3:1 (PZ9e285)
wc [mm] 7.0 4.1 4.2

Dc (O2) [mm] 75 62 80
ds (O1) [mm] 25 16 44

Material properties POM * Steel Sintered metallic
powder Epoxy

Young’s module [GPa] 3 200 115 3
Density [kg/m3] 1410 - 6800 1160

Poisson’s coefficient [-] 0.43 0.30 0.25 0.35
Friction coefficient, μ [-] 0.40 0.40 0.40 0.30

Torque, T [N·m] 7.16 0.621 (/1375)
0.632 (/1575) 18.75 37.5

* Polyoxymethylene.

3. Verification of Contact Stress Numerical Simulation

3.1. Numerical Model Definition

Two main series of numerical simulations are considered. The first one is aimed at
validating the implemented Finite Element Model (FEM) and consists of simulating real
cases of gerotor systems published in the literature, which include mechanical data. The
second series is aimed at analyzing the influence of different parameters according to the
Taguchi method.

All simulations are run in ANSYS® 19.2R (Canonsburg, PA, USA). This general-
purpose software environment was selected because of its wide availability among prac-
titioners and also because most of the definitions in terms of mechanical description are
analogous and comparable to those of other FEM simulation packages. Moreover, the mul-
tiphysics capability of ANSYS® would allow future enhancement of the model applicability
including fluid or thermal transitive simulations, although these steps are far beyond the
aim of the current research. In addition, many other researchers have used this software
package to study gear contact stresses before, such as Ram Kumar et al. [45], Karthick et.
Al. [46], Benaïcha et al. [47], Rao [48], Lahtivirta and Lehtovaara [49], or Lisle et al. [50].
The most relevant information about the implemented numerical models is described in
the following subsections.

3.1.1. Geometry and Material Properties

The geometry in all cases consists of two parts: the internal and the external gear. For
every reference case, two angular positions of the gear sets are simulated: 00 and 250. One
additional case at 400 is considered for the PZ9e285 case. The keyway is not allocated in
any geometry. Hence, since two specific positions in the gear set are only required, the
Static Structural module is the most suitable selection.
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Despite the fact that all the simulations chosen from the literature share common
characteristics, two of them are computed with a 3D geometry. On the one hand, the
specific reasons why these researchers decided to implement 3D are unknown. On the
other hand, although these simulations were run in 3D, the results are shown in 2D, in the
front plane of the gear sets. Then, this fact endorsed the decision to assume a 2D plain stress
hypothesis with gear thickness as input data in this study. Two main advantages are added:
the remarkable diminution of mesh elements and the contact definition as edge–edge and
not surface–surface, which helps the program to be more precise.

For all simulations, isotropic linear elastic material is considered. Thus, the only
properties required for the numerical simulation are Young’s modulus and Poisson’s and
friction coefficients (see Table 2).

3.1.2. Loads, Contacts, and Boundary Conditions

The boundary conditions consist of fixing the edge of the external diameter of the exter-
nal gear and imposing a restrained and fixed displacement on the edge of the shaft hole of
the internal gear, while allowing its rotation. The load is performed by a counter-clockwise
torque applied on the edge of the shaft hole of the internal gear. For the validation cases, the
value of the torque is set according to the corresponding reference in the researchers’ works.

Finally, contacts are described as frictional through the friction coefficient definition.
All contacts are set between the specific edges of the teeth (internal and external) in in-
teraction. Thus, it is required to divide the continuous internal and external edges in the
trochoidal tooth profiles into as many parts as the corresponding number of teeth. This
definition is essential to correctly set the contact areas to allow an independent analysis of
the several contact points at the same time between gears: the quasi-static condition.

Using frictional contact rather than frictionless is preferred because it more accurately
denotes real cases and allows one to study the possible life-long variation of the friction
coefficient as an external factor on the contact stress, which is addressed later. Frictional
contacts [5,51] and frictionless contacts [49,50] are both previously used by other researchers
in gear contact studies.

3.1.3. Elements and Mesh

PLANE183 elements are used to mesh both internal and external gears. CONTA172
and TARGE169 elements are used to define the contacts. The average size of the mesh
is 5 mm. This dimension is reduced to an edge sizing of 1 mm near the contact areas by
imposing this seeding distance on the edges that define the contacts. Since the goal is
to validate the model by obtaining results akin to the researchers’ work, an equivalent
configuration must be used. The quality of the mesh is checked with the orthogonal quality
indicator, with an average value of over 0.9, and also with the skewness indicator, with
an average value of below 0.3, for all cases. Those indicators fulfilled the recommended
quality mesh requirements in [52].

3.1.4. Analysis

The full Newton–Raphson solution procedure is employed to perform the implicit
calculation of the implemented non-linear model. Average solution time is approximately
ten minutes in an Intel® Core ™ i7-9700 K CPU @ 3.60 GHz with 16 GB RAM memory.

The use of equivalent von Mises stress is widely accepted and used in several research
studies [45–48], although some of the research [51] points out that von Mises stress values
could be approximately one half of the theoretical Hertz contact stress. In any case, the
proposed model is validated through comparison with other accepted models that used
von Mises’s stress. Finally, the influence of the analyzed parameters is also studied in
terms of maximum von Mises’s stress at contacts, being mostly a comparative than a
quantitative analysis.
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3.2. Simulation Results: Validation and Discussion

The FEM validation aims to assess the recreated authors’ results from the researchers’
works aforementioned. If the validation is positive, meaning that the values obtained with
the simulations match those published within reasonable bounds, the methodology will
prove to be valid for future simulations using the same model applied up to here.

The maximum equivalent von Mises stress among all contact zones is the variable for
comparison with reference stresses. Figure 3 graphically gathers authors’ FEM results of
maximum contact stress in each gear set from researchers’ works at two angular positions,
0◦ and 25◦ (the angular position of each gear set in the researcher’s reference). A worthwhile
comparison of results could have come from the deformation performance of the gear sets.
However, limited information is available in the available literature and, consequently, it
was decided to concentrate on contact stress results, which are the ultimate goal.

 

Figure 3. Authors’ FEM results of maximum contact stress [MPa] in each gear set from researchers’
works at 0◦ and 25◦ angular positions. (The commas in this specific figure represents decimal dots.
For interpretation of the references to color in this figure legend, the reader is referred to the Web
version of this article.).
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For the PZ9e285(25◦) case, the mesh convergence analysis was performed obtaining
the results plotted in Figure 4. The figure shows a clear contact stress value trend when
reducing the contact edge sizing from 5 mm (11.5% variation) to 2 mm and from 2 mm (0.4%
variation) to 1 mm. However, for smaller mesh sizes (0.50 mm and 0.25 mm), local stress
concentration effects were observed to increase the maximum contact stress in a fictitious
way. Thus, 2 mm edge size was precise enough to carry out the research, but 1 mm was
chosen because it was more precise and was not a significantly greater calculation effort
than the 2 mm case. For a 1 mm mesh size case, the PZ9e285 model included 7164 nodes,
2218 2D elements, and 420 contact elements.

Figure 4. Mesh convergence analysis of PZ9e285(25◦) case.

The main results of the nine simulations are summarized in Figure 5. When researchers’
and authors’ results are contrasted at the maximum contact stress, a 9% average error is
obtained when the PZ9e285(0◦) is not included (this specific angular position of this gear set
shows an unexpected value, and it is considered an outlier because clear stress concentration
effects were detected in this case. In fact, a 40◦ position was also simulated to check the
stability of the PZ9e285 case and to overcome this limitation). Since there is a restricted
amount of available information about mechanical stresses in gerotors, this accuracy is
judged to be adequate to validate the implemented model for describing the mechanical
response of gerotor sets.

 

Figure 5. Results comparison Researchers vs. Authors, relative error [%] in maximum contact stress
[MPa] and contact point (Pk) of maximum contact stress in each gear set for corresponding angular
position in brackets (degree ◦).
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With regard to the location of the contact point at maximum stress, two clear tendencies
can be pointed out:

• Maximum volume chamber position corresponding to PZ7e377(25◦), PZ6e356/1375(0◦),
PZ6e356/1575(0◦), and PZ9e285(0◦). The location of the contact point at maximum
stress is Pk2 for all gear sets, according to researchers’ and authors’ results. (Note:
PZ7e377(25◦) gear set in reference [17] does not provide an exact value but it can be
gathered from the graphical figures);

• Minimum volume chamber position corresponding to PZ7e377(0◦), PZ6e356/1375(25◦),
PZ6e356/1575(25◦), PZ9e285(25◦), and MZ9e885(25◦). The location of the contact point
at maximum stress are Pk and Pki + 1 for all results, researchers’ and author’s, respec-
tively. The exceptions are PZ7e377(0◦) and MZ9e885(25◦).

Hence, it reveals the importance of having either an odd or even number of external
gear teeth in the set-up of the simulation. In addition, the impossibility of simulating exactly
the same geometries as the researchers must be remembered, as does how the unnecessary
parts of the original geometry were neglected, such as the keyway in the shaft hole.

From these results, the plausibility of the proposed FEM model of the authors is
sustained, as well as providing an opening for making progress toward the Taguchi ap-
proach. This decision is also justified by the fact that the final purpose of the implemented
model is to study the significance and influence of the different design and environmental
variables on the contact stress level more than providing a completely accurate result of the
stress value.

4. The Taguchi Approach to a Gerotor Pump

The aim of parameter design outlined by Dr. Taguchi is to obtain a gear set that
maximises the safety factor (SF) defined as the ratio between the reference yield strength
of the material and the maximum contact stress. This gear set will be pursuing a twofold
goal of (i) detaching the linkage of contact stress with volumetric capacity and dimensional
constraints and (ii) enhancing the quality of contact stress assessment without controlling
or removing the cause of variation contributed to by the numerical simulation’s input
settings to generate robust FEM results against noise effects. This approach is an iterative
process that will be carried out sequentially in four experiments. The means to achieve a
certain average contact stress will not be addressed. The Minitab® 19 software package
(State College, PA, USA) complements the data processing.

4.1. The Volumetric Capacity Target and the Dimensional Constraints of the Gerotor Pump

Volumetric characteristics and contact stress performance of a gerotor pump are linked
by the geometric parameters [53]. Then, in order to soften this link, the contact stress, the
volumetric capacity, and several dimensional constraints of the gerotor pump are fixed
constants in each gear set for all experiments as follows:

• The PZ9e285 gear set is the chosen prototypical gerotor because it is well-known by
the authors regarding, among others, its fluid dynamic performance [54];

• The benchmark gerotor is named D80d40cv1 and the parameters to keep constant are
summarized in Table 3 and depicted in Figure 6 based on [55];

• The material properties remain unchangeable in all the experiments: Young’s module,
density, and Poisson’s coefficient of the PZ9e285 gear set (refer to Table 2);

• The shaft keyway is designed with dimensions Ls = 30 mm (parallel 0.75·ds) shown in
Figure 6 as in [55];

• Two specific angular positions as working functions will be under the study: Tip-to-Tip
(T2T) and Valley-to-Tip (V2T), both depicted in Figure 6. The V2T corresponds to the
maximum volume chamber and the T2T corresponds to the minimum volume chamber.
This labeling presumes to enhance the comprehension of the contact points’ action;

• The geometries and the analytical values of volumetric capacity and flow irregularity
of each experimental gear set are provided by using GeroLAB [43,44].
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Table 3. D80d40cv1 benchmark gerotor. (Please refer to Nomenclature section and Figure 2).

Parameter Value Significance/Target

cv,H = cv/H [cc/(rev·mm)] 1 Volumetric capacity/Flow rate
Dc [mm] 80 Housing/Dimensional constraint

ds [mm] 40
Internal diameter located in the inner

gear to accommodate the
shaft/Through-shaft application

H [mm] 9.25 Casing/Dimensional constraint

 
Figure 6. The benchmark gerotor in working function: the Tip-to-Tip (T2T) position (left) and the
Valley-to-Tip (V2T) position (right), the shaft keyway (‘yes’ shaft keyway, left) and the shaft hole
without keyway (‘no’ shaft keyway, right).

4.2. The Taguchi Method: The Designed Experiments

The designed experiments by the Taguchi approach will follow these specific features:

• The number of control factors. The number of parameters is chosen based on the
trochoidal gear profile (Z, e, S), external gear (rc, wc), and working function (reference
position RP, shaft keyway SK);

• The number of levels. The levels of each parameter are chosen to be significant in
the study, from the benchmark gerotor, the literature, the previously presented FEM
validation, and the authors’ know-how. In addition, all level combinations have to
accomplish the feasible geometry of a trochoidal gear set practicable to be generated
with GeroLAB, which has become a challenging task. The number of levels is selected
as the Taguchi approach is going forward, from two-levels to a mixed-level design;

• The noise factors. The mechanical operating conditions of the gear pump are described
by three factors: material temperature (θ), torque (T), and material friction coefficient
(μ), which can be tuned by surface modification methods [56,57]. The designed
experiments can use these operating conditions as the input of FEM conditions as
prescribed by an outer array only for noise factors (T, μ and θ);

• Improve the quality of contact stress assessment. The goal of the experiments is to
maximize the safety factor (SF) as the response of the signal-to-noise ratio (S/N) set to
Higher-is-Better (HB) where:

HB S/N = −10 log

(
1
n

n

∑
i=1

1
y2

i

)

where n = the number of tests in a trial (number of repetitions regardless of noise
levels) and yi = each observed value (data points). In all cases, the target is to maximize
the HB S/N ratio. The development of a family of matrices based on orthogonal arrays
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(OA) and the signal-to-noise (S/N) definition as an indicator of the ratio of the mean
to the standard deviation are great contributions of the Taguchi method. As a result,
they will be used to evaluate and discuss the results of each Taguchi experiment:

• Statistical treatment. In all experiments, the significance (alpha) level was set as 0.05,
and means and standard deviation were calculated for all volumetric capacities. The
p-value inferior to alpha concludes that there is a statistically significant association
between the response characteristic and the term. The p-value between the significance
levels of 0.05 and 0.1 can be used for evaluating terms, and it can be considered with
practical significance. A higher p-value will conclude that there were no statistically
significant differences observed.

4.3. First Taguchi Experiment: The Screening Case

The first round, referred to as the screening case, is used to find the few important,
influential factors out of the many possible factors involved with a process design. The
recommended strategy is to start with the smallest orthogonal array that will accommodate
the typically large number of actors under simultaneous evaluation at two levels.

Hence, the L8(27) OA inner array with a resolution number of 1-low (A and B x C
are in the same column) without noise factors is selected and presented in Table 4. The
resolution number is a measure of the amount of confounding in a column [33]. As the
assignment of factors is to all columns, unavoidably, many interactions are confounded
(mixed) with the main effects. This is the major compromise of using fractional factorial
experiments: by reducing the number of tests, some information must be surrendered.

Table 4. The parameter design table of the screening case of the first Taguchi experiment. (Please
refer to Nomenclature section and Figure 2).

8 gear sets in common
Vol. capacity target:
Dimensional constraints:
FEM conditions:

cv,H = 1 cc·rev−1·mm−1 (0.093), mean (standard deviation)
Dc = 80 mm; ds = 40 mm; H = 9.25 mm
T = 18.75 N·m; μ = 0.4; θ = 20◦

L8 OA inner array
(control factors) A B C D E F G

Factor parameter
(column)
Trial gear set::Taguchi experiment
(row)

Z e
[mm]

Reference
position (RP)

(Figure 6)

S
[mm]

rc
[mm]

Shaft
keyway

(SK)
(Figure 6)

wc
[mm]

1::1 8 2.50 T2T 5.86 0.0 No 3.0
2::1 8 2.50 T2T 13.96 3.0 Yes 6.0
3::1 8 2.97 V2T 5.86 0.0 Yes 6.0
4::1 8 2.97 V2T 13.96 3.0 No 3.0
5::1 9 2.50 V2T 5.86 3.0 No 6.0
6::1 9 2.50 V2T 13.96 0.0 Yes 3.0
7::1 9 2.97 T2T 5.86 3.0 Yes 3.0
8::1 9 2.97 T2T 13.96 0.0 No 6.0

The meaning of each number in the OA nomenclature L8(27) is: 8 FEM simulations in
this screening case (inner array with 8 gear sets trials, without noise factors, corresponding
to each row in Table 4), 7 factor parameters (Z, e, RP, S, rc, SK, and wc corresponding to
each column in Table 4) and 2 levels (low and high values corresponding to the columns of
the chosen Taguchi OA family in Table 4). In addition, the table head of Table 4 indicates
the volumetric capacity target and the dimensional constraints to remain constant in the
gerotor pump, together with the FEM conditions used in the simulation.

The meaning of OA nomenclature and the arrangement of Table 4 will be retained for
all incoming Taguchi experiments.

By the inspection of Figure 7, an even number of teeth produces a higher maximum
contact stress in all gear sets, with the exception of the 5:1 gear set owing to the selected
reference position. The location of the contact point in the second tooth prevails in five
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out of eight cases. The 8::1 gear set shows the minimum value of contact stress, which
is almost half of the 4::1 gear set, indicating the significance of the geometry and the
reference position.

 
Figure 7. Results of FEM maximum contact stress [MPa], GeroLAB flow irregularity [%], and contact
point (Pk) of maximum contact stress in each gear set for the first Taguchi experiment (see Table 4).

Figure 8 illustrates the main effects plot for the screening case. The true critical
characteristics (control factors) must be identified and minimized in number. This graphic
aids in a better picture of the importance of the chosen control parameters. The larger
the vertical increment between the two levels and the higher the slope in each factor, the
more emphasis is placed on this parameter: the larger the HB S/N ratio, the better. The
figure indicates that the parameters Z, RP, and rc are the strength factors. Conversely, the
parameter wc, with a behavior almost horizontal between the two levels, is the first factor
to be discarded, together with the parameter SK.

 

Figure 8. Main effects plot for the first Taguchi experiment (see Table 4).
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Obviously, the resolution is low in the first round of experiments (a small fractional
factorial) and it will progress to higher-resolution experiments (a large fractional or full
factorial) as few factors are going to be identified as influential.

In addition, this screening case has mixed geometrical basic parameters to define the
trochoidal gear set, such as Z, e, S, and external gear rc, with working functions, such
as SK and RP, where the former shows less dominance than the latter, and it will be
discarded. Owing to the higher effect of the level ‘Yes’ in the shaft keyway, which is closer
to real working function, all the gear sets in the incoming Taguchi experiments have a
shaft keyway.

4.4. Second Taguchi Experiment: The Two-Levels-Four-Geometric-Basic-Parameters Case and One
Noise Factor

The Taguchi approach to parameter design includes noise factors as related elements
of the process that cannot be controlled or removed as a measure of the robust levels
of the control factors. Thus, from the screening case, working function related to refer-
ence position is going to be used as a non-controlled process noise effect in this second
Taguchi experiment.

L8(24) OA inner array with a resolution number of 2 (A and BxCxD, or AxB and CxD
are in the same column), with one noise factor at the outer array L1 OA. Here, 16 FEM
simulations were carried out in this second Taguchi (8 gear sets trials, 2 working functions
noise factors). This second experiment encompasses less factor parameters (Z, e, S, and rc)
corresponding to each column in Table 5. The outer array accommodates the noise factor at
two levels, T2T and V2T, corresponding to columns N1 and N2 in Table 5.

Table 5. The parameter design table of the second Taguchi experiment. (Please refer to Nomenclature
section and Figure 2).

8 gear sets in common
Vol. capacity target:
Dimensional constraints:
FEM conditions:

cv,H = 0.997 cc·rev−1·mm−1 (0.023), mean (standard deviation)
Dc = 80 mm; ds = 40 mm; H = 9.25 mm; (SK = yes)
T = 18.75 N·m; μ = 0.4; θ = 20◦

L8 OA inner array
(control factors) A B D G

L1 OA
outer array

(noise
factor)

N1 N2

Factor parameter
(column)
Trial gear set::Taguchi experiment
(row)

Z rc
[mm]

S
[mm]

e
[mm]

Reference
position

(Figure 6)
(column)

T2T V2T

1::2 8 0.0 5.86 2.50
2::2 8 0.0 13.96 2.97
3::2 8 3.0 5.86 2.97
4::2 8 3.0 13.96 2.50
5::2 9 0.0 5.86 2.97
6::2 9 0.0 13.96 2.50
7::2 9 3.0 5.86 2.50
8::2 9 3.0 13.96 2.97

As in the case of FEM validation, the corresponding concordances reveal the important
effect of the reference position in the numerical simulation. Comparing the gear set 8:1 in
Figure 7 and the gear set 8:2 in Figure 9, both of them present the lower value of maximum
contact stress with an acceptable value of 3.4% of flow irregularity. Since the 8:2 gear set
uses the reference position as a noise factor to expose the robust levels of the control factors,
these parameters will produce successively better approximations to converge to the sought
gear, which is more suitable regarding contact stresses. Considering the location of contact
points, it stays the same or within a unit difference.
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Figure 9. Results of FEM maximum contact stress [MPa], GeroLAB flow irregularity [%], and contact
point (Pk) of maximum contact stress in each gear set with the working function noise factor for the
second Taguchi experiment (see Table 5).

Since the slope in the graphic is an indicator of the importance of a main effect,
Figure 10 shows that the most dominant factor is the arc radius of the external gear tooth, S.
In addition, this geometrical parameter S is considered with practical significance in the
analysis of variance for HB S/N ratios (p = 0.083).

 

Figure 10. Main effects plot for the second Taguchi experiment (see Table 5).

The mutual dependency between a pair of factors is an interaction of those factors.
The interaction plot of the main effect factors Z and S is constructed by plotting the average
response HB S/N values of each factor level combination and is presented in Figure 11.
The effect of parameter S is estimated to be low since it would depend upon which level
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of parameter Z is being used. Being almost parallel lines is an indication of the absence
of interaction between both factors. In addition, for this experiment, none of the studied
interaction effects are statistically significant.

Figure 11. Interaction plot between Z and S for the second Taguchi experiment (see Table 5).

On the other hand, these results are quite confusing, since it is difficult to accept Z as
having a similar effect as rc in the gear set contact stresses as well as no significant interaction
effect. One might add the well-known opposite effect on the volumetric characteristics of
an even Z value, as it can be seen in the numerals of the flow irregularity in Figure 9. Upon
debating this controversial effect, it is decided to go with a full factorial experiment by
using the main geometric basic parameters: the number of external teeth, Z, the eccentricity,
e, and the arc radius of the external gear tooth, S.

4.5. Third Taguchi Experiment: The Two-Levels-Three-Geometric-Basic-Parameters Case and Three
Noise Factors

As previously mentioned, Taguchi parameter design is used to dampen the effect of
noise, which includes parameters that are either uncountable or are too expensive to control,
by choosing the proper level of control parameters. Then, once more, the question arises:
why bother to assign these noise factors when they cannot be controlled or eliminated? The
main reason, in this work, is related to the numerical simulations: several settings in the
software environment could act as noise since they are associated with input operating
conditions in the FEM simulation.

Then, the strategy is to force noise effects into the numerical simulation with an
experimental layout based on an outer array only for operating conditions: a combination
of outer noise (environmental-related, such as temperature, θ) and inner noise (function-
related, such as torque, T, and friction coefficient, μ). If all of these noise factors were
mixed together in an inner array for control factors, it would be a traditional cause of
detection experiment: this is one of the major contributions of the Taguchi approach to
noise emulation in FEM methodology.

Table 6 illustrates the L8(23) OA inner array with a resolution number of 4-high (full
factorial, all items are in separate columns), with 3 noise factors. Here, 32 FEM simulations
were carried out (8 gear sets trials, 4 FEM conditions noise factors). This third experiment
encompasses three factor parameters (Z, e, and S) corresponding to each column. Owing to
the low effect of rc, it was removed from the inner array, avoiding interactions confounded
with the main effects and gaining resolution. The outer array accommodates the 3 noise
factors at two levels, corresponding to columns N1, N2, N3, and N4 (refer to Table 6).
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Table 6. The parameter design table of the third Taguchi experiment. (Please refer to Nomenclature
section and Figure 2).

8 gear sets in common
Vol. capacity target:
Dimensional constraints:
FEM conditions:

cv,H = 0.997 cc·rev−1·mm−1 (0.023), mean (standard deviation)
Dc = 80 mm; ds = 40 mm; H = 9.25 mm; (SK = yes)
Noise factors

L8 OA inner array
(control factors) A B D

L4 OA
outer
array
(noise

factors)

N1 N2 N3 N4

Factor parameter
(column)
Trial gear set::Taguchi experiment
(row)

Z e
[mm]

S
[mm]

T [N·m]
μ [-]

θ [◦C]
(column)

15.0
0.01
20

22.5
0.50
20

22.5
0.01
40

15.0
0.50
40

1::3 8 2.50 5.86
2::3 8 2.50 13.96
3::3 8 2.97 5.86
4::3 8 2.97 13.96
5::3 9 2.50 5.86
6::3 9 2.50 13.96
7::3 9 2.97 5.86
8::3 9 2.97 13.96

Once this new OA with a high-resolution number has been selected, the factors can
be assigned to the corresponding columns of the inner array and subsequent interaction
columns located. In this new experiment, the interaction of Z and S is again studied
since both have shown main effects in the HB S/N ratio of the previous first and second
experiments.

In Figures 11 and 12, results referring to the third experiment are reported. Figure 12
illustrates an important effect not influenced by the noise FEM conditions: the location of
the maximum contact stress at the same contact point for all operating conditions once the
three geometrical basic parameters are taken into account. It is also worth noting that the
combination of a higher torque and a lower frictional factor results in higher contact stress,
regardless of temperature.

Figure 12. Results of FEM maximum contact stress [MPa], GeroLAB flow irregularity [%], and contact
point (Pk) of maximum contact stress in each gear set with 4 FEM conditions noise factors for the
third Taguchi experiment (see Table 6).
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Figure 13, as previously in Figure 10, shows that the most dominant factor is the arc
radius of the external gear tooth, S, with practical significance in the analysis of variance
for HB S/N ratios (p = 0.080). This is an expected result, since removing the parameter
cutting radius shows its minimal effect. However, the absence of interactions confounded
with the main effects in this full factorial experiment and the inclusion of the operating
conditions reinforces this outcome. Now, the odd number of external gear teeth shows a
dominant effect, and the eccentricity normalises its intrinsic interest and value.

 

Figure 13. Main effects plot for the third Taguchi experiment (see Table 6).

The interaction plot of the main effect factors Z and S is again computed and presented
in Figure 14. The lines’ loss of parallelism and the effect of an odd number value for Z are
indicated, although it is not statistically significant yet. The OA size and the interaction
potential of interest to the experimenter are the key factors; as a general recommendation,
it is preferred to study more factors than to study interactions [33].

 

Figure 14. Interaction plot between Z and S for the second Taguchi experiment (see Table 5).

4.6. Fourth Taguchi Experiment: The Mixed-Level-Design-Case with Three Noise Factors

The last experiment in this iterative process is designed to elucidate the ability of the
Taguchi method to pinpoint the most suitable gear set configuration in front of FEM contact
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stress. With the learning from the previous three Taguchi experiments, it is decided to
complete the study with an OA inner array with four control factors: the trochoidal gear set
parameters (Z, e, and S) and the working function (RP). Note that it is decided to include
the RP in the inner array, since its effects have been shown to be of noticeable importance.
The FEM conditions are kept to the three operating conditions (T,μ and θ) in the outer
array to emulate noise effects. To complete the experiment, one more level is added to the
trochoidal gear set parameters in a mixed-level design case. The Taguchi approach prefers
using three or more levels of design parameters to estimate non-linear effects rather than
two levels of classical DoE [30].

Table 7 illustrates the L18(21–33) mixed-level OA inner array with a resolution num-
ber of 1-low (no specific interaction columns available, except between AxB by using a
specific layout). Here, 72 FEM simulations were carried out (18 gear sets trials, 4 FEM
conditions noise factors). The outer array accommodates the three operating conditions
(environmental-related, θ and function-related, T and μ) at two levels, corresponding to
each column N1, N2, N3, and N4. In this mixed-level design, the parameters of the cutting
radius and the wall width of the external gear are kept constant for the 18 gear sets, and
factor interactions are not studied based on the results of the previous experiments.

Table 7. The parameter design table of the fourth Taguchi experiment. (Please refer to Nomenclature
section and Figure 2).

18 gear sets in common
Vol. capacity target:
Dimensional constraints:
FEM conditions:

cv,H = 0.996 cc·rev−1·mm−1 (0.041), mean (standard deviation)
Dc = 80 mm; ds = 40 mm; H = 9.25 mm; (SK = yes)
Noise factors

L18 OA inner array
(control factors) A B C D

L2 OA
outer
array
(noise
facts)

N1 N2 N3 N4

Factor parameter
(column)
Trial gear set::Taguchi
experiment (row)

Reference
position

(RP)
(Figure 6)

Z S
[mm]

e
[mm]

T
[N·m]
μ [-]

θ [◦C]
(column)

15.0
0.0 **

20

22.5
0.4
20

22.5
0.0 **

40

15.0
0.4
40

1::4 V2T 7 5.8 2.61
2::4 V2T 7 8.0 2.77
3::4 V2T 7 10.4 2.93
4::4 V2T 9 5.8 2.61
5::4 V2T 9 8.0 2.77
6::4 V2T 9 10.4 2.93
7::4 V2T 11 5.8 2.77
8::4 V2T 11 8.0 2.93
9::4 V2T 11 10.4 2.61

10::4 T2T 7 5.8 2.93
11::4 T2T 7 8.0 2.61
12::4 T2T 7 10.4 2.77
13::4 T2T 9 5.8 2.77
14::4 T2T 9 8.0 2.93
15::4 T2T 9 10.4 2.61
16::4 T2T 11 5.8 2.93
17::4 T2T 11 8.0 2.61
18::4 T2T 11 10.4 2.77

** Frictionless.

In Figure 15, the diversity of operating conditions is studied by crossing the inner
array of control parameters by the outer array of noise factors. The slope of the HB S/N
ratios once more illustrates the dominance of the three trochoidal gear set parameters (Z, e,
and S) in front of the working function (RP). In addition, the main effects plots for means
and standard deviations confirm the same tendency.
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Figure 15. Main effects plot for the fourth Taguchi experiment (see Table 7).

The statistical significance for Z and S supports this result. This fourth experiment
shows statistical significance at an alpha level of 0.05 for Z and S, in particular, p = 0.053
and p = 0.050, respectively. Conversely, none of the interaction effects are significant.

For the contact stress experiment, the optimal control factor settings based on the
highest HB S/N have been determined by the inspection of Figure 15. In order to decide
which level is best to maximize the safety factor, the HB S/N ratios at each level (low,
medium, and high) of each factor are compared. Hence, the levels are:

Z = 9 (level 2-medium); S = 10.4 mm (level 3-high); e = 2.93 mm (level 3-high) >>>
Gear set 6::4.

Using the Taguchi approach for parametric design, the predicted optimum settings
correspond to one of the rows of the matrix experiment: the gear set 6::4 in Table 7. In
addition, its flow irregularity is 3%, a good value. (If the predicted optimum settings did
not correspond to one of the rows, as a final step, a confirmation trial would be run). The
reference position has a poor effect as a control factor. These settings maximize the safety
factor for all noise configurations.

Finally, if the three trochoidal gear set parameters of the PZ9e285 gear set in Table 2
are compared with the results of the predicted optimum settings, it shows the reliability of
the methodology since it points out the current geometry of a real-working gerotor pump.

5. Conclusions

In this paper, efforts to prove the reliability of the Taguchi techniques as an effective
simulation-based strategy in the design of numerical simulations to assess contact stresses
in trochoidal gears working in gerotor pumps were presented.

The validity of the Finite Element Model proposed in this paper was first decided
to be proven by means of published results in the literature. The works of Ivanović and
Biernacki, two researchers with long and solid careers in the mechanical analysis of gerotor
pumps, were selected. Nomenclature and notation were integrated and unified for the
research presented in this paper.

The average of the results of the nine simulations showed a discrepancy of 9% in
the maximum contact stress at contact points, an acceptable error taking into account the
available technical data and the limitation of simulating exactly the same geometries as
the researchers. In addition, the location of the contact points was linked in all cases. The
numerical model was verified to be valid within reasonable bounds and it was applied to
the simulations designed by the Taguchi method.
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The Taguchi approach was based on a sequential simulation-based design strategy of
four experiments enabling a manageable number of gear sets. The resulting 128 numerical
simulations accomplished the challenging goal of having the same volumetric capacity and
dimensional constraints (gear thickness, external diameter of external gear, and the internal
diameter of shaft hole located in the inner gear) to disengage contact stress performance
from flow rate and casing. Furthermore, this innovative approach allowed bypassing the
inherent multitude of geometric options in FEM numerical simulations and the ‘black box’
effect in the software input operating conditions, such as environmental-related tempera-
ture and function-related torque and friction coefficient. The progressive simulation-based
planning narrowed down the number of parameters, reducing the solution space, under
operating conditions that emulate noise effects.

Results of contact stress proved the arc radius of the external gear tooth to be the
most dominant parameter. The odd number of external gear teeth was shown to be the
second dominant effect, and the eccentricity demanded its intrinsic interest and value. The
particular values of the statistical significance for both dominant parameters endorsed this
conclusion. However, none of the interaction effects were statistically significant.

In particular, the feasibility of the proposed methodology to pinpoint the most suitable
gear set configuration in front of FEM contact stress and to predict optimum settings in
the geometry of real-working gerotor pumps in industrial designs was demonstrated.
This statement was confirmed by the specific value combination of a trochoidal gear set: 9
external gear teeth, an arc radius of 10.4 mm, and an eccentricity of 2.93 mm. This optimized
contact stress gear set yields to the targeted volumetric capacity of 1 cc·rev−1 per gear
thickness and a proper flow irregularity of 3%.

Promising results are obtained in this approach for enhancing the quality of contact
stress assessment without controlling or removing the cause of variation contributed to by
the numerical simulation’s input settings. Taguchi robust design is an easier approach than
classical optimization. Its accessibility as an open tool to end-users and its methodology
are very much related to real production and products in industry, quality, and costs. This
study has formulated its own approach in the field, assisting the numerical simulation
procedure in the design process and leading to the gear set configuration of a real-working
gerotor pump.

Regarding future work on the research presented in this paper, the next step will be to
identify the control factors that move the mean to a pre-established contact stress target
and predict the average response for each combination of control factor settings using the
model for the response to the signal-to-noise ratio.
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Nomenclature

cv Volumetric capacity/displacement
cv,H Volumetric capacity/displacement per gear thickness
DeRi External diameter of internal gear (DeRi = 2·ReRi)
ds Shaft hole, internal diameter located in the inner gear
Dc External diameter of external gear
e Eccentricity (centre distance)
G Radius of circle to complete external gear
H Gear thickness
Ls Shaft keyway length
O1 Inner/internal gear centre
O2 Outer/external gear centre
Pk Contact point
rc Cutting radius
r1 Inner pitch circle
r2 Outer pitch circle
R2 Distance O2Ps
S Arc radius of the external gear tooth
T Torque
wc Wall width of the external gear
Z, (Z − 1) Number external (internal) teeth
λ Tooth profile height correction coefficient (λ = r2/R2)
μ Friction coefficient
θ Temperature
υ Equidistant index (υ = S·Z/R2)
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12. Ivanović, L.; Devedžić, G.; Mirić, N.; Ćuković, S. Analysis of forces and moments in gerotor pumps. Proc. Inst. Mech. Eng. C 2010,

224, 2257–2269. [CrossRef]
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Abstract: Digital hydraulic drives are known for their superior efficiency, power density, and ro-
bustness. Such advantages make them an attractive alternative (to electric drives) for actuation of
exoskeleton devices. This work presents development of a prototype for such a digital hydraulically
driven knee exoskeleton and its experimental testing. The device uses two miniature hydraulic
cylinders and a novel mechanism to translate the linear motion to rotary motion. The device is
controlled via a passive control method in the stance phase and a simplified model predictive control
method in the swing phase. In this work, the design of the exoskeleton device is optimized with
respect to compactness and weight. Next, the features of the design are further refined to ensure
that the device is able to support the operational loads. This design is then realized into a prototype
with a mixture of inhouse manufactured parts and procured components. Finally, via experimental
tests, the performance of the design and the control strategy are investigated. Certain drawbacks
related to valve size and overall weight are observed in the prototype, which will be addressed in
future studies.
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1. Introduction

Exoskeletons are wearable devices that augment the physical strength of their wearers.
Such devices are used in a wide variety of applications. The medical application constitutes
rehabilitation of the motion and strength of the limbs of patients suffering from limb injuries
and post-stroke gait dysfunction [1,2]. Furthermore, exoskeletons are used by industry
workers to help them in lifting heavy objects and performing strenuous activities without
risking fatigue and injuries [3]. Soldiers, firefighters, and rescue workers can also benefit
from exoskeletons for these reasons [4,5].

Exoskeleton devices of different types and capabilities have been developed by both
researchers and industries in the past. A systematic review of past exoskeletons can
be found in [6]. This reference as well as an internal literature survey by the authors’
research group [7] reveal that most of the powered exoskeleton devices being researched
and available in the market are electro-mechanically driven.

However, hydraulic drives offer key advantages compared to electro-mechanical
drives that can make them a better alternative drive technology for powered exoskeletons.
Hydraulic drives are power-dense, which can allow a significant reduction in the mass
and space occupied by the exoskeleton device. Moreover, hydraulic drives can be easily
configured for energy recuperation functionality, which improves the efficiency of the
drive, thus allowing a reduction in the size of the power source. Furthermore, hydraulic
drives facilitate motion locking without power supply. Finally, damped motion is easily
achievable with hydraulic drives, which allows for smooth and natural motion patterns.

Nevertheless, a number of challenges have prevented hydraulically driven exoskele-
tons from dominating the exoskeleton market. First, novel hydro-mechanical designs need
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to be developed that allow integration of the hydraulic drive in the exoskeleton device
in a compact fashion. Second, miniature hydraulic components are needed to assemble a
compact lightweight hydraulic drive. Third, fast and efficient control strategies appropriate
for the hydraulic drives are needed for actuation of the exoskeleton. Last but not least,
the image of hydraulics as a big, heavy, and obsolete technology needs revamping, which,
until now, has prevented most researchers from pursuing hydraulic drives as an option for
exoskeleton actuation.

One of the earliest hydraulically driven exoskeletons was the Berkeley Lower Extrem-
ity Exoskeleton (BLEEX), developed at the University of California, Berkeley [8–10]. This
exoskeleton augmented the power at the hip, knee, and ankle joints. Further improvements
led to development of exoskeleton devices ExoHiker and ExoClimber, which were claimed
to be more comfortable to the wearers [11]. Around the same time, the company Sarcos
unveiled its full-body exoskeleton XOS for military applications [12]. While BLEEX used
linear hydraulic actuators and mechanisms for motion transformation, XOS used rotary
actuators directly at the limb joints [13]. Recent works on hydraulically driven exoskeletons
have focused on the control methods [14–17], development of compact hydraulic power
units [18], and alternate working fluids [19]. However, a key limitation of these exoskeleton
devices is that they use traditional servovalve-based resistance control, which is known for
its poor efficiency. To overcome this limitation of traditional hydraulic systems, Kaminaga
et al. proposed electro-hydraulic systems for actuation of joints in humanoid robots [20]
followed by knee exoskeletons [21]. The design and control was focused particularly on
achieving enhanced back-drivability [22]. The knee joint power assist exoskeleton devel-
oped by them used rotary actuators (vane motors) at the knee joint [23,24] and consisted
of additional passive joints to allow secondary knee movements [25]. However, usage of
hydraulic motors presents the challenges of internal leakages (leading to efficiency and
controllability concerns) and low compactness. Therefore, recently, Lee et al. [26] and Jiang
et al. [27] have explored electro-hydraulic systems with hydraulic cylinders instead of hy-
draulic motors for actuation of exoskeleton devices. In their recent knee exoskeleton design,
Lee et al. [28] added a multi-axial structure at the knee joint to minimize misalignments.
Last, Sun et al. [29] proposed a lightweight electrohydrostatic actuator (LEHA) for knee
exoskeletons where they eliminated some accessory components of traditional EHA and
custom-designed components to reduce the weight and volume of their exoskeleton device.

In recent decades, digital hydraulics has emerged as an innovative technology that
promises several advantages compared to the traditional hydraulics technologies in terms
of high force and power density, reliability, robustness, and inexpensiveness [30]. These
advantages make digital hydraulics an ideal candidate for actuation of exoskeleton devices,
where compactness and robustness of the drive, lightness of the power source, and precision
of motion are key requirements. The leg exoskeleton developed by Cao et al. [31], which
used switching control, can be considered as the earliest implementation of digital hydraulic
concepts in the exoskeleton devices.

In recent years, the authors’ research group has made efforts to leverage the afore-
mentioned advantages of digital hydraulics in development of lower limb exoskeleton
devices. In 2017, the first design of a digital hydraulically driven knee exoskeleton was
proposed [7,32]. This exoskeleton consisted of a digital hydraulic cylinder driving the
knee joint via a four-bar linkage mechanism. A key limitation of this design was the need
of multi-chamber cylinders to realize the digital cylinder, which are known to be expen-
sive. In 2021, the authors proposed a novel design of knee exoskeleton that consists of a
unique mechanism to enable digital actuation of the exoskeleton with two simple hydraulic
cylinders instead of a multi-chamber cylinder [33].

In the work presented in this article, the authors move towards realization of the
aforementioned exoskeleton design. The design is first optimized with respect to its size
and weight. Next, refined designs of each of the parts are developed, with a focus on their
load carrying capabilities. Afterwards, a prototype of the exoskeleton device based on
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this design is fabricated. Finally, experimental studies are conducted to investigate the
performance of the device and the control strategy proposed by the authors elsewhere [34].

Overall, this article showcases successful realization of the concept of digital hy-
draulically driven exoskeletons. It presents to the research community and industry a
power-dense hydraulic alternative to the electromechanically driven exoskeletons. Further-
more, this work brings digital hydraulics technology (and with it, its several advantages)
into the field of hydraulically driven exoskeletons.

This article is divided into eight sections including this introductory section. The
design of the knee exoskeleton device is presented in Section 2. Section 3 presents the
details of the design optimization study. The information related to prototype develop-
ment is presented in Section 4. The control strategy proposed by the authors is briefly
presented in Section 5. The experimental tests and the results are described in Section 6.
Section 7 presents a discussion of the work presented in this article in relation to past works.
Finally, the key conclusions of this work are provided in Section 8.

2. Knee Exoskeleton Design

The knee exoskeleton design conceived by the authors is shown in Figure 1. The
design consists of the thigh and shank parts, which are attachable to the corresponding
limb parts of a human. The parts are connected via a revolute joint at the knee. Motion
actuation is performed by two mechanisms, each consisting of a hydraulic cylinder and a
connecting rod. The joint between the cylinder rod and connecting rod for each mechanism
contains a guide pin that is constrained to move along a curved path. This path is present
in the form of grooves on the guide plates. There are two guide plates on either side of
the mechanisms to support the guide pins (the front guide plate is hidden in Figure 1).
The geometric feature of the guide curve (along with the length of the linkages in the
mechanisms) dictates the transmission ratios of the mechanisms (Section 2.2).

Figure 1. Knee exoskeleton attached to the human leg (left); details of the exoskeleton design and the
digital hydraulic drive (right).

2.1. Hydraulic Drive

As shown in Figure 1, the digital hydraulic system driving the exoskeleton device
consists of a pressure source, tank, digital valves (highlighted in yellow), and two hydraulic
cylinders. The digital 2/2-way valves connect each cylinder chamber to the pressure source
and tank.
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There are eight 2/2-way valves in the hydraulic drive, and each valve can have two
possible positions (on and off). Thus, the drive has 16 unique valve configurations, as
illustrated in Figure 2.

Figure 2. Valve positions for 16 unique valve configurations.

2.2. Transmission Ratio

The transmission ratio of a mechanism (TR) is defined as the ratio of the linear motion
of the pistons in the cylinders and the angular motion of the knee joint:

TR,1,2 =
dz1,2

dψ
, (1)

where z is the piston position in the cylinder and ψ is the knee angle, as indicated in Figure 3.

Figure 3. Illustration of the piston positions (z1, z2), knee angle (ψ), cylinder forces (F1, F2), and knee
torque (M).

The transmission ratio establishes the following relationship between the forces at the
hydraulic cylinders (F) and the torque delivered at the knee joint (M) [33]:

M = TR,1F1 + TR,2F2. (2)

To determine this knee torque requirement, the limb motion dynamics data from
HuMoD database [35] are utilized. The database developed by researchers at TU Darmstadt,
Germany [36] contains the biomechanical measurements (motion of the limb joints during
typical gait cycles) and anthropomorphic parameters (length and mass of the limb parts)
of the test subjects. This information is utilized in a multi-body numerical model of the
human leg developed by the authors (a brief description is present in Appendix A) to
determine the knee torque requirement in a typical gait cycle.

Figure 4a shows the knee angle and knee torque variation over a gait cycle. In the
stance phase (where the foot touches the ground and the leg supports the load of the body),
the knee torque requirement is high (up to 100 Nm). In contrast, in the swing phase (where
the foot is off the ground), the knee torque remains low.
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Figure 4. (a) Knee angle and torque over one gait cycle; (b) knee torque vs. knee angle over multiple
gait cycles; (c) knee torque vs. knee angular speed over multiple gait cycles.

It is further notable from Figure 4b that the knee torque is high for knee angle ψ > 155◦
and remains low for lower knee angles. This allows the mechanisms to be designed such
that their transmission ratios are low for ψ < 155◦ and high for ψ > 155◦ (Figure 5). Low
transmission ratio for the majority of the knee angular span allows a smaller piston stroke
of the hydraulic cylinders (as per Equation (1)), whereas high transmission ratio at peak
torque requirement ensures a low hydraulic force requirement (as per Equation (2)), which
enables using small hydraulic cylinders (in terms of bore size) working at medium pressure
levels (≤200 bar).

Figure 5. Transmission ratios of the two mechanisms.

The relationship between the transmission ratios of the two mechanisms is chosen as:

TR,2 = −0.5TR,1, (3)

with the negative sign indicating the opposite motion of the pistons for a given knee angular
motion. Consequently, the knee torque expression from Equation (2) simplifies to:

M = TR,1F1 − 0.5TR,1F2. (4)

Here, the cylinder force is:
F = pb Ab − pr Ar. (5)

If the area ratio of the cylinders is chosen as:

Ab = 4Ar, (6)
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Equation (4) simplifies to:

M = TR,1 Ab(pb1 − 0.25pr1 − 0.5pb2 + 0.125pr2). (7)

From this expression, the cylinder bore diameter requirement can be determined. In
particular, for the source pressure of 200 bar and the transmission ratio characteristic from
Figure 5, the maximum torque (100 Nm) can be achieved with cylinders of bore diameter
8 mm.

Next, defining the effective force as,

Fe f f =
M

TR,1
, (8)

the following expression is obtained:

Fe f f = Ab(pb1 − 0.25pr1 − 0.5pb2 + 0.125pr2). (9)

For each of the 16 valve configurations shown in Figure 2, each of the pressure terms
in Equation (9) is either equal to the source pressure or the tank pressure. Thus, each valve
configuration corresponds to a unique effective force. Figure 6 shows uniform stepping of
the effective force, which is a direct result of the conditions imposed on the transmission
ratios (Equation (3)) and the area ratios (Equation (6)).

Figure 6. Effective force delivered by the hydraulic drive for different valve configurations.

3. Design Optimization Study

A major requirement of the exoskeleton device is that it should be compact and
lightweight while providing its necessary function. To determine such a compact and
lightweight design of the knee exoskeleton proposed by the authors, a design optimization
study is conducted.

3.1. Objective Functions

For the user’s comfort, it is important that the lateral width of the exoskeleton device
(indicated as w in Figure 7) is as small as possible. In the exoskeleton design, this dimension
is decided by the maximum distance between the guide curves of the two mechanisms.
Thus, the first optimization objective is:

minimize w; w = max|yB1|+ max|yB2|. (10)

where B1 and B2 represent the guide curves of the two mechanisms.
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Figure 7. Illustration of critical geometrical dimensions used in the optimization problem. Inset
shows the angles formed by the cylinder rod and connecting rod with the tangent of the guide curve
at the guide pin.

The second optimization objective is related to loading at the guide curves. As shown
in the inset of Figure 7, the guide curve needs to support the loads from the hydraulic
cylinder and the connecting rod. Supporting higher loads will require thicker plates made
of stronger material, which will lead to an increase in the weight of these plates. Thus,
minimization of the load on the guide plate forms the second objective.

To determine the load on the guide plates and the contact force R, the gait cycle is
divided into discrete time steps. For each time step in a gait cycle, from the knowledge
of the knee torque requirement and the mechanism transmission ratio, the effective force
requirement is determined (Equation (8)). The nearest discrete force level deliverable from
the drive (shown in Figure 6) is chosen and the corresponding force from each cylinder (Fhyd)
is determined. Figure 8 shows the forces for each cylinder, where the four levels of forces
observed are the result of four pressurization cases: (a) pb = 0, pr = pS; (b) pb = pr = 0;
(c) pb = pr = pS; (d) pb = pS, pr = 0.

Figure 8. Force delivered by the hydraulic cylinders to support the required knee torque at different
knee angles: (a) cylinder for mechanism 1; (b) cylinder for mechanism 2.

Next, the contact force at the guide plate is evaluated as:

R = Fhyd(sin γ + cos γ tan α), (11)

where γ and α are the angles that the cylinder and connecting rod form with the tangent to
the guide curve (as illustrated in the inset of Figure 7).

Thus, the second objective function is:

minimize Rmax; Rmax = max(R1, R2). (12)
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3.2. Optimization Variables

The design variables for the optimization study are the dimensions r1, r2, l1, l2, xA1,
yA1, xA2, yA2, θ1, and θ2, as indicated in Figure 7. Table 1 shows the bounds imposed on
these variables in the optimization process. The lower bounds of the crank lengths (r1 and
r2) are set to 20 mm to allow enough space at the knee joint for installation of an angle
sensor (shown in Section 4.4). The lower bounds of the connecting rods (l1 and l2) are set
to 20 mm to allow enough space for realization of the revolute joints at their ends. The
upper bounds of these linkages are set to 60 mm since linkages longer than this will lead to
designs with lateral width (w) much higher than the typical width of the knee.

Table 1. Lower (lb) and upper (ub) bounds of the design variables in the optimization problem.

r1(mm) r2(mm) l1(mm) l2(mm) xA1(mm) yA1(mm) xA2(mm) yA2(mm) θ1(
◦) θ2(◦)

lb 20 20 20 20 180 30 130 30 0 30

ub 60 60 60 60 350 40 300 40 80 190

The distance of each cylinder base mounting from the knee joint (xA1 and xA2) is
influenced by the stroke of that cylinder. The stroke of each cylinder is determined from the
transmission ratio of the respective mechanism and the angular span of the knee joint. For
the knee angle range ψ ∈ [75◦, 180◦], the stroke values of the two cylinders are determined
to be 90 mm and 45 mm. The higher values in the bounds of xA1 and xA2 account for the
extra distance due to the lengths of the cylinder base and cylinder rods in extension. The
y-coordinates of the cylinder base mounting (yA1 and yA2) are limited to [30, 40] mm range.
The lower bound ensures that a realistic mounting of the cylinders on the shank part is
achievable, whereas the higher bound ensures the compactness of the device.

3.3. Optimization Constraints

The following constraints are imposed on the optimization problem:

• The design must satisfy the transmission ratio requirements described in Section 2.2.
• The design must be kinematically feasible for the full range of knee motion.
• During the full range of knee motion, interference between different parts of the

exoskeleton device must be avoided.
• It can be observed that the groove for mechanism 1 has a relatively sharp peak near the

middle. If the curvature of the groove at this peak becomes too high, the knee motion
may experience jerky behavior when the guide pin passes through this region. To
avoid this, the curvature of the groove must be smaller than a certain value (170 m−1

is considered as an appropriate limit).

3.4. Optimization Procedure and Results

The multi-objective optimization problem described in the preceding subsections is
solved using the NSGA II algorithm [37] in MATLAB environment. The initial design
space is populated with 1000 designs and the optimization algorithm is executed for
100 generations.

Figure 9 shows the results obtained from the optimization study in terms of the
approximate pareto-front between the two objectives (minimization of the device width
and minimization of the contact force at the guide plates). The existence of the pareto-
front indicates that there is a clear trade-off between these objectives and no single design
performs the best with respect to both the objectives.
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Figure 9. Approximate pareto-front obtained from the optimization study.

Three designs chosen from the pareto-front are shown in Figure 10. Design A has a
smaller contact force (1.4 kN) but is much larger in size (14 cm width). On the other hand,
design C has a smaller size (9 cm width) but exhibits high contact force (2.8 kN). Design B
is a good compromise between the two extreme designs (Rmax = 1.9 kN , w = 11.6 cm)
and, hence, is chosen in this work. The illustrations of the exoskeleton device in Figures 1,
3, and Figure 7 show this chosen design. The values of the design variables for this design
are reported in Table 2.

Figure 10. Three designs from the pareto-front: (a) design A; (b) design B; (c) design C. Mechanisms
1 and 2 are shown in blue and magenta, respectively. The guide groove profiles are shown in green.
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Table 2. Values of the design variables for the chosen design (design B).

r1(mm) r2(mm) l1(mm) l2(mm) xA1(mm) yA1(mm) xA2(mm) yA2(mm) θ1(
◦) θ2(◦)

38.9 29.6 48.7 30.2 281.7 31.3 210.0 30.0 55.4 174.2

It is notable that the inverse relationship between the device size and contact force in
Figure 9 is the result of the fact that, as the size of the device is reduced, the angle between
the connecting rod and guide groove (α in Figure 7) needs to increase, resulting in the
increase in the contact force at the guide groove. This observation is illustrated for the
three designs in Figure 10, where the value of α for the highest knee angle configuration
is reported.

4. Prototype Development

The exoskeleton design chosen from the optimization study in the previous section is
realized in the form of a prototype. In the following subsections, key details related to the
development/procurement of each component of the prototype and its integration in the
prototype are presented.

4.1. Hydraulic Cylinders

The miniature hydraulic cylinders are obtained from HAWE Micro Fluid GmbH [38].
As shown in Figure 11, the cylinder design is based on the twin-tube principle, which
allows location of both bore and rod side chamber ports at the cylinder base. The annular
region between the outer and inner tubes allows fluid flow between the rod side chamber
and the cylinder base.

Figure 11. Sectioned view of the hydraulic cylinder from HAWE, illustrating the twin-tube design
and the internal flow channels.

The strokes of the cylinders are 90 mm and 45 mm, which fulfils the requirements
of the exoskeleton design. The bore and rod diameter of the cylinders are 8 mm and
6 mm, respectively, resulting in the area ratio of 2.29:1. As this cylinder is an off-the-shelf
component from HAWE, the desired area ratio of 4:1 could not be fulfilled. This results in
non-uniformity of the force steps deliverable by the hydraulic drive. This non-uniformity is
visible in Figure 12, which shows the forces for different valve configurations. The interpre-
tation of each valve configuration in terms of the state of pressurization/depressurization
of each of the cylinder chambers is illustrated in Table 3. From Figure 12, the force step
non-uniformity is moderate and, thus, is tolerable for the sake of the first prototype.
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Figure 12. Effective force for different valve configurations using HAWE cylinders.

Table 3. Cylinder chamber state for different valve configurations (u). Vb1/2 and Vr1/2 are the
bore and rod side chambers of cylinder 1/2. Chamber state of 1 and 0 indicate pressurized and
depressurized, respectively.

u 1 2 3 4 5 6 7 8 9 10 11 12 13 14 15 16

Vb1 0 0 0 0 0 0 0 1 0 1 1 1 1 1 1 1

Vr1 1 1 0 1 0 1 0 1 0 1 0 1 0 1 0 0

Vb2 1 1 1 0 1 0 0 1 0 1 1 0 1 0 0 0

Vr2 0 1 0 0 1 1 0 0 1 1 0 0 1 1 0 1

4.2. Linkage Parts and Guide Plates

In the mechanical design of the exoskeleton device, the thigh part, the shank part, and
the hydraulic cylinders are aligned on the same plane (referred to as the central plane in
Figure 13). This prevents the rise of any lateral moment during exoskeleton operation.

Figure 13. Illustration of the central plane and coplanarity of different linkages: (a) tilted view of
the design; (b) bottom view of the design indicating the coplanarity of the thigh (magenta), cylinder
(grey), and shank (blue) parts.

To link these coplanar cylinder rod and shank parts, the connecting rod part is realized
via two individual parts that are interconnected via spacer elements (Figure 14). Similarly,
there are two guide plates that are interconnected via spacer elements (Figure 13). On the
upper side (mechanism 2 side) of the device, there are two such connections. In contrast,
the lower side (mechanism 1 side) has only one interconnection due to the space constraint
arising from the presence of the shank part on this side.
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Figure 14. Realization of the connecting rod linkage in the prototype.

To determine the appropriate dimensions of the key loaded parts (i.e., connecting rod
elements, guide plates, and shank) and their material type, stress analyses are conducted
using Finite Element Analysis (FEA) tool in Solidworks Simulation environment [39]. Brief
details of this study are presented in the following subsections.

4.2.1. Connecting Rod Linkage

From the knowledge of the force at the hydraulic cylinder (Figure 8) and the orientation
of the cylinder and the connecting rod (inset of Figure 7), the force experienced by the
connecting rod linkage is determined as:

Fcr = Fhyd
cos γ

cos α
(13)

Figure 15 shows the forces acting on the connecting rod linkages. Higher force level at
higher knee angles is a direct consequence of transmission ratio amplification as well as the
high knee torque demand at these knee angles.

Figure 15. Forces (positive being compressive, negative being tensile) acting on the connecting rod
linkages: (a) mechanism 1; (b) mechanism 2.

From Figure 15 and the fact that the connecting rod linkage is realized via two parts,
the maximum load to be supported by each part is 1.2 kN force in compression and 0.5 kN
force in tension. Figure 16 shows the stress experienced by these parts with 2 mm thickness.
As the stress remains below 200 MPa, using steel E360 material (σYS = 360 MPa) provides
a decent factor of safety (1.8) for prototype purposes.

4.2.2. Guide Plates

The guide plates need to support the load exerted by the guide pins of the two
mechanisms. This contact force evaluation was explained in Section 3.1 (Equation (11)).
Figure 17 shows the variation in these forces with the knee angle. The angle of 161◦ is
the most severe position, where each of the two plates must support 1 kN load at the
groove for mechanism 1 and 0.9 kN load at the groove for mechanism 2. These forces are
acting outwards on the grooves from the knee joint perspective. The inwards forces are
low (0.5 kN on mechanism 1 and 0.4 kN on mechanism 2) and compressive, and, thus, the
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material between the grooves and the knee joint can easily support them. Hence, the stress
analysis is focused mainly on the outward loads.

Figure 16. Stress analysis of the connecting rod elements in (a) compression and (b) tension.

Figure 17. Forces (positive being outwards, negative being inwards) acting on the grooves of the
guide plates: (a) grooves for mechanism 1; (b) grooves for mechanism 2.

Figure 18 shows that the maximum stress experienced by the guide plate is ~150 MPa.
Thus, using steel E360 material (σYS = 360 MPa) provides a decent factor of safety (2.4). Fur-
thermore, the maximum deformation of the guide groove remains below 40 μm (Figure 19),
which is tolerable by the bearing at the guide pin.

4.2.3. Shank Part

The portion of the shank part near the knee joint is critical from the strength per-
spective since there are three linkage connections (connections with the thigh part and
two connecting rods) next to each other. Via an iterative procedure (involving design
modification and stress analysis), the design of the shank part is developed such that it can
handle the stresses involved.
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Figure 18. Stress analysis of the guide plate with the contact force exerted at the location of the guide
pins for the knee angle of 161◦.

Figure 19. Deformation of the guide plate under the forces shown in Figure 18.

The shank part is most stressed at the highest knee torque demand scenario when
connecting rod 1 pushes the shank with a force of 2.3 kN and connecting rod 2 pulls with
the force of 0.9 kN (as per Figure 15). Another scenario where the shank is significantly
stressed is when the torque demand is moderate, but, to match the demand, both cylinders
apply a pushing force. From Equation (4), it can be understood how the difference in the
two high forces scaled by the transmission ratios can match a desired low torque.

Figure 20 shows the chosen design of the shank where the stresses remain below 75 MPa
for both extreme scenarios, and, thus, using aluminum AW 5083 material (σYS =193 MPa)
allows a good factor of safety (2.6).

4.2.4. Bearings

At all the joints, plain bearings from Igus [40] are used. These bearings are made of
special material Iglidur and are known for being extremely wear-resistant, robust, and
self-lubricating [41]. With the compressive strength of 100 MPa, the bearings of appropriate
dimensions manufactured from this material are able to sustain the loads experienced in
the normal operation of the device.

Finally, at the guide pin, to allow the pin to move in the guide curve with little friction,
needle bearings are used. Figure 21 shows the sectioned view of the design to reveal the
bearings used.
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Figure 20. Stress analysis of the shank part: (a) high torque transfer case; (b) high internal force case.

Figure 21. Illustration of the bearings (plain bearings from Igus and needle bearings) used in
the design.

4.3. Valves

The miniature 2/2-way valves were obtained from researchers at Tampere University,
Finland [42]. The eight valves are assembled in a compact fashion in a uniquely designed
valve manifold, as shown in Figure 22. The flow capacity of each valve is 1.2 L/min at the
pressure drop of 35 bar. The flows in the hydraulic drive during actuation of the gait cycle
remain below 0.5 L/min except for one hydraulic line (connecting to the bore chamber
of cylinder 1) in the swing phase, as shown in Figure 23, which goes up to 1.75 L/min.
Thus, it is arguable that the pressure drop in this valve is too high for efficient operation
and a larger valve would be preferable. However, this valve offers a key advantage of
compactness, and such compact valves cannot be found elsewhere in the market.

Figure 22. Valve manifold housing eight 2/2-way valves: (a) CAD; (b) procured valve block.
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Figure 23. Flow in and out of the cylinder chambers over a gait cycle.

4.4. Sensors

For the control strategy described later in Section 5, the only information needed
from the exoskeleton device is the knee angle. Thus, an angle sensor is integrated into the
exoskeleton device. The hall effect sensor (model ETx25K) from Megatron is chosen due to
its compact size [43]. The sensor’s accuracy of ±1◦ is adequate for the controller’s operation.

Figure 24 shows the integration of this sensor in the device. A magnet holder is
fabricated out of a plastic material that has a circular groove for the sensor magnet. The
magnet is inserted into this groove and then the holder with the magnet is press-fitted
into the joint cover (which rotates with the shank). Next, a sensor holder is fabricated
and mounted to the guide plate. Finally, the sensor is mounted on the sensor holder.
This arrangement ensures a precise distance between the magnet and the sensor, which is
important for sensor’s proper functionality.

Figure 24. Sensor integration into the exoskeleton design.

During the testing phase, the pressure information from the cylinder chambers can be
important. Thus, pressure sensors (AP019 from autosen [44]) are mounted on the cylinder
base, as shown in Figure 24.

5. Exoskeleton Control Strategy

Control of an exoskeleton device depends on the functional requirements of the device.
In this work, the authors consider the use case of patients suffering from paraplegia where
they are unable to control their leg. Thus, the exoskeleton controller makes all the decisions
in a gait cycle without any input from the user. The controller is tasked with following the
characteristics of a typical gait cycle (i.e., track the knee angle observed in a typical gait
cycle) and providing the necessary torque at the knee.
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Two different strategies have been proposed by the authors for different phases in the
gait cycle, a brief description of which is presented in the following subsections (a detailed
description can be found in [34]).

5.1. Passive Control in the Stance Phase

From the typical knee motion characteristics in a gait cycle (Figure 4), it can be observed
that the stance phase involves an inverse linear relationship between knee angle and knee
torque. That is, as the knee angle decreases, the knee torque increases and vice versa. Thus,
the knee motion in the stance phase can be realized via an elastic element in the knee joint.
For the hydraulically driven knee exoskeleton proposed by the authors, the compressibility
of the hydraulic oil can be exploited to achieve this elastic behavior.

As shown in Figure 25, during knee flexion, cylinder chambers Vb1 and Vr2 reduce in
size. Thus, in the stance phase, both valves connecting to each of these chambers are turned
off. As a result, when the knee flexes at the beginning of the stance phase, the hydraulic
oil in these chambers becomes compressed. Consequently, the pressure in the chambers
rises, resulting in an increase in the torque delivered by the drive. The opposite occurs in
the knee extension at the latter part of the stance phase.

Figure 25. The valve configurations to realize the elastic behavior in the stance phase.

To ensure that the pressure in the cylinder chambers remains below their rated pressure
(200 bar) in this elastic operation, extra volumes (Vb1e and Vr2e) are added to the isolated
cylinder chambers.

The size of these volumes can be determined via simple analysis, starting from the
pressure build up equation for a closed volume (consisting of the cylinder chamber of area
A and length z, and the extra volume Ve):

dp
dt

= − K
Ve + Az

A
dz
dt

. (14)

Here, K is the bulk modulus of the fluid. Integrating the equation from the beginning
of the elastic phase (instant a) to the middle of the elastic phase (instant b) and simplifying,
the following expression for Ve is obtained:

Ve =
A
(

zae−
pb−pa

K − zb

)
1 − e−

pb−pa
K

. (15)

From the design of the mechanism, the piston positions (za, zb) in the cylinder at
different knee angles are known. Further, the mechanism is designed so that the cylinder
pressure of 200 bar can supply the necessary peak torque in the stance phase. Thus,
from instant a to b, the pressure should rise from 0 bar to 200 bar, i.e., in Equation (15),
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pb − pa = 200 bar. For a hydraulic fluid with bulk modulus of 14,000 bar, the sizes of these
volumes are determined to be Vb1e =85 mL and Vr2e = 19 mL. However, the presence of air
in the fluid may lower the size requirements of these volumes. In the prototype, the valve
block has additional ports (Figure 22), where these volumes of variable sizes (realized via
appropriate fittings) can be mounted.

5.2. Model Predictive Control in the Swing Phase

In the swing phase, the exoskeleton device needs to track a desired knee motion typical
of a gait cycle. To achieve this, a simplified form of model predictive control is employed.

The control strategy is presented concisely in Figure 26. At time step tn, the controller
uses the information of the current actual knee angle (ψa,n) and the desired knee angle at
the next time step (ψd,n+1) to come up with a path (described by a 3rd order polynomial
curve) to connect the current trajectory and the desired trajectory. This path is shown in
blue in the figure. For this path, the knee angular position, velocity, and acceleration at the
mid time (tm = 0.5(tn + tn+1)) are determined. This information is used in the mechanical
model of limb motion (Appendix A) to determine the required knee torque. Next, from the
transmission ratio information, the effective force requirement from the hydraulic drive
is determined. Finally, a valve configuration (out of 16) is chosen that corresponds to the
nearest digital force deliverable from the drive. This valve configuration is commanded by
the controller at the current time step.

Figure 26. Illustration of the control strategy used in the swing phase of the gait cycle.

6. Experimental Tests

Testing of novel exoskeleton devices is typically carried out in two phases. The first
phase involves testing the operation of the exoskeleton without human in the loop. This
phase is important for safety purposes. Once the motion of the exoskeleton device is found
to be satisfactory and safe, then the second phase of testing is conducted with human
wearing the exoskeleton device.

In this work, first-phase tests are conducted. The details of the experimental setup and
test results are presented in the following subsections.

6.1. Experimental Setup

The exoskeleton prototype is mounted on a test rig, as shown in Figure 27. Two
weights (1 kg each) are added on each side of the shank part to partially simulate the
weight of the shank and foot of the wearer. The angle sensor attached to the knee joint
measures the knee angle and transmits it to the data acquisition and control system. As
described in Section 5.2, the measured knee angle is used in the motion control strategy.
The pressure sensors are also present in the test setup for monitoring purposes. The details
of the sensors used in the test setup are reported in Table 4.
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Figure 27. Experimental setup showing the exoskeleton device mounted on a test rig and connections
to the data acquisition (DAQ) and control system. The inset indicates the valve block and connections
to the pressure source and tank.

Table 4. Specification of the sensors used in the tests.

Sensor Model Accuracy Measuring Range Resolution

Angle sensor Megatron ETx25K ±1% 0◦–360◦ 0.07◦

Pressure sensor Autosen AP019 ±0.2% 0–250 bar -

The hydraulic power supply used in this work is a traditional supply system available
to the authors that is capable of supplying flow at a preset pressure level. For an exoskeleton
device that would eventually be worn by a user, the hydraulic power supply will comprise
a miniature pressure-controlled electrohydraulic pump that could fit in the backpack of the
user. Focus on this aspect of hydraulic power supply will be a task for the future.

Since the weights attached to the shank part are 2/5th of the typical weight of the
shank and foot [35], the supply pressure is also set to 2/5th of the design pressure, i.e.,
80 bar.

For data acquisition and control, a B&R X20 PLC system [45] is chosen. The system
is flexible and can easily be adapted for any given I/O configuration, e.g., analog signals
from the pressure sensors, bus connections, and driving the digital valves via “boost and
hold” command [42].

The controller model described in Section 5.2 is implemented in MATLAB/Simulink
environment. The Simulink model is then imported into the programming tool “Automa-
tion Studio” from B&R using “Automation Studio Target for Simulink” software (which
allows automatic code generation from the Simulink model). Finally, “Automation Studio”
establishes a TCP/IP connection with the B&R target system.

During tests, the measurements are recorded with a sampling time of 0.5 milliseconds,
and postprocessing is completed in the MATLAB environment.

6.2. Test Trajectory

The goal of the tests in this work is to validate the motion control strategy proposed by
the authors for the swing phase (Section 5.2) and the capability of the exoskeleton device to
follow the desired motion. As shown in Figure 28a, the knee angle trajectory in the swing
phase can be approximated via a cosine curve. The equation describing this curve is:

ψ[◦] = 141◦ + 31◦ cos(11(t − 0.1)). (16)
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Figure 28. (a) Knee angle and a cosine curve approximation in the swing phase; (b) the repeating
cosine curve used as the test trajectory.

This cosine curve is repeated to generate a test trajectory (Figure 28b), which is then
used in the experiments.

6.3. Test Results

The experiments are conducted on the test setup using the control strategy described
in Section 5.2. The only difference is the mechanical model, which, for the case of the test
setup, is:

J
..
ψ = M + mgl sin ψ , (17)

where J is the moment of inertia of the weights around the knee joint, M is the torque
delivered by the hydraulic drive, m is the mass of the weights, g is the acceleration due to
gravity, and l is the distance of the center of mass of the weights from the knee joint. Here,
the inertia of the shank part is neglected since it is much lighter (~8 times) compared to
the weights.

The exoskeleton device is asked to follow the test trajectory detailed in Section 6.2.
The controller time step is set to 50 milliseconds.

Figure 29 shows the results from four sets of experiments. The conditions for the ex-
periments are identical except for the initial knee angle and the pressure level of the source,
which varies slightly between the experiments. The results indicate that the exoskeleton
device is able to track the desired trajectory reasonably well. However, at some instances, it
fails to reach the full knee extension as desired.

Figure 29. Results in the form of knee angle measured and desired (from the planned trajectory) for
four sets of experiments: (a) Experiment A; (b) Experiment B; (c) Experiment C; (d) Experiment D.
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For a quantitative analysis of the results, the error between the measured trajectory
and desired trajectory is defined as:

e = |ψmeas − ψd| . (18)

The mean error (emean), its standard deviation (estd), and maximum error (emax) for
the four sets of measurements are reported in Table 5. The error statistics are very similar
across the experiments. Mean error of 5–6◦ is deemed to be tolerable by the user. However,
the maximum error of 20–25◦ is of concern, which is caused by the inability of the device to
reach full extension for some instances.

Table 5. Statistics for the error between the measured and desired trajectories.

Error Statistics (a) (b) (c) (d)

emean 4.6◦ 5.9◦ 5.1◦ 6.1◦

estd 5.4◦ 5.8◦ 4.9◦ 5.0◦

emax 24.5◦ 19.3◦ 21.7◦ 19.2◦

A closer investigation into this discrepancy is illustrated via Figure 30. At t = 1.596 s,
the controller commands the valve configuration of u = 8. As per Table 3, the state of the
cylinder chambers should be: {Vb1, Vr1, Vb2, Vr2} = {1, 1, 1, 0}. However, as per Figure 30c,
Vb1 chamber starts to pressurize only at t = 1.634 s. Thus, for 38 ms, the state of the
chambers is {0, 1, 1, 0}, which corresponds to u = 1. Consequently, as per Figure 12,
instead of negligible force (u = 8), the drive delivers very high negative force, resulting in
a sharp deceleration of the knee angle and a deviation from the desired trajectory.

Figure 30. (a) Zoomed view of plot from Figure 29d; (b) valve configurations commanded by the
controller; (c) pressure in cylinder 1 chambers; (d) pressure in cylinder 2 chambers.

The delayed pressurization of Vb1 chamber is explained via the following arguments.
During knee extension, Vb1 chamber expands quickly. As gravity is helping the extension,
the force needed from the drive is negative. From Figure 12, the valve configuration
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will remain below 7, i.e., Vb1 chamber remains connected to the tank. Thus, Vb1 is a fast-
expanding chamber connected to tank, which needs high flow from the tank so that the
chamber pressure can remain close to the tank pressure. However, the smallness of the
valve (described in Section 4.3) restricts the amount of flow from the tank to the chamber.
Consequently, the chamber pressure goes sub-atmospheric. Due the typical presence of
entrained air in the fluid, its bulk modulus falls severely at such low pressures. Thus, when
the chamber is connected to the pressure source, it takes more time to pressurize.

It is notable that this discrepancy in trajectory tracking only occurs in a specific situa-
tion near the end of knee extension when the controller commands a valve configuration
that requires pressurized Vb1. At different instances, when the controller commands other
valve configurations that do not require pressurization of this chamber, the discrepancy
does not appear.

This issue can be addressed by using a larger valve that allows high enough flow
to ensure that the pressure in Vb1 chamber does not fall below the atmospheric pressure.
However, the availability of larger valves in a compact arrangement remains a challenge,
and, thus, other alternatives are needed to be investigated in the future.

7. Discussion

The digital hydraulically driven knee exoskeleton developed and tested in this work
presents a significant advancement in terms of using hydraulics technology for actuation
of exoskeleton devices. Compared to the traditional hydraulics technology used by past
exoskeletons [8,12,14,15,18], the digital hydraulically driven exoskeleton device promises
higher compactness, efficiency, and robustness. The compactness is illustrated in this
work via the size of the valve block containing eight 2/2-way valves. Since the operations
performed by the device in this work and the past devices in the literature are different, a
direct efficiency comparison is not possible at this stage. However, the next phase of full
gait cycle testing with user-in-loop will allow this direct efficiency comparison.

Another key advantage of the exoskeleton device presented in this work is that, since it
is designed for paraplegic patients, it is capable of supplying 100% of the torque requirement
at the knee joint. In contrast, most of the past works on exoskeleton development deal
with partial disability or power augmentation. Thus, the devices developed are capable of
supplying only up to 30% to 50% of the knee torque [15,23].

Since paraplegic patients are unable to control their leg, the controller of the exoskele-
ton device developed in this work makes all the decisions in the gait cycle. A simplified
model predictive controller is proven (in this work and authors’ past works [34]) to be
sufficient for this task. In contrast, the devices developed for patients with partial disability
and for power augmentation should account for the interaction between the force supplied
by the human and the device. Thus, researchers working on such devices have used a
variety of complex control strategies, ranging from cascade force control [14] to joint torque
control [15] and repetitive learning control [16].

In the future, the authors would also like to extend the use case of their exoskeleton
device to patients who can partially control their knee. A key challenge in this regard is
identification of the motion intent of the wearer. Several approaches for motion intent
identification have been proposed by other researchers [46]; however, one compatible with
the drive system used in this work needs to be investigated.

The final discussion point is that of the prototype weight. The first-generation proto-
type developed in this work has been observed to be too heavy for users’ comfort (2.8 kg).
In contrast, Sun et al.’s LEHA weighs 2.5 kg (including the power supply) [29]. The reason
behind this high weight (despite the optimized design) primarily lies in the twin-tube
cylinder design. Such a design unnecessarily increases the amount of material used, thus
increasing the weight (the cylinders weigh 0.62 kg and 0.54 kg, respectively). However,
this is an obvious limitation of using off-the-shelf components. Sun et al. were able to
achieve a low weight of their device by custom-designing the components. In the future,
the prospects of inhouse manufacturing of cylinders will also be explored by the authors,
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which could address the weight issue and also enable an area ratio of 4:1, which is ideal for
uniform force stepping of the digital drive. Furthermore, the simplicity of the guide plate
design results in its high weight (0.4 kg each). In the next generation of the prototype, the
guide plate design could be further optimized by developing a truss-frame-type structure,
which will significantly lower its weight.

8. Conclusions

This article presents development and first-phase testing of a novel digital hydrauli-
cally driven knee exoskeleton prototype, the idea of which was conceived by the authors
in their previous works. Via a multi-objective optimization study, a design is developed
that is optimal with respect to its size and weight. The designs of the linkage parts are
further refined while ensuring that each part can safely support the load exerted on it over
a typical operational cycle. Subsequently, the prototype is manufactured and assembled
with procured hydraulic cylinders, valves, and sensors. Finally, first-phase testing (without
human) is conducted, where the prototype is mounted on a test stand and the controller is
tasked with following a given trajectory that resembles the swing motion in a typical gait
cycle. The results indicate that the prototype is able to track the desired motion, except
with occasional discrepancies at full knee extension.

In the future, investigations to address the aforementioned discrepancy need to be
conducted. These should be followed by testing the full gait cycle operation with a human
in the loop.

Overall, the novel digital hydraulically driven knee exoskeleton device prototyped
and tested in this work is a significant step towards bringing the advantages of digital
hydraulics technology to the field of hydraulically driven exoskeleton devices. This can
pave the way for widespread adoption of power-dense hydraulics technology in actuation
of exoskeletons. The resulting compact lightweight exoskeleton devices will ultimately
improve the comfort level of the wearers.

Furthermore, this work also showcases the gaps in the current hydraulics components’
availability (e.g., miniature yet efficient valves and lightweight cylinders), which has
historically hindered usage of hydraulics technology in exoskeleton actuation. This can
be interpreted as an exciting opportunity for the industry and the research community for
further research and development in this regard.
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Nomenclature
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A Area
B Guide curve
F Force
g Acceleration due to gravity
J Moment of inertia
K Bulk modulus of the fluid
KE Kinetic energy of the system
l Length of the connecting rod
M Knee torque
m Mass
P Pressure source
PE Potential energy
Q Flow rate
R Contact force at the guide curve
r Crank length
T Tank
t Time
TR Transmission ratio
u Valve configuration
V Volume
v Valve
W Work
w Lateral width of the exoskeleton device
x, y Coordinate positions
z Piston position in the cylinder
Greek letters
α Angle between the connecting rod and the tangent to the guide curve
γ Angle between the hydraulic cylinder rod and the tangent to the guide curve
θ Angle between the crank and the shank
σYS Yield strength
φ Angular position of limb part
ψ Knee angle
Subscripts
1,2 Mechanism identifier
a Actual
b Bore side of hydraulic cylinder
cr Connecting rod
d Desired
f Friction
m Middle
meas Measured
n Time step
r Rod side of hydraulic cylinder
S Source
Abbreviations
e f f Effective
hyd Hydraulic

Appendix A. Mechanical Model of Lower Limb Motion

The mechanical model of limb motion has been presented by the authors in previous
works [33,34]. However, for the sake of completeness, the authors recapitulate the model in
this appendix.

The lower limb motion is modelled via a planar system comprising foot, shank, and
thigh. The motion of the upper body is until the thigh is considered to be known from
the HuMoD database. Thus, the knee and ankle joint motions are the DOFs (degrees of
freedom) considered in the model.
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The kinetic and potential energy of the system is expressible as:

KE =
1
2

2

∑
i=1

(
mi

.
xSi ·

.
xSi + Ji

.
φ

2
i

)
, (A1)

PE = g
2

∑
i=1

mixSi · ey . (A2)

where mi is the mass, xSi is the position of the center of mass, Ji is the moment of inertia, φi
is the angular position of the ith limb part, and ey is the unit vector in vertical direction.

Next, the virtual work due to torques at the joints (MGi) and the ground reaction force
(FG) is:

δW =
3

∑
i=2

MGi(δφi − δφi−1) + FT
Gδx. (A3)

Substituting these expressions into the Lagrange equation of motion and simplifying,
the following expression for the knee torque is obtained:

M = me f f ,1
..
φ1 + me f f ,2

..
φ2 − kBFFG − kVf0. (A4)

where me f f ,1 and me f f ,2 are the effective masses of foot and shank, kBFFG is the ground
reaction term, and kVf0 contains the terms related to the centripetal force, gravity, and the
force from thigh. The complete expressions are lengthy, and, hence, are not shown here.

Figure A1. Planar view of limb with variables present in the mechanical model.
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Abstract: Hydraulic hybrid drivetrains, which are fluid power technologies implemented in automo-
biles, present a popular alternative to conventional drivetrain architectures due to their high energy
savings, flexibility in power transmission, and ease of operation. Hydraulic hybrid drivetrains offer
multiple environmental benefits compared to other power transmission technologies. They provide
heavy-duty vehicles, e.g., commercial transportation, construction equipment, wagon handling,
drilling machines, and military trucks, with the potential to achieve better fuel economy and lower
carbon emissions. Despite the preponderance of hydraulic hybrid transmissions, state-of-the-art
hydraulic hybrid drivetrains have relatively low efficiencies, around 64% to 81%. This low efficiency
is due to the utilization of conventional variable displacement pumps and motors that experience
high power losses throughout the drive cycle and thus fail to maintain high operating efficiency at
lower volumetric displacements. This work proposes and validates a new methodology to improve
the overall efficiency of hydraulic hybrid drivetrains by replacing conventional pump/motor units
with their digital counterparts. Compared to conventional pump/motors, the digital pump/motor
can achieve higher overall efficiencies at a wide range of operating conditions. A proof-of-concept
digital pump/motor prototype was built and tested. The experimental data were integrated into
a multi-domain physics-based simulation model of a series hydraulic hybrid transmission. The
proposed methodology permits enhancing the overall efficiency of a series hydraulic hybrid transmis-
sion and thus allows for energy savings. Simulating the system at moderate load-speed conditions
allowed achieving a total efficiency of around 89%. Compared to the average efficiency of the series
hydraulic hybrid drivetrains, our simulation results reveal that the utilization of the state-of-the-art
digital pump enables improving the total efficiency of the series hydraulic hybrid drivetrain by up
to 25%.

Keywords: fluid power; hydraulic hybrid drivetrains; digital hydraulics; energy savings; efficiency

1. Introduction

Fluid power has a vast area of engineering technology, where it uses pressurized fluids
to generate, monitor and control, and transmit power [1]. Hydraulic oil is typically used
due to its low freezing point, high boiling point, relatively large bulk modulus, and self-
lubrication characteristics [2]. Fluid power has a well-defined research area and scholarly
activities, which serves widespread industries like agriculture, construction, transportation,
aerospace, marine, manufacturing, and many other industries that require high power
to weight ratios [3]. In addition to its capability of achieving high power densities, fluid
power is characterized by its flexibility in transmission, ease of operation, relatively low
cost, controllability, and manageability [4]. These advantages make fluid power technology
convenient for performing crucial operations that require high power density and reliability,
like heavy-duty applications, e.g., construction vehicles, material handling equipment, and
military operations [5].

The fluid power sector is a Workhorse of the United States economy [6]. According
to the National Fluid Power Association (NFPA), thousands of companies in the United
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States utilize hydraulic power systems. Such companies are renowned as the top industrial
U.S. firms, involving more than 845,000 employees for an annual payroll of more than
$60 billion [7]. The fluid power sector has multiple application areas. Four main application
areas comprise mobile hydraulics, industrial hydraulics, pneumatics, and aerospace [8].

Hydraulic hybrid technology, a subset of mobile hydraulics, is considered one of the
pioneer frameworks in automobiles. It is a desirable research topic widely examined by
scholars to improve the overall efficiency of power transmission between a prime mover
and the wheels. This technology allows for high fuel efficiency and offers energy savings
and multiple environmental benefits, becoming a popular alternative to conventional
drivetrain configurations [9]. Hydraulic hybrid drivetrains offer multiple benefits over the
conventional manual/automatic transmissions and the continuously variable transmissions
(CVTs). Unlike conventional drivetrains and CVTs, hydraulic hybrid drivetrains comprise
two power sources: the prime mover (an internal combustion engine or electric motor) and
a positive variable displacement pump/motor installed with a high-pressure storage device
(accumulator) [10]. The variable displacement pump allows achieving variable speeds
by regulating the flow rate, which prevents the gearshift discontinuities in conventional
drivetrains (manual/automatic) during speed regulation. CVTs do not experience excessive
gearshift discontinuities during speed regulation. However, CVTs have limited belts,
also known as chain strengths, which cause torsional moments, generating excessive
frictional forces and torsional moments [11]. Besides this advantage, utilizing a hydraulic
accumulator in hydraulic hybrid drivetrains allows for better power management [12]. The
accumulator enables storing and discharging energy and thus achieving higher overall
efficiencies and energy savings while attaining lower carbon emissions and better fuel
economy [13].

In addition to its preponderance over manual/automatic drivetrains and CVTs, the hy-
draulic hybrid drivetrains have many advantages over electric hybrid transmission [14,15].
Although electric hybrid systems also utilize a transmission source and an energy stor-
age source (batteries), the batteries in electric systems can only charge and discharge
around 20% of energy available during braking [16]. However, the accumulators employed
in the hydraulic hybrid transmissions can store and deliver up to 80% of the braking
energy [17], depending on the duty cycle. This operation is desirable during vehicle accel-
eration/deceleration to improve fuel economy and reduce emissions [18,19]. It permits
transmitting a large amount of energy rapidly, thus attaining higher power densities and
power to weight ratios [20].

These advantages make the hydraulic hybrid technology more convenient for heavy-
duty operations [21], like heavy equipment manufacturing, road appliances, heavy load
material handling equipment, and many other types of equipment that require high power
densities and energy capture. For instance, commercial vehicles, such as heavy load vehicles
undergoing high dynamic-drive-cycle operations, have started to rely on this transmission
technology. They carry bulky loads while experiencing continual stops, requiring more
braking and high energy capture [15]. Besides heavy-duty vehicles, some utility vehicles
designed to carry light weights also rely on hydraulic hybrid technology. For example, a
sport utility vehicle was developed in a research laboratory to demonstrate the concept of a
hydraulic hybrid transmission in a passenger vehicle. The vehicle was designed to operate
the system in four different modes: hydrostatic driving mode, hybrid driving mode, a
combination of hydrostatic and hybrid driving modes, and braking mode [22].

This paper is organized as follows: Section 2 exhibits a review of the currently existing
hydraulic hybrid transmissions. It introduces the different available hydraulic hybrid
drivetrain configurations: series, parallel, and series-parallel, and it discusses the overall
operation of each. Section 3 presents a series of notable applications on hydraulic hybrid
drivetrains. Section 4 formulates the problem statement of this work, elucidating the
inadequacies of the currently existing hydraulic hybrid drivetrains. Moreover, it highlights
and introduces the adopted methodology to overcome such inadequacies. Section 5 gives
an overview of digital hydraulics technology in fluid power and presents the design of
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the state-of-the-art digital pump, its basic operation, digital motoring/pumping data, and
the capability to achieve high efficiencies at different pump displacements. Section 6
demonstrates the hydraulic hybrid transmission efficiency improvement after integrating
digital hydraulics by simulating a physical series hydraulic hybrid architecture using the
intended digital motoring/pumping data. It presents the adopted circuit schematic, the
comprehensive simulation model, and the resulting outcomes. Section 7 concludes with a
brief discussion of the main ideas learned from the work.

2. Existing Hydraulic Hybrid Transmission Configurations

Three main architectures of hydraulic hybrid transmission drivetrains are currently
available: the parallel configuration, series configuration, and the series-parallel configura-
tion. These hydraulic hybrid transmission configurations employ a variable displacement
pump/motor, a high-pressure reservoir for energy storage (typically a nitrogen accumula-
tor), and a low-pressure reservoir (fluid tank) [23]. The variable displacement pump/motor
acts as a motor when converting the hydraulic energy into mechanical energy to drive the
vehicle. It acts as a pump when converting the mechanical energy into hydraulic energy
stored in the accumulator to be delivered when needed.

The following sections exhibit a brief review of existing relevant hydraulic hybrid
drivetrains (parallel, series, and series-parallel) and discuss their overall operation.

2.1. Parallel Hydraulic Hybrid Configuration

A parallel hydraulic hybrid has a simple architecture, design, and implementation
compared to other configurations [24]. It involves two sub-systems: a conventional me-
chanical transmission directly connected to the output shaft via a differential gearbox and
a hydraulic transmission [25]. The sub-systems are coupled in parallel using a mechanical
power transmitter like a gearbox, a chain, or a belt. Figure 1 shows a parallel hydraulic
hybrid configuration utilizing a belt mechanical power transmitter. As shown in Figure 1,
the drivetrain consists of mechanical transmission (7), a clutch (2), and the prime mover
(1), typically an internal combustion engine. The mechanical transmission (7) is directly
connected to the engine (1) via the clutch component (2) and to the differential gearbox (8)
on the drive shaft (9) to provide the needed power to each wheel. The hydraulic drivetrain
comprises a variable displacement pump/motor (4), an accumulator (5), a fluid tank (6),
and other hydraulic components, e.g., valves and fittings. The hydraulic pump/motor
(4) is connected in parallel to the mechanical transmission (7) via the belt linkage (3). The
clutch (2) allows engaging and disengaging the engine shaft from the rest of the system
based on the accumulator’s stored energy, thus controlling the engine on/off signal [26].
For instance, decoupling the engine from the system occurs when enough energy is in the
accumulator to boost the wheels during acceleration. However, engaging the engine shaft
to the transmission shaft is required to drive the wheels at low accumulator storage levels.

After introducing the basic concept beyond the parallel hybrid configuration, now,
we briefly discuss its overall operation. The transmission duty cycle constitutes three
main stages: acceleration, cruising, and braking. During acceleration, the accumulator
acts as a hydraulic launch assist. It discharges its pressurized fluid to drive the hydraulic
pump/motor (4) (operating as an energy source) and thus transforms the high-pressure
energy into mechanical energy at the motor’s shaft. The mechanical belt (3) transmits
the generated mechanical power to the drive shaft (9), thus boosting the motion at the
wheels. At the start of the cruising phase, the accumulator’s pressure decreases below
its pre-charged pressure, forcing the clutch to engage the engine shaft with the rest of
the system to power the drive shaft (9) and drive the wheels. During the last stage,
i.e., braking, the clutch (2) disengages the engine shaft from the drive shaft (9), the vehicle
slows down. The rotary motion at the wheels is transmitted via the belt (3) to drive the
hydraulic pump/motor (4) that will start acting as a pump to charge the accumulator. This
cycle repeats every braking operation.
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Figure 1. Schematic for the parallel hydraulic hybrid configuration.

2.2. Series Hydraulic Hybrid Configuration

Unlike the parallel hydraulic hybrid configuration, the series hydraulic hybrid con-
figuration does not utilize a mechanical transmission. Instead, it employs a variable
displacement pump directly connected to the prime mover via a clutch [27]. As shown
in Figure 2, in the series configuration, the mechanical transmission is replaced with a
hydraulic variable displacement pump (3) connected in series to the hydraulic drivetrain
consisting of a variable displacement pump/motor (6), accumulator (5), fluid tank (4), and
other hydraulic components.

Figure 2. Schematic for the series hydraulic hybrid configuration.

Similar to the parallel architecture, the operation comprises three main phases: accel-
eration, cruising, and braking. During the acceleration phase, the clutch (2) disengages
the engine shaft from the pump shaft, and the pressurized hydraulic fluid stored in the
accumulator (5) is delivered into the hydraulic pump/motor (6), allowing it to act as a
motor. This operation converts the hydraulic energy in the accumulator into mechanical
energy at the output shaft (8). After acceleration, cruising starts, and the fluid inside the
accumulator drops to its minimum level. Its pressure decreases below the nitrogen’s pre-
charge pressure, forcing the engine (1) to operate and the clutch (2) to engage. Accordingly,
the engine’s energy is transmitted to the hydraulic pump (3), allowing the pump to deliver
the fluid from the low-pressure reservoir (4) to the hydraulic pump/motor (6) to drive the
wheels. The excess high-pressure fluid produced by the hydraulic pump is stored in the
accumulator to be delivered when needed. During braking, the engine shuts down, the
clutch disengages, and the hydraulic pump/motor (6) starts acting as a pump to push the
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fluid from the low-pressure reservoir into the accumulator. Thus, the kinetic energy from
the wheels is converted into hydraulic energy stored in the accumulator. This stored energy
will be used to accelerate the vehicle when needed.

2.3. Series-Parallel Hydraulic Hybrid Configuration

The series-parallel hydraulic hybrid system, also known as power-split, comprises
the series and the parallel hydraulic hybrid layouts [28]. It integrates the two hydraulic
hybrid configurations in one design [29]. Like the parallel configuration, the power-split
architecture, presented in Figure 3, utilizes two sub-systems coupled via a mechanical
transmitter, for example, a belt (3): a conventional mechanical drivetrain and a hydraulic
drivetrain. The mechanical drivetrain employs a mechanical transmission (8) directly
connected to the output shaft (10) via a differential gearbox (9) and the engine (1) via
a mechanical clutch (2). The hydraulic drivetrain comprises two variable displacement
pump/motors (4 & 5), accumulator (6), low-pressure reservoir (7), and other hydraulic
components. Similar to the series architecture, the hydraulic transmission is directly
connected to the output shaft (10).

Figure 3. Schematic for the series-parallel hydraulic hybrid configuration.

This configuration enables operating the system in two different modes: pure hy-
draulic mode and hybrid mode. The pure hydraulic mode offers a simultaneous operation
of the variable displacement pump/motors (4 & 5). However, the hybrid mode allows a
seamless operation of the mechanical transmission (8) and the hydraulic drivetrain [30]. The
seamless integration between the mechanical drivetrain and the hydraulic system allows
transmitting the power from the engine to the wheels while maintaining optimal engine
operation. This mechanism permits achieving high mechanical transmission performance
in addition to the high-efficiency energy storage and regeneration, and thus operating
the system at higher overall efficiency and lower fuel consumption. However, the design
comes at the expense of increased system complexity, weight, and cost.

3. Summary of Notable Mobile Applications Using Hydraulic Hybrid Drivetrains

This section briefly reviews notable applications and proposed models for hydraulic
hybrid drivetrains.

A comprehensive work presented by Stecki et al. [31] presented a review of the most
notable computer simulation models of hydraulic hybrids available in the literature before
2005 and summarized the resulting simulation outcomes. The comprehensive report ad-
dresses the design, implementation, and simulation of more than eight prototype vehicles
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using CVT transmissions combined with hydrostatic regeneration. Most of the vehicles
studied were on-road vehicles. The authors mentioned ADVISOR (National Renewable
Energy Laboratory, Golden, CO, USA), the Advanced Vehicle Simulator developed by the
National Renewable Energy Laboratory based in the US Department of Energy’s (DOE’s),
as a simulation tool for developing hybrid drivetrain models. One of the vehicles discussed
focused on a tactical vehicle, developed in MATLAB/Simulink which is created by Math-
Works (an American privately held corporation based in California) and implemented
in ADVISOR [32]. In this work, a Permo-Drive regenerative energy management system
for an army tactical vehicle was modeled and simulated on MATLAB/Simulink. The
model was then incorporated into the vehicle simulator (ADVISOR), a simulation tool
for developing hybrid drivetrain models. The authors concluded their review by stating
that extra fuel trails are required for examining the accuracy of the adopted fuel map and
thus providing further validation of the model. Thy concluded that the accumulators
might present a safety issue and recommended that their implementation require further
accumulator technologies.

Besides the work of Stecki et al., the work of Stelson et al. [10] presents a simula-
tion study of various hydraulic hybrid drivetrains comparing the three hydraulic hybrid
configurations (series, parallel, and power-split). The prime mover is emulated as a com-
bustion engine throughout their simulation studies. A dynamic programming approach
is adopted, in which the fuel consumption was used as the optimization variable. The
developed models reveal that the three configurations of the presented on-road vehicles
(series, parallel, and power-split) improve fuel consumption for the two cycles: urban
drive cycle and highway drive cycle. For the urban drive cycle, the three hydraulic hybrid
configurations (series, parallel, and power-split) show an improvement of 14.7%, 53.2%,
and 10.0%, respectively.

Regarding the highway drive cycle, the series, parallel, and power-split architectures
were enhanced by 8.9%, 11.9%, and 8.5%, respectively. Furthermore, throughout the
simulation, the employed pump/motors were oversized. This forced the units to operate
at partial displacements and thus led to a low overall hydraulic efficiency.

In 2004, Wu et al. [33] utilized the dynamic programming optimization methodology
to optimize the accumulator’s charging/discharging process for a Class VI parallel hy-
draulic hybrid delivery truck. The researchers used a 99.9 L accumulator operating at a
maximum pressure of 36 MPa throughout this work. The proposed control algorithm in-
volves two optimization parameters: the fuel consumption variable as the primary control
parameter and the state of charge of the accumulator (SOC) as the secondary optimization
parameter. The researchers estimated the fuel economy between 28% and 47%, depend-
ing on the efficiency of the hydraulic components. In 2009, Van Batavia [34] proposed a
new control approach to monitor and regulate the hydraulic launch assist operation. The
adopted strategy relies on operating the engine at its peak Torque-RPM performance. An
approximate range of operation comprised between 1000 RPM to 5500 RPM and 125 N.m to
200 N.m for a Diesel engine rated for 110 kW capacity. The work claims that the proposed
control strategy improved the fuel economy by 50% and reduced emissions by 40%. The
proposed configuration used a variable displacement bent axis pump and a separate vari-
able displacement bent axis motor. The bent axis units are known to have high efficiencies
at 100% displacements of up to 98% [35], yet this efficiency is only achievable at high
displacements and is substantially lower at low displacements.

Buchwald et al. [36] introduced a Hydraulic—Internal combustion hybrid concept
and four topologies for a passenger bus in Denmark. Besides the latter work, in 2008,
Eaton Hydraulics [37] presented its hydraulic launch assist system for parallel drivetrain
configurations. The objective was to improve power savings by supplementing engine
power while launching the vehicle from a stopped position. The system was conceived
for vehicles operating with heavy stop-and-go cycles, like refuse trucks, delivery vehicles,
and buses. This system, developed in collaboration with the U.S. Environmental Protection
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Agency, depended on using a state-of-the-art pump/motor unit specifically designed for a
parallel drivetrain configuration using an axial piston design.

Tollefson et al. [38] examined a new configuration of internal combustion engine/hydro-
pneumatic accumulator energy storage for automobiles. The proposed architecture requires
one single hydrostatic pump-motor (P/M) unit. Computer-based simulations were con-
ducted over a wide range of parameter variations using a suitable control strategy. The
simulation results revealed that the novel concept allowed significant fuel savings. The
proposed hydraulic accumulator passenger car could achieve up to 65 mpg during city
driving conditions, unlike the present automobiles that can attain only 25–30 mpg under
similar conditions.

Similarly, Kepner [39] presents a Hydraulic Power Assist (HPA) demonstration on
a full-size sport utility vehicle. It exhibits a description of the vehicle, the resulting fuel
economy data, and performance and noise outcomes. The vehicle is constructed as a collab-
oration between Ford Motor Company, United States Environmental Protection Agency
(EPA), and Advanced Technology Division, in the context of a Cooperative Research and
Development Agreement (CRAD). It utilizes a valve block provided by Ifield Technologies,
a pump/motor connected in parallel to the driveshaft with the conventional powertrain,
and carbon fiber accumulators acting as HPA. Results show that the utilization of the
HPA improved the Environmental Protection Agency (EPA) and the Heavier Acceleration
city cycles by 23.6% and 35.5%, respectively. Bozic [40] presented a hybrid configuration
comprising a combustion engine as the prime mover, hydrostatic transmission, and a
coexisting vehicle electric generation. According to the literature consulted, it is evident
that the implementation of hybrid powertrains significantly contributes to energy savings,
in some cases, as high as 50% [33,34]. Yet, the system’s efficiency may be compromised by
the efficiency of the heart of the hybrid transmission; that is, the pump, the motor, or the
pump/motor units. These units can operate at an efficiency as high as 98%, provided the
units are operating at 100% displacement, but this may be the case of only a fixed segment
of a duty cycle and may not be true at all operating conditions.

4. Inadequacies of the Existing Hydraulic Hybrid Drivetrains

Despite the prominence of fluid power transmission, the existing state-of-the-art fluid
power drivetrains are ineffective [3]. A study published by the United States Department of
Energy shows that, among all industries, fluid power drives have low efficiencies between
9% and 60%, depending on the application, with an average efficiency not exceeding 22% [8].
The insufficiency in the fluid power transmissions’ efficiencies is notably associated with
the performance of the employed hydraulic units. The variable displacement pump/motor
is an essential hydraulic unit employed in all hydraulic applications; it is the heart of fluid
power systems [41]. Its efficiency significantly affects the performance and overall efficiency
of fluid power transmission [42,43].

The conventional variable displacement pump/motors, i.e., existing state-of-the-art
hydraulic pumps, are efficient only when operating at full displacements, whereas at partial
displacements, their performance decreases until operating at low efficiencies down to
30% [42,44,45]. The insufficiency of the conventional pumps at partial or low displacements
affects the system’s overall efficiency due to the high pressure that may remain in the
displacement chamber, in addition to leakage and other mechanical losses [46]. Given the
limited efficiency of the conventional variable displacement pump/motors, the overall
efficiency of the hydraulic hybrid drivetrains is relatively low, around 64–81% [47]. This
critical problem has motivated many researchers in multiple fluid power applications
to propose, design, and implement new techniques and methodologies to improve the
performance of hydraulic hybrid transmissions by enhancing the maximum efficiency
of variable displacement vane and piston pumps [48–55]. For instance, the work in [49]
addresses the pre-defined problem by proposing a dynamic seven-stage model that predicts
the thickness of the fluid film between the valve plate and cylinder block in axial piston
pumps to get accurate information on lubrication. In [51], relying on a coating methodology,
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the authors improved the overall efficiency map of axial piston pumps by minimizing
the friction losses by applying nanocoatings to the pump’s slippers. Besides these works,
the work in [54] provides research results for a previously executed research study. The
resulting outcomes can be used to enhance the efficiency of many technological systems
in power engineering and transport involving hydraulic pumps and motors. Similarly,
the work in [55] focuses on improving the numerical algorithm used for solving the
optimal control problem for the three-dimensional heat equation, which can improve many
technological systems like hydraulic units.

All the proposed techniques in the pre-listed works still result in low overall efficiencies
when operating at partial volumetric displacements. There is no noticeable improvement
in the pumps’ lowest efficiency at low volumetric displacements [56]. Accordingly, the
work presented in [42] proposed integrating digital technologies into fluid power systems
through designing digital variable displacement pump/motors that allow maintaining
high efficiencies over a wide range of displacements.

Building on the results from [41,42,57,58], this work aims at enhancing the performance
and efficiency of a hydraulic hybrid transmission by simulating the implementation of
an experimentally-validated digital pump/motor into a hydraulic hybrid transmission.
As will be proved through a physical-based simulation, unlike the ordinary variable
displacement pump/motors, the adopted digital pump/motors pursue to overcome the
efficiency limitation in hydraulic hybrid drivetrains by increasing the maximum overall
efficiency of the transmission.

5. Digital Hydraulics

Digital Hydraulics is a pioneering sub-field of fluid power, which relies on advanced
on/off control technologies to enhance hydraulic systems’ performance, reinforce advance-
ments in fluid power applications, and minimize energy consumption [59]. This technology
can replace conventional fluid power components, such as directional control valves, with
multiple switching on/off valves in a parallel configuration to improve efficiency [41].
Such valves’ configurations promote a superior design in this application because they
use a poppet-style actuation that does not allow leakage across the valve, commonly seen
in spool valves. In turn, this configuration reduces the system’s losses, enables more
control, increases the performance and efficiency, and reduces the cost of maintaining
components [60–62]. This technology has also been utilized in various other configurations
to improve the efficiency of conventional systems, including replacing traditional check
valves on fixed displacement pumps. It also enables the opportunity to limit and divert
flow in conventional fixed displacement pumps allowing variable displacements [44].

Some conventional piston pump/motors, e.g., reciprocating piston pumps, utilize
mechanical check valves on the inlet and outlet ports of the pump to separate the system's
high- and low-pressure sides. During pumping, this configuration allows fluid to enter
through the low-pressure check valve when the pump is on its intake stroke. When the
pump exhausts its cylinder, pressure closes the intake check valve and opens the exhaust
check valve, displacing fluid to the high-pressure side of the system. This configuration
limits the pump to fixed displacements since the pressure differential in the chamber is the
only method of controlling the actuation of the intake and exhaust valves. Thus, the work
in [42] proposes an electrically actuated digital inline 3-piston pump that replaces the con-
ventional valves with digital switching on/off valves. The proposed digital pump/motor
is a 28cc/rev unit comprising three displacement chambers, each with two high-speed
switching on/off valves. Figure 4 shows the pump/motor’s configuration for a single
displacement chamber. The figure shows that Valve 1 controls the flow at the low-pressure
side, and Valve 2 controls the flow at the high-pressure side. The proposed configuration
allows opening or closing the valves at any time throughout the pumping/motoring cycle.
This configuration adds a degree of controllability and flexibility to the system, enabling
various digital pumping/motoring techniques, referred to as flow diverting and limiting
operating strategies [44,63].
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Figure 4. Single-piston digital pump/motor configuration [64].

Besides the electrically actuated digital pump, our team designed and imple-mented a
mechanically actuated digital pump, which can also achieve high efficiencies over a wide
range of displacements. The following sub-sections exhibit an overview of the internal
mechanical structure of the mechanically actuated digital pump, intro-duce the electrically
actuated pump’s most efficient operating strategy, and present the experimental testing
and validation on the electrically actuated pump.

5.1. Internal Mechanical Structure of the Mechanically Actuated Digital Pump

This subsection gives a brief introduction to the mechanical structure of the me-
chanically actuated digital pump, which can achieve efficiencies higher than the ones
reported in this paper. The internal mechanical structure of the intended digital pump,
shown in Figure 5, comprises three main sub-systems: (1) gear-cam unit, (2) cam-follower
unit, and the (3) valve manifold. The gear-cam unit utilizes three main half-masking cams,
where each cam consists of two sub-cams that are phased relative to one another to allow
achieving different cam profiles. This unit is responsible for the phasing mechanism of
the camshafts, where it allows varying the cams' orientation relative to the shaft during
rotation. The cam-follower unit consists of the three followers, their mount bracket, and the
three valves to be actuated via the cam-follower mechanism. This unit allows converting
the rotational motion at the cam to a linear motion at the follower and thus controlling the
valves’ opening and closing. Therefore, varying the cam profile using the phasing mecha-
nism permits varying the opening and closing of the valves and thus enables achieving
variable pump displacement. A detailed description of the mechanical structure and the
pumping mechanisms is presented in [65].

Figure 5. CAD drawing showing the basic units of the mechanically actuated digital pump.

5.2. Operating Strategies of the State-of-the-Art Electrically Actuated Digital Pump

The electrically actuated digital variable displacement pump/motor [42] relies on
the control flow entering and leaving the displacement chambers. The pump/motor
displacement variation can be achieved by controlling the actuation of two on/off valves
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on the intake and exhaust ports of the pump. The control and timing of the valves’
actuation enable various pumping/motoring operating strategies. Four different operating
strategies have been explored and tested [42] utilizing the state-of-the-art digital pump.
The four different operating modes are Partial Flow-Diverting (PFD), Partial Flow-Limiting,
Sequential Flow-Diverting (SFD), and Sequential Flow-Limiting (SFL). The most efficient
operating strategy discovered is the SFL [63]. SFL is a technique that permits the states of
each cylinder to be enabled or disabled, sending either 100% or 0% displacement to the
output valve, respectively. This method can be used for both pumping and motoring cycles.

An example of a 100% displacement pumping cycle is shown in Figure 6. This cycle
achieves similar functionality as the mechanical check valve. During pumping, the intake
valve is opened for the entire stroke (A) and closed when the exhaust stroke begins (B).
The exhaust valve is then opened and held until the exhaust stroke is completed (C). This
transfers 100% of the fluid entering the piston chamber on the intake stroke, disregarding
the dead volume in the cylinder.

Figure 6. Enabled chamber operating at 100% displacement during SFL mode.

An example of 0% displacement for pumping is shown in Figure 7. During this cycle,
all intake and exhaust valves remain closed for the entire process, allowing the fluid to
be compressed and decompressed. As the cylinder begins its intake stroke, the piston
starts to decompress the fluid in the dead volume of the cylinder (A) until the cylinder
reaches the Bottom Dead Center (B), which allows depressurizing the fluid and creating a
partial vacuum in the chamber. Once the piston begins the exhaust stroke (C), the fluid is
compressed back to its original state. Since the intake and exhaust valves remained closed
during this cycle, 0% displacement is delivered by the cylinder. Thus, this cycle allows the
chamber's dead volume fluid to be depressurized and pressurized, and no fluid is delivered
to the system.

Figure 7. Disabled chamber operating at 0% displacement during SFL mode.

The partial vacuum created during the intake stroke is called chamber voiding. The
chamber voiding phenomenon was experimentally inspected by [66]. It was experimentally
proved that the gas created during the chamber voiding phase, i.e., (B), would dissolve
entirely as the fluid is re-compressed.

The central concept of this strategy relies on varying the state of the chambers se-
quentially to change the ’ump's displacement. To illustrate, a three-piston pump configura-
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tion is shown below in Figure 8. To achieve 66% pumping displacement, two chambers
(1 & 2) would operate at 100% displacement, while the third chamber (3) would run at 0%
displacement.

ȱ
Figure 8. Three-piston digital inline piston pump configuration.

Sequencing is averaged over various pump revolutions to achieve a wide range of dis-
placements between 0, 33%, 66%, and 100% [42]. As a case in point, to achieve 11.11% displace-
ment, the first cycle of the pump would turn on one cylinder (1) and turn off two cylinders
(2 & 3). The following two pump revolutions would sequence all cylinders (1, 2 & 3) off. This
operation achieves 1/9th, or 11%, displacement over the three cycles. A ~1% displacement
resolution can be achieved by averaging the sequences over 32 shaft revolutions.

5.3. Experimental Validation of the Electrically Actuated Digital Pump/Motor

The experimental test stand used for testing the SFL operating strategy is shown in
Figure 9. The test stand involves the intended 28 cc/rev digital pump, two accumulators
(one at the suction side and one at the discharge side), manifold housing with six on/off
valves (two for each piston chamber), and other hardware used to complete the hydraulic
circuit, data acquisition, and control. The two accumulators were added to the system
to reduce pressure and flow ripples and avoid cavitation problems during the suction
phase. For instance, if the hydraulic system experienced sudden stops during suction,
rapid changes in the system pressure will generate pressure ripples causing shock waves.
In this case, the system’s pressure will go above the accumulator’s pre-charged pressure.
The accumulator at the discharge port will act as a shock cushioning. It will allow the
excessive flow to enter, compressing the gas cushion (nitrogen bladder) and thus cushion
and minimize the shock. The second accumulator (one located at the suction port) is
required because the pump is bi-directional, i.e., the pump can discharge fluid from either
port. A detailed description of the hardware used is presented in [66].

The experimental testing of the SFL pumping/motoring strategy was conducted under
steady-state conditions at a temperature T = 50 ◦C and different pump displacements, 25%,
50%, 75%, and 100% displacement. Moreover, the SFL pumping and motoring cycles were
examined at different system pressures ranging from 4 MPa to 18 MPa and shaft speeds
up to 700 RPM. Operating the digital pump at shaft speeds beyond 700 RPM requires
high-speed switching valves, affecting the valves’ variability and causing non-linearity and
errors in the valves’ timing (opening and closing time). A timing valve correction algorithm
was developed in [67] and utilized throughout the experimental testing to overcome this
problem and account for the valve timing error. The developed algorithm obtains the delay
in the valve timing using the pressure readings at the low- and high-pressure ports, thus
regulating the valves’ opening and closing time. Although the adopted algorithm enabled
high-speed switching, the valves’ opening and closing speeds are not high enough. Thus,
the maximum operating shaft speed was limited to 700 RPM throughout the research study.
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Figure 9. The experimental test stand for testing different operating strategies of the electrically
actuated digital 3-piston pump [42].

After executing the experimental testing, the required data (torque, pressure, flow, etc.)
were acquired at various pump displacements (25%, 50%, 75%, and 100% displacement),
system pressures (4 MPa, 10 MPa, and 18 MPa), and shaft speeds (300 RPM, 500 RPM, and
700 RPM). Then, the efficiencies were calculated according to the obtained data.

The experimental outcomes resulting from operating the SFL strategy at 100% dis-
placement during the pumping and motoring cycles are shown in Figures 10 and 11.
Figure 10 illustrates the calculated efficiency curves across various system pressures and
shaft speeds at 100% displacement. As shown, at high shaft speeds and low pressures, the
pump can achieve efficiencies of at least 78%, while at low shaft speeds and high pressures
above 16 MPa, the pump can achieve high efficiencies up to 92%. Furthermore, the system
pressure significantly impacts the overall pump's efficiency, where the pump's efficiency
significantly increases as pressure increases.

ȱ

Figure 10. Efficiency map of the electrically actuated digital pump/motor operated in the SFL
pumping strategy at 100% displacement.
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Figure 11. Efficiency map of the electrically actuated digital pump/motor operated in the SFL
motoring strategy at 100% displacement.

Similarly, the efficiency map corresponding to operating the pump with the SFL
strategy at 100% displacement during the motoring mode is shown in Figure 11. As shown
in the figure, the motoring mode enables efficiencies of at least 72% and up to 92%. Unlike
the results of the pumping mode, in motoring mode, the efficiency curves are almost
parallel to the x-axis, which means that the shaft's speed has a negligible impact on the
pump's efficiency. For instance, we can still achieve efficiencies from 72% to 92% at any
RPM, depending on the system's pressure.

6. Simulation Model: Hydraulic Hybrid Drivetrains Utilizing Digital Pump/Motors

This section presents a physics-based series hydraulic hybrid drivetrain simulation
conducted on MATLAB Simscape, a graphical programming software created by Math-
Works [68]. The simulated MATLAB Simscape model mimics regular terrain hydraulic
vehicles’ series hydraulic hybrid transmission. The goal of the model is to investigate
the improvement of the hydraulic hybrid transmission performance after replacing the
conventional pump/motors with the digital pump/motor units. The intended state-of-the-
art digital units are emulated by applying the digital motoring/pumping data acquired
at the tested displacements (25%, 50%, 75%, and 100% displacement), pressures (4 Mpa,
10 MPa, and 18 MPa), and shaft speeds (300 RPM, 500 RPM, and 700 RPM) to the physical
simulation components (pump and motor). The digital data are applied to the physical
components of the simulation model by converting it into lookup tables imported to the
physical pump and motor, employed throughout the simulation.

The following sub-sections present the designed circuit schematic, display the simula-
tion model, design, and functionality during the three transmission stages (acceleration,
cruising, and braking), and discuss the resulting outcomes.

6.1. Circuit Schematics

The adopted series hydraulic transmission, illustrated in Figure 12, comprises a vari-
able displacement pressure compensated pump (5) driven by an electric motor (2), a
mechanical clutch (3) to engage and disengage the motor’s shaft from the rest of the sys-
tem, a pressurized gas accumulator (1) for energy storage-boost purposes, a low-pressure
reservoir (8), and a variable displacement pump/motor (11) for power transmission. The
pump/motor (11) operates as a motor during acceleration and cruising, i.e., motoring mode,
and works as a pump during braking, i.e., pumping mode. A check valve (6) is added
to block the backflow (flow from and into the accumulator) from entering the pump’s
discharge port. Two 4/3 way (9 & 10) and one 3/2 way (7) directional flow control valves
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allow a seamless operation during the motoring and pumping modes. The 4/3 way valves
(9 & 10) are closed-center valves with spring return having two directly actuated solenoid
coils, while the 3/2 way valve (7) is a spring return valve with one actuated solenoid
coil. As demonstrated through the simulation model, valve (9) is employed during the
motoring mode, i.e., acceleration and cruising, where the user controls the valve based on
the direction of motion, i.e., forward or backward drive. However, valve (10) is used during
the pumping mode, i.e., regenerative braking, and it is controlled based on the direction of
rotation received by the unit’s shaft (11). Valve (7) allows switching between valves (9) and
(10) based on the system’s operation mode. During the motoring mode, i.e., acceleration
and cruising, valve (7) is set at its un-actuated position, allowing pumping the fluid into
the motor (11) through valve (9). However, during the pumping mode, i.e., at braking, the
mechanical braking signal will be converted into an electrical signal at valve (7), forcing it
to switch to the other position and thus allowing the motor (11) to pump the flow from the
tank into the accumulator through the valve (10).

Figure 12. A circuit illustrating the simulated series hydraulic hybrid transmission.

6.2. Simulation Model, Design, and Operation

Figure 13 exhibits the physical model for the series hydraulic hybrid transmission
illustrated in Figure 12. The adopted system is modeled and simulated using Simscape Flu-
ids and Drivetrains libraries on MATLAB-Simulink. The simulation model is constructed
by integrating the required numerical block diagrams with the physical paradigms. All
the hydraulic physical components, i.e., pump, motor, valves, and other hydraulic units,
are compiled using interfaceable physical connections. The figure shows that the model
involves a pressure compensated pump and a variable displacement motor that operates
as a motor when pumping high-pressure fluid into one of its ports and as a pump when
receiving a mechanical signal at its output shaft. Furthermore, the model involves physical
hydraulic sensors to sense the flow and the pressure at specific points in the system. For
instance, pressure-flow sensors are installed at the pump’s discharge port, accumulator’s
port, and motor’s inlet and outlet ports. The accumulator’s flow sensor is installed into
the accumulator. Then, a positive flow rate at the accumulator’s port designates flow
into the accumulator; during charging. However, a negative flow denotes flow out of the
accumulator; during discharging. Besides the pressure-flow sensors, mechanical sensors,
e.g., rotational motion and torque sensors, are added at the pump’s and motor’s shaft to
measure the resulting shaft’s speed and torque. Acquiring this data (torque and speed)
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allowed us to compute the input and output mechanical powers. The power data was
then exported into the MATLAB workspace for calculating the average input and output
powers. The average input and output powers were individually calculated over the entire
cycle using the mean function in MATLAB.

ȱ

Figure 13. A MATLAB Simscape simulation model for the series hydraulic hybrid transmission.

The digital pumping/motoring data presented in Section 5.2 are converted into lookup
tables and then imported to the physical pumping/motoring units (the utilized pressure-
compensated pump and the variable displacement motor) to incorporate the pre-introduced
digital pump/motor. The pumping data is imported into the physical motor (11) during
braking as a lookup table. Also, it is imported into the physical pump (5) during cruising,
knowing that the pump will be off during acceleration. Similarly, the motoring data is
applied to the physical motor as a lookup table during acceleration and cruising. Thus, the
physical pump and motor (pressure-compensated pump and the variable displacement
motor) are sized based on the imported lookup tables, which allows setting the maximum
and minimum pressures in the system in addition to the required flow rate. Then, the
accumulator and other hydraulic components, e.g., valves, fittings, hoses, etc., are sized
and selected based on the acquired system’s pressure and flow rate. Based on the digital
pumping/motoring data, the hydraulic units (5) and (11) will operate between 300 RPM
and 700 RPM with a maximum displacement of 28 cc/rev. Furthermore, the hydraulic
units will work under a volumetric efficiency up to 94% and overall efficiency of at least
78% and up to 90% during pumping. However, unit (11) will operate during motoring
under volumetric and total efficiencies up to 99% and 92%, respectively. Furthermore,
the simulation model accounts for the system’s internal losses, e.g., losses in hydraulic
pipelines, fittings, and valves. These internal losses are simulated by adding hydraulic
resistance, capacitance, and inductance to the distributed parameter model using the
simscape block models for hydraulic pipelines, fittings, and hoses.

During the series hydraulic hybrid transmission, the gas accumulator serves as a
hydraulic lunch assist device to provide auxiliary flow during high demand requirements
(within the acceleration stage), forcing the gas inside the accumulator to expand and
compress under adiabatic conditions. Based on the intended application, the accumulator
is sized using the following equations [69]:

P1Vk
1 = P2Vk

2 (1)
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V1 =
Vx(P3/P1)

1/k

1 − (P3/P2)
1/k (2)

where P1, P2, and P3 in Pa denote the accumulator’s pre-charged pressure, system maximum
operating pressure, and system minimum operating pressure, respectively, set based on the
experimentally validated data of the digital pump. V1 and V2 in L designate the nitrogen’s
volume at P1 and P2, respectively, Vx in L denotes the required fluid volume, and k = 1.4
is the nitrogen constant during adiabatic operation. To prevent the accumulator’s poppet
(poppet that opens and closes, allowing fluid to enter and leave) from fully closing during
the expansion of the nitrogen bladder, the accumulator’s pre-charged pressure P1 has to be
set between 60% to 80% of the minimum system pressure [70,71]. Thus, for P2 = 1.9e + 7 Pa,
P3 = 5.3e + 6 Pa and P1 = 0.75P3, we get V1 = 36.3 L and Vx = 18 L.

The adopted physical model comprises two emulation options, options one and two
shown in Figure 14, for simulating the intended system. Option one allows for a user
interface simulation. The user can interact with the transmission model by switching
between the motoring and the pumping modes, thus mimicking the driving and braking
situations. Given this option, the user generates the duty cycle by choosing when to drive
and brake. On the other hand, option two enables a complete auto-simulation over the
three transmission stages (acceleration, cruising, and braking). The simulation will be done
automatically based on the provided duty cycle for this option.

Figure 14. User interface illustrating the functionality of the simulation model.

Relying on option two, several drive cycles were adopted to test the simulation model’s
capability over the three transmission stages. The total time frame of the tested drive cycles
ranged from 200 s/cycle to 300 s/cycle, where the acceleration and braking phases required
long times up to 60 s and 40 s, respectively. The acceleration and braking timing is due
to the accumulator’s charging and discharging time, which was selected based on the
experimentally acquired pump data that was limited with a maximum and minimum
pressure around 19.1 MPa and 5.3 MPa, respectively.

One of the tested duty cycles is shown in Figure 15. The figure shows that the physical
system is simulated for 400 s for two consecutive cycles. Each cycle comprises the three
stages of the series hydraulic hybrid transmission (acceleration, cruising, and braking).
During the first cycle, the acceleration phase occurs between 0 and 60 s, the cruising starts
at time = 60 s and continues until time = 140 s, and the re-regenerative braking takes place
within 140 and 180 s. The second cycle starts 20 s after the first cycle, which accounts for
the complete stopping of the vehicle. Similarly, the three transmission stages (acceleration,
cruising, and braking) occur for 60, 80, and 40 s, respectively, during the second cycle.
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Figure 15. The desired duty cycle.

To fully simulate the hydraulic hybrid series transmission system for achieving the
desired duty cycle in Figure 15, it is required to apply the desired operating angular velocity
at the system’s input port and specify its load. The system’s operating RPM is simulated
by applying an input signal builder using a physical velocity source. The transmission’s
total mass was included within the physical paradigms of the utilized hydraulic units and
all components in the Simscape environment. The transmission’s load is simulated using
four Simscape Tire blocks, which simulate the tires by their radius and ideal inertia. In [72],
Valeski approximates the average tire’s weight and diameter to be around 10 kg and 40 cm,
respectively. Thus, the calculated moment of inertia on each tire was around 0.37 kg·m2.
Given the calculated moment of inertia on each tire, a moderate physical torque source
with an ideal moment of inertia of 1.5 kg·m2 was applied at the motor’s shaft. Now, we
explain the operation of the simulation model during each stage.

6.2.1. Acceleration

During acceleration, the accumulator is fully-charged with pressurized fluid, and its
pre-charged pressure is greater than the system’s operating pressure. At this phase, the
pump is off, and thus the accumulator acts as an auxiliary power supply. The accumu-
lator discharges its stored energy into the motor (11), operating in its motoring mode, to
accelerate the vehicle. The valves’ opening/closing operation is controlled based on the ac-
cumulator’s pre-charged pressure. For instance, during this phase, because the pre-charged
pressure of the nitrogen inside the accumulator is greater than the system’s pressure, no
signal is generated at the valve (7). Then, valve (7) is kept at its un-actuated position to
pass the flow through the valve (9) and block it at valve (10).

6.2.2. Cruising

At the end of the acceleration phase, the fluid inside the accumulator starts decreasing,
and the pre-charged pressure becomes below the system’s pressure. Namely, the accumu-
lator discharged almost all its stored energy, and thus the system requires an additional
hydraulic power supply to drive the wheels. At this stage (cruising), the drop in the pre-
charged pressure triggers an electric signal at the engine and forces the clutch to engage the
engine to the rest of the system. The pump starts pumping the fluid from the low-pressure
reservoir (hydraulic tank) into the hydraulic motor (11) that is still operating as a motor to
execute the motion at the wheels. Like the acceleration phase, the fluid is delivered to the
motor through the valve (9), where valve (10) is still closed.
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6.2.3. Braking

During braking, the motor (11) switches to the pumping mode, and the clutch de-
couples the engine from the rest of the system, forcing the pump (5) to shut down. The
pre-charged pressure of the nitrogen gas inside the accumulator drops below the system’s
pressure. At this stage, an electric signal is triggered at valve (7), forcing it to switch to the
second position and thus pumping the fluid through valve 10 and blocking it at valve 9.
The motor utilizes the braking kinetic energy at its output shaft to pump fluid from the
tank into the accumulator converting the mechanical energy into hydraulic energy stored
in the accumulator to be delivered during acceleration.

7. Resulting Outcomes

After introducing the simulation model and discussing its fundamental operation,
throughout the following sections: Sections 7.1 and 7.2, we present the simulation outcomes
resulting from applying the digital motoring/pumping data into units (5) and (11) at
moderate load-speed conditions (1.5 kg·m2 and 700 RPM).

7.1. Pressure-Flow Outcomes

Figures 16 and 17 illustrate the variations in the system’s pressure and flow throughout
the proposed duty cycle. They show the pressure-flow outcomes at different ports in the
system during the three transmission stages (acceleration, cruising, and braking). As shown
in the figures, during the acceleration phase (0 to 60 s in cycle one and 200 to 260 s in cycle
two), the pump’s shaft angular velocity is kept at zero, then triggered after 40 s. The pump
started operating after 40 s because the accumulator had enough stored energy at the start
of the acceleration phase (from 0 to 40 s). Thus, the clutch disengages the engine’s shaft
from the pump’s shaft, causing a zero RPM at the pump’s input shaft. The accumulator acts
as a hydraulic launch assist and discharges its stored energy into the motor. Thus, the flow
rate at the accumulator’s port flows in the negative direction, i.e., from the accumulator into
the system, as shown in Figure 16. A pressure drop of about 10 MPa is created between the
motor’s inlet and outlet ports, as shown in Figure 17, allowing it to convert the hydraulic
energy into mechanical energy enabling the wheels to accelerate until the output shaft speed
reaches 600 RPM. As the accumulator delivers the auxiliary power, the fluid’s pressure at
the accumulator’s port, shown in Figure 16, decreases because the accumulator’s poppet
is still open to deliver fluid to the system. After the accumulator discharges about 80% to
85% of its stored energy, i.e., at time = 40 s, the pump starts operating via the clutch-engine
mechanism maintaining the system’s output angular velocity at about 600 RPM, where
its discharge pressure, captured in Figure 16, increases up to 6–7.5 MPa. After 20 s, at
time = 60 s, the vehicle undergoes the cruising stage. The pump operates at its maximum
speed (700 RPM) with an operating pressure of around 7.5 to 8 MPa. The motor’s output
shaft operates at almost moderate speed (500 RPM). During this stage, the pressure at the
accumulator’s port, shown in Figure 16, is the same as the system’s pressure because the
accumulator’s poppet is closed. Thus, the accumulator is neither charging nor discharging.
After 80 s, the vehicle undergoes the braking phase, in which the clutch starts disengaging
the engine shaft from the pump shaft resulting in a decrease in its RPM. The motor (11)
switches to its pumping mode during this phase, pumping the fluid from the tank into
the accumulator. The pressure at the motor’s outlet port, shown in Figure 17, increases up
to 17.5 MPa causing a high pressure at the accumulator’s port and the pump’s discharge
port, shown in Figure 16. The accumulator starts charging, where its flow rate, shown in
Figure 16, flows in the positive direction, i.e., from the system into the accumulator.
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Figure 16. The resulting pressure and flow simulation outcomes at the pump’s discharge and
accumulator’s ports throughout the desired duty cycle.

Figure 17. The resulting pressure and flow simulation outcomes at the Motor’s inlet and outlet ports
throughout the desired duty cycle.

Figures 18 and 19 show the variations in the accumulator’s fluid volume and the
motor’s pressure drop, respectively, throughout the desired duty cycle for the three trans-
mission stages (acceleration, cruising, and braking). As discussed previously, during the
acceleration phase, the accumulator discharges its stored energy into the motor’s inlet port
to accelerate the motion at the wheels. Thus, the motor operates in its motoring mode. The
accumulator’s discharging process causes a decrease in fluid volume, shown in Figure 18,
and a positive pressure drop of about 10 MPa at the motor, shown in Figure 19. As shown
in Figure 19, the 10 MPa pressure drop across the motor slightly decreases until 5–6.5 MPa.
Then, because the accumulator is neither charging nor discharging during the cruising
phase, its fluid volume, shown in Figure 18, is kept almost constant. During this phase,
the pressure drop across the motor, shown in Figure 19, is maintained at around 7.5 MPa.
During braking, the accumulator’s fluid volume, shown in Figure 18, increases because the
accumulator is charging. A negative pressure drop is created across the motor, as shown in
Figure 19, where the motor is operating in its pumping mode.
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Figure 18. Simulation outcomes for the fluid volume inside the accumulator.

Figure 19. Simulation results for the pressure drop across the motor, i.e., the pressure difference
between the inlet and outlet motor’s pressure.

7.2. Power-Efficiency Outcomes

Figure 20 shows the load-speed outcomes and the resulting mechanical power at the
pump and motor shafts, i.e., the system’s input and output shafts, respectively, throughout
the three transmission stages (acceleration, cruising, and braking). During acceleration,
the pump is not operating, and thus the accumulator is the only power supply in the
system. The accumulator discharges its stored energy into the motor. The motor converts
the hydraulic energy into mechanical energy resulting in an output mechanical power of
around 1300 W in cycle one and about 2000 W in cycle two. The difference in the mechanical
powers in cycles one and two is due to the accumulator’s initial stored energy. During
cruising, the pump starts operating at around 700 RPM, producing an input mechanical
power of about 2100 W. This results in an output mechanical power of around 1000 W at
the motor’s shaft due to the 1.5 kg·m2 inertia added at the wheels. During braking, the
motor switches to its pumping mode. It utilizes the braking energy and converts it into
hydraulic energy stored in the accumulator.

Simulating the system to achieve the desired duty cycle at moderate load-speed
conditions (1.5 kg·m2 and 700 RPM) results in average input power of 876 W at the system’s
input shaft. This results in an average output power of 780 W at the system’s output
shaft, which outputs an overall efficiency of around 89%. This result reveals a significant
improvement in the efficiency of the series hydraulic hybrid drivetrains. Due to the rated
efficiency of the conventional hydraulic pump/motors, the total average efficiency of the
series hydraulic hybrid transmission is around 64% to 81%, which is relatively low [47].
Therefore, the utilization of the state-of-the-art multi-piston digital pump reinforced the
system’s performance by increasing the overall efficiency at least 8% and up to 25%.
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Figure 20. Load-Speed and mechanical power simulation results.

8. Conclusions

The overall average efficiency of series hydraulic hybrid drivetrains is comparatively
low, between 64% and 81%, due to the utilization of conventional variable displacement
pumps that become inefficient when operating at partial displacements. This work esti-
mates and addresses the efficiency improvement of a series hydraulic hybrid transmission
by integrating hydraulic hybrid technology with digital hydraulics. It proposes replacing
the conventional piston pump/motor employed in series hydraulic hybrid drivetrains
with the multi-piston digital pump designed and implemented in preceding works. The
proposed methodology is tested by conducting a physical-based simulation of a series
hydraulic hybrid drivetrain on MATLAB Simscape. The state-of-the-art multi-piston digital
pump is simulated by applying its digital motoring/pumping data into the power supply
units, i.e., pump and motor utilized throughout the simulation model. The adopted simula-
tion model permitted evaluating the performance of the series hydraulic hybrid drivetrain,
and it allowed examining the improvement of the system’s overall efficiency. The final
simulation outcomes resulted in 89% overall efficiency and thus exceeded the conventional
series hydraulic hybrid drivetrain (64% to 81%). This resulting efficiency reveals that the
utilization of the state-of-the-art digital pump enables enhancing the total efficiency of the
hydraulic hybrid drivetrains by at least 8% and up to 25%. The attained 89% efficiency
can also be better enhanced using a more refined digital unit. The digital pump utilized
throughout the simulation model was a proof of concept prototype limited to 700 RPM
shaft speed. Thus, a refined one would run at a broader range of inputs and achieve even
better results. As future work, we aim to transform the proof-of-concept digital pump into
a higher-speed refined unit to test the proposed transmission experimentally.
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